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Abstract

Gear shifts are becoming more and more important as engines are adapted
to low speed and high torque working conditions. Synchronizers are key
components for successful gear shifts. To adapt the synchronizers to future
engines and thus new working conditions, improved development tools are
needed. This thesis includes a comprehensive gear shift and synchronizer
frame of reference section with detailed explanations of how a synchronizer
works. The thesis also presents two types of numerical models that enable
design analyses of the synchronization process.

Fluid-structure interaction models were used to simulate oil evacuation be-
tween the synchronizer cones to assess the synchronizer performance during
the pre-synchronization phase. For the main synchronization phase, thermo-
mechanical finite element models were used to simulate the transient tem-
perature in the synchronizer contact surfaces. To verify and validate the
thermomechanical simulations, both bulk and surface temperature measure-
ments were used, as well as a qualitative comparison of the position of initial
wear marks relative to the position of high surface temperature areas in the
simulation. The validated thermomechanical model was used to predict fail-
ure in molybdenum coated synchronizers. It was shown that the simulated
temperature is a better predictor of synchronizer failure than the commonly
used parameters “synchronization energy” and “synchronization power”.

A methodology to develop friction models based on sliding speed, contact
pressure and surface temperature was developed, and applied for a molybde-
num coated synchronizer.

To allow for improved accuracy of carbon fiber reinforced polymer (CFRP)
lined synchronizer simulations, material data for a CFRP friction lining was
estimated with different test methods. A contact surface temperature thresh-
old where a reduction in coefficient of friction, accelerated wear and formation
of hot spots starts was identified.

To reduce the maximum surface temperature, a relative angle between the
cone contact surfaces can be introduced. The optimum relative cone angle
was determined based on measured geometric deviations for a population of
manufactured synchronizers. It was shown that there is an optimum relative
cone angle that significantly can reduce the maximum surface temperature
during synchronization.

Keywords: synchronization, synchronizers, gear shift, gearbox
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Sammanfattning

Växellådans växlingsprestanda får allt större betydelse. Synkroniserings-
enheter är viktiga komponenter för att kunna åstadkomma snabba och till-
förlitliga växlingar. För att effektivt kunna anpassa synkroniseringsenheterna
till nya arbetsförhållanden och belastningar krävs nya utvecklingsverktyg.
Denna avhandling innehåller ett utförligt kapitel om synkroniserings- och
växlingsteori med en detaljerad beskrivning av hur synkroniseringsenheterna
fungerar. Avhandlingen beskriver även två typer av numeriska modeller, som
har utvecklats för att möjliggöra simuleringar av synkroniseringsförloppet.

För att simulera försynkroniseringsfasens prestanda, dvs. hur snabbt oljan
mellan synkroniseringsytorna trycks ut under försynkroniseringen, användes
kopplade flödes- och stelkroppsmekaniska modeller. För synkroniseringsfasen,
dvs. från den tidpunkt när synkroniseringsytorna kommer i kontakt, användes
termomekaniska finita elementmodeller för att simulera den transienta tempe-
raturfördelingen i kontaktytorna. För att verifiera och validera de termomeka-
niska simuleringarna används både bulk- och yttemperaturmätningar, samt
en visuell jämförelse av nötningsmärkens position på kontaktytorna och posi-
tionen för den högsta simulerade kontakttemperaturen. Den validerade termo-
mekaniska modellen användes för att prediktera haveri i molybdenbelagda
synkroniseringsenheter. Det visades att den högsta simulerade kontakttempe-
raturen under synkroniseringen med större noggrannhet kan användas för att
prediktera haveri än de traditionella parametrarna “synkroniseringsenergi”
och “synkroniseringseffekt”.

En ny modelleringsmetod för hur friktionen i en synkroniseringsenhet vari-
erar under synkroniseringsförloppet, baserat på glidhastighet, kontakttryck
och yttemperatur, har utvecklats.

För att ge ökad noggrannhet vid simulering av CFRP-belagda synkroni-
seringsenheter har materialdata för de tunna vävda lager av CFRP uppmätts
med olika provmetoder. Kontakttemperaturen då friktionstalet börjar minska,
nötningshastigheten ökar och värmefläckar, så kallade “hot spots”, börjar
utvecklas identifierades. För att minska den maximala kontakttemperaturen
under en synkronisering kan de båda interagerande konytorna tillverkas med
en liten vinkelskillnad. Den optimala relativa vinkeln, dvs. den som ger lägst
maximal kontakttemperatur, bestämdes utifrån en population av uppmätta
synkroniseringskomponenter.

Nyckelord: synkronisering, synkroniseringsenheter, växling, växellåda
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Chapter 1

Introduction

Around 35 % of the total cost of ownership for a long haulage truck is fuel expenses
[1], and together with the increased focus on CO2-reduction from authorities [2],
customers and the public [3], it is clear that energy efficiency is one of the main
drivers in truck development. In long haulage operation, roughly 20 % of the energy
losses can be attributed to the powertrain [1], and 80 % of the powertrain losses
arise in the engine [1]. The engine working conditions are heavily influenced by the
current gear ratio, which is a combination of available gear ratios in the gearbox,
rear axle ratio, wheel radius and gear selection strategy [4]. One way to increase
overall vehicle efficiency is to allow the engine to run at a lower speed with a higher
torque [5, 6]. To cope with the power and efficiency demands, such a powertrain
would require more frequent gear shifts [7, 8].

The higher torque from the engine requires gear wheels and a clutch that can
handle the increased torque, leading to a higher moment of inertia of the gearbox.
To combine good startability and low engine cruising speed, the total ratio spread
of the gearbox has to increase, leading to higher rotational speed differences at gear
changes unless more gears are added to the gearbox. As the gearbox is adapted to
future powertrain concepts, future synchronizers and gear shifting systems need to
handle more frequent gear shifts with both higher moment of inertia and rotational
speed difference to synchronize. With more frequent gear shifts, the performance,
i.e. shift times, becomes more important to the overall transportation time as well
as driving comfort. Additionally, increased number of gear shifts put synchronizer
and gear shift system service life and reliability in focus. Engine downspeeding can
partly offset the increased rotational speed to be synchronized. However, in critical
driving situation there is a risk of not being able to complete the gear shift before
the vehicle retardation is so severe that the new gear cannot be engaged without
the risk of engine stalling. In such situations, the gear shift will be performed at
high engine speeds and thus requires a synchronizer that can handle high speeds to
be synchronized.

1



2 CHAPTER 1. INTRODUCTION

The market trend from manual transmissions to 2-pedal∗ systems such as au-
tomated manual transmissions [9] and dual clutch transmissions [10] means the
synchronizer is controlled by actuators and software rather than being under direct
control of the driver. This means that the synchronizer load can be controlled and
an automated trade-off between service life and performance can be made. This
gives a good potential to increase the reliability of the synchronizers by avoiding
overload and misuse situations from e.g. an unintentional selection of the wrong
gear by the driver.

The average profit margin in EU road freight transport 2000-2006 was 3.13 %
[11]. A simplified analysis is to assume a yearly distance of 200 000 km, an average
fuel consumption of 25 l/100km, a fuel price of 1.5 EUR and that 35 % of the total
cost is fuel, suggests that running a truck costs about 215 000 EUR/year. 3 % of
215 000 EUR is less than the cost of replacing a synchronizer. This means that one
synchronizer failure risks eating up a whole years profit.

It is clear that the gear shifts affect the fuel consumption of and emissions
from a vehicle [12], and that there is a lot of potential energy savings that can be
achieved by optimizing engine, gearbox and control software together. It is also
clear that the synchronizer must not fail during the life of the truck. The working
conditions of synchronizers can also be controlled to a greater degree than what has
been historically possible. This gives the gearbox designers new challenges and new
opportunities. Currently, there exist a knowledge gap on how to relate thermome-
chanical conditions in the contact interfaces to synchronizer service life and gear
shift performance. Parameters such as specific energy to synchronize and specific
synchronization power are often used to describe synchronizer load. Such parame-
ters have limitations, which is shown in this thesis. To meet the new challenges and
make use of the new opportunities, detailed knowledge on thermomechanical condi-
tions and its affect on the synchronizer performance and reliability is needed. This
knowledge needs to be implemented in the development tools and methodologies.

1.1 Research objective and motivation

The main motive of this research is a strategy aiming at a more model-based and
simulation-driven process for synchronizer development and validation, i.e. to sig-
nificantly increase the amount of computer simulation in synchronizer development
and validation. The effect of increased use of simulation is potentially shorter time
to market and better product quality. To realize the goal of simulation-driven de-
sign, usable and reliable methodologies and models are needed. Some work is done
on synchronizer simulation, e.g. with SYNTEM [13] or finite element analysis [14].
Gear shift loads follows a distribution, where the primary differentiator between dif-
ferent gear shifts is the rotational speed to synchronize. Much of the work published
focuses on long-term wear of synchronizer from intermediate to high repeated loads

∗Throttle and brake pedal, no clutch pedal
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[14, 15], or on extreme loads which results in almost sudden failures [16], which is
a common cause of complete gearbox failures.

1.2 Research questions

The main research question for this thesis is:

How can the state change (i.e. behavior) of the contact interface in a synchro-
nizer be predicted during pre-synchronization and main synchronization?

The main research question is divided into the following sub-questions:

• RQ1: How can the frictional behavior at transition between pre-synchronization
and main synchronization be predicted?

• RQ2: How does the coefficient of friction depend on the operating conditions
during main synchronization, and how can it be modeled to allow for more
detailed systems simulations?

• RQ3: How do external loads as well as different characteristic design pa-
rameters and their interactions affect the nominal and local contact interface
temperatures during synchronization?

• RQ4: How does the service life of a molybdenum coated synchronizer depend
on the applied load, and how can the engineers developing synchronizers en-
sure that the synchronizer has sufficient service life?

• RQ5: How can the material properties of a CFRP friction lining be estimated,
and how do they influence the surface temperature?

• RQ6: Is there a surface temperature in a synchronizer with CFRP lining,
above which surface damages can be observed and accelerated wear and per-
formance degradation will occur?

• RQ7: How do manufacturing tolerances affect the synchronizers maximum
surface temperature during synchronization? Can the effects be reduced by
changing the nominal design?

• RQ8: How can thermomechanical synchronization models be validated?

The research has been divided into smaller parts that contribute to the overall
goal. In paper A, the oil film thickness during the pre-synchronization is assessed.
This gives an indication of whether the latch cone is able to block the gear en-
gagement at transition between pre-synchronization and the main synchronization
phase. The problem description is thoroughly described in section 2.3.3 - Prevent-
ing unsynchronized gear engagement and 2.3.4 - Pre-synchronization phase, as well
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as section 2.6 - Lubrication regimes for general information. In paper B and paper
C, a thermomechanical simulation model is developed and validated. Validation
is performed using both surface and bulk temperature measurements, as well as
visual inspection of wear marks compared with the highest contact temperature
areas indicated by the simulation. The thermomechanical loading of a synchronizer
is described in section 2.3.5 - Main synchronization phase, and background infor-
mation of sliding contact and thermomechanical loads are available in section 2.7 -
Sliding contacts and surface temperature. In paperD, a friction model is developed
for molybdenum coated synchronizers based on a combination of physical testing
and simulations. The model can be used to evaluate e.g. rigid body motion of
synchronizer components [17]. In paper E, the load limit for molybdenum coated
synchronizers is investigated, i.e. the load where the synchronizer fails after a few
cycles. It is shown that the service life of the synchronizer as a function of load, in
this case rotational speed to synchronize, is highly non-linear, where a slight reduc-
tion in load yields a significantly longer service life. In paper F, the temperature
dependent material properties of a carbon fiber reinforced polymer (CFRP) lining
is estimated. A material data sensitivity analysis is performed to evaluate the rel-
ative importance of each material parameter. Simulations using the material data
suggest at what temperature levels hot spots, accelerated wear and a reduction in
coefficient of friction start to appear. In paper G, the effect of manufacturing toler-
ances on the local thermomechanical load is assessed for both molybdenum coated
and CFRP lined synchronizers. Based on data for real manufacturing geometric
deviations, distributions of thermomechanical loads are estimated. It is shown that
it is possible to reduce the maximum surface temperature by introducing a rela-
tive angle between the cones contact surfaces. The optimum relative cone angle
is estimated based on measured synchronizer geometric deviations. This directly
influences the synchronizer population robustness. The contribution of the seven
papers to the overall goal is presented in Figure 1.1.

1.3 Thesis outline

Chapter 1 gives a short introduction to how gear shifts and synchronizers affect
the performance and reliability of the complete vehicle, and why more research is
needed on the topic. Chapter 2 gives detailed background information of synchro-
nization and gear shifts in general exemplified by a heavy duty truck gearbox and
its synchronizers. It also provides the theoretical background for topics needed for
this analysis, such as sliding contacts and contact modeling. Chapter 3 presents
the research methodology used in the thesis. Chapter 4 presents the results. In
chapter 5, the appended papers are summarized. Chapter 6 contains a discussion
about the work and results, ideas for future work, and the conclusions from this
thesis.
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Figure 1.1: Contributions to the overall goal by the appended papers.

1.4 Swedish transmission cluster

Sweden is one of the leading nations in development and manufacturing of trans-
missions for heavy duty vehicles. Swedish companies supplies gearboxes to four†
of the seven‡ leading European manufacturers of heavy duty commercial vehicles
(Gross vehicle weight, GVW >16 000 kg) with a combined European market share
(2014) of about 56 % [18]. In Sweden, more than 5000 persons work with develop-
ment or manufacturing of heavy duty transmission systems. To help maintain this
position, the Swedish transmission cluster was founded in 2011 as a collaboration
between Scania CV AB, Volvo Group Trucks Technology, KTH Royal Institute of
Technology and Chalmers University of Technology. The purpose is to support and
synchronize technology-neutral transmission related research as well as influence
education at both Master and Doctoral level. The cluster is partly financed by

†Scania CV AB supplies MAN Truck and Bus AG, Volvo Trucks supplies Renault Trucks
‡The previously mentioned manufacturers as well as Mercedes-Benz Trucks, DAF Trucks NV

and Iveco.
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the Swedish Governmental Agency for Innovation Systems, VINNOVA. This thesis
joins previous theses in the cluster such as investigation of churning losses and ef-
ficiency in gearboxes [19], lubricant flow and CFD methodology [20], running-in of
gear wheels [21] and surface stress evolution during running-in [22]. In addition to
this thesis, the current project includes development of models and a methodology
for Pareto optimization of synchronized gear shifts on a system level, i.e. the syn-
chronizer and its surroundings [17]. A project researching transmission vibrations
has also started [23, 24]. The cluster focuses on transmissions for heavy duty trucks
with European classification N3 (GVW >12 000 kg) [25], which is roughly equiva-
lent to US class 8 (GVW >33 000 lb, or about 15 000 kg) [26]. However, the results
might be transferable to other types of high-performing transmissions as well.



Chapter 2

Frame of Reference

This chapter provides background information to the presented research. Section
2.1 describes the general trend towards virtual product development, and shows
some advantages of computer simulations. In section 2.2, general gear shifting
principles, exemplified by a heavy truck transmission, are introduced. Section 2.3
provides an extensive background of the inner workings of a synchronizer, including
how to prevent gear engagement during asynchronous rotational speed and synchro-
nizer failure modes. Section 2.4 briefly presents an example of a pneumatic ma-
neuvering system, which applies the axial force to the synchronizer. In section 2.5,
other means to synchronize a gearbox and novel uses of synchronizers are presented.
Section 2.6 briefly presents the traditional lubrication regimes, and how they relate
to a synchronizer. In section 2.7, sliding contacts and thermomechanical instability
are presented, with an example from a molybdenum coated synchronizer. Finally,
in section 2.8, methods and challenges related to contact simulation are presented.

2.1 Simulation-driven product development

The customer demands on the product and the product complexity increases, and
stricter legislation such as emission and efficiency standards are introduced. Conse-
quently, the challenges, costs and risks in product development increase. To allow
for better products with shorter time to market, new development methodologies
and processes are needed. The trend in product development is to use computer
simulations to a large extent [27]. Systematic use of simulations during product
development is often referred to as model-based and simulation-driven design [28].
Concepts and solutions can be virtually assessed before prototypes are ordered.
The advantages compared to the old design-build-test method are many and the
potential effects on product quality and development time are huge. Product per-
formance can be improved by better knowledge of the product limitations and
operations, weight can be reduced by optimizing topology [29], reliability and ro-
bustness can be increased by identifying weak spots that can be improved [30],

7
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acoustic emissions can be reduced by altering the stiffness of the product [31], and
so on. More iterations in the product development can be performed since sim-
ulations can be very time efficient, once you have the right models for the task,
compared to manufacturing and testing physical prototypes [27]. Cost can also
be reduced, since less physical prototypes and test rigs are needed. Simulations
can also give answers to questions on a phenomenon level that testing cannot due
to limitations in measurement techniques and feasibility of measuring all relevant
positions and all physical phenomena [32]. In short, better knowledge about the
product and its interactions with the surroundings can give a better product due
to better tools that assist development [33].

Advanced simulations can include several physical phenomena, i.e. multiphysics
effects, complex geometries and materials as well as local interactions between parts.
However, decisions based on incorrect simulations can have huge consequences on
performance and reliability of the finished product [34]. Therefore, model verifica-
tion and validation are important [35, 36].

Many physical phenomena require treatment of several independent variables
such as shape (between 1 and 3 dimensions) and time (for transient analysis), as
well as dependent variables such as temperature and displacement. The problem
can often be described by partial differential equations (PDE). While analytical so-
lutions to some PDEs exist, it is generally impossible to find an analytical solution
for real world engineering problems. However, the solutions can be approximated
by numerical methods [37]. The most commonly used is the Finite Element Method
(FEM, sometimes referred to as Finite Element Analysis, FEA, or Finite Element,
FE). The geometry, or simulation domain, is discretized into smaller elements. The
geometry can preferably be imported from the Computer-aided design (CAD) sys-
tems the design engineers use. The discretized geometry is often called “mesh”. An
example of original and discretized geometry is available in Figure 2.1. An approx-
imation of the solution is made in each discrete element, and then the elements
are patched together to a global solution [38]. For transient cases, the time is also
discretized. Numerical methods are used to find the solution [39, 40]. Since the
accuracy of the global solution depends on the per-element solution, the elements
have to be sufficiently small so that the local approximation is valid [41]. However,
smaller elements increase the number of elements, thus increasing computational
time.
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(a) (b)

Figure 2.1: (a) Continuous CAD geometry and (b) discretized approximation of geometry
that can be used in FE simulations.

2.2 Gear shift in heavy truck transmissions

The following description is based on a Scania range-splitter gearbox and synchro-
nizer, but general enough to apply to most heavy duty gearboxes. Figure 2.2 shows
an example of a heavy duty truck gearbox. It consists of an input shaft (1), lay shaft
(2), main shaft (3) and output shaft (4) mounted in the gearbox housings (5-7).
The gearbox can be described as three serially connected gearboxes: the splitter,
the main gearbox and the range unit. The splitter consists of gear wheel pairs 8
and 9. The main gearbox consists of gear wheel pairs 11 for 1st gear, 10 for 2nd
gear, 9 for 3rd gear, 12 for the crawler gear, 13a for the reverse gear. The reverse
idler gear wheel is schematically shown as 13b. The range unit is a planetary gear,
where the ring gear is locked to the sun gear via 19a for high range gear, or to
gearbox housings 6 and 7 via 19b for low range gear. This gives 2 · 3 · 2 + 2 = 14
forward gears and 2 reverse gears, since crawler and reverse is not allowed on high
range gear. Table 2.1 shows the possible combinations.
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Figure 2.2: Section cut of a heavy duty truck gearbox (Scania GRS905), including power
flow for gear 7 and close-up of splitter synchronizer. The reverse idler gear is schematically
shown.

Table 2.1: Gear number based on splitter, main gearbox and range position (Scania
GRS905).

Main gearbox Low range High range
Low split High split Low split High split

1 1 2 7 8
2 3 4 9 10
3 5 6 11 12
Crawler CL CH Not used Not used
Reverse RL RH Not used Not used

The clutch disc (not shown in Figure 2.2), which is mounted on the input shaft
(1), transfers the torque from the engine to the gearbox. The torque is transferred
via the active split gear wheel pair (8 or 9) to the lay shaft, and then to the main
shaft via the selected main gearbox gear (9-13) and to the output shaft via the
range gear (14, via 19a or 19b). The output shaft is connected to the propeller
shaft, which is connected to the wheels via the rear axle, half shafts and potentially
the hub reductions. The gear wheels on the lay shaft (2) are rotationally locked
to the shaft or integrated into the shaft itself. The gear wheels on the main shaft
(3) and input shaft (1) are free to rotate around their shaft. The gear wheels in
each gear wheel pair (8-13) are in constant mesh with each other. To transfer
the driving torque, the rotatable gear wheel is connected to its shaft by axially
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displaceable shift sleeves (15-18). Note that gear wheel 9 is used for both splitter
and main gearbox gear, and if gear wheel 9 is engaged by both shift sleeve 15 and
shift sleeve 16 the direct-drive is engaged, and the torque is not transferred to the
lay shaft thus eliminating load dependent mesh losses and increasing efficiency. For
the unsynchronized reverse gear and crawler gear, a dog clutch (18) is used instead
of the synchronizer. The blue line schematically shows the power flow for gear 7.
The gearbox is available as both a manual transmission (MT) variant and as an
automated manual transmission (AMT) variant. For the AMT variant, the gear
lever and gear linkage is replaced by pneumatic actuators. For the driver, the truck
and gearbox is then operated similarly as a conventional automatic transmission.

As an example, assuming the retardation of the vehicle during gear shift is
negligible, a gear shift from 2nd to 3rd main gearbox gear, without any split or
range shift, would be:

1. Initial states. The wheels rotate at a constant rotational speed, which makes
the output shaft rotate at a constant rotational speed. In the example, the
range is not shifting, so the main shaft also rotates at a constant speed. The
rotational speed difference between the main shaft and the gear wheel to be
engaged is determined by the difference in gear ratio between current and
target gear as well as rotational speed of the main shaft.

2. Open the clutch. The transfered torque over the clutch is reduced so that
the elastic deformation of the propeller shaft and half shaft is reduced to avoid
oscillations in the gearbox. The gearbox is disconnected from the engine by
separating the clutch disc from the flywheel and pressure plate.

3. Engage neutral gear. Main gearbox shift sleeve is moved to neutral posi-
tion.

4. Synchronize the rotational speeds. Since a new gear ratio will be en-
gaged, there exist a relative rotational speed between the main shaft and the
gear wheel to be engaged. Thus the gear wheel has to be braked to the target
rotational speed, which means braking the lay shaft, all meshing gear wheels,
the input shaft and the clutch disc. Note that a downshift would require
speed increase of the previously mentioned components. Synchronizers can
be used to synchronize the relative rotational speeds. Some alternatives to
synchronizers are presented in section 2.5 - Other means to synchronize a
gearbox and novel uses of synchronizers.

5. Engage gear. Main gearbox shift sleeve is moved to the engaged position
for the target gear.

2.3 Synchronizer background information

Synchronizers have been used for almost 100 years [42], and represent one of the
biggest improvements made in the history of automotive transmissions [43]. It is a
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mechanical machine element that synchronizes the rotational speed of the gearbox
during gear shifts and prevents gear engagement during asynchronous rotational
speeds. Figure 2.3 shows the single cone synchronizer used in the gearbox in Figure
2.2. The driver component is connected to the input shaft (1 in Figure 2.2) for
the splitter synchronizer (15) and to the main shaft (3) for 2nd/3rd and 1st gear
synchronizers (16, 17). The shift sleeve is mounted on the driver and can move
axially. The protruding blockers of the latch cone are mounted in the slots in
the driver. The coupling disc is mounted on the gear wheel, and the inner cone
is mounted in the holes of the coupling disc (note that this differs slightly for
double and triple cone synchronizers). A friction lining is applied to the latch
cone, in this case flame sprayed molybdenum. Sintered bronze, CFRP or carbon
based compounds are also commonly used [44, 45]. To transfer driving torque, the
coupling disc is locked to the driver by the shift sleeve. The teeth on the coupling
disc and the teeth in the shift sleeve have a “locking function”, which prevents gear
disengagement during torque transfer. The locking function is often in the form of
a backwards taper angle. The wire spring temporarily prevents gear engagement
at start of synchronization.

A gearbox generally contains single cone, double cone, and triple cone synchro-
nizers. The different synchronizers in the gearbox have different loads since they act
on different gears. At lower gear, the inertia to synchronize is significantly higher
than at higher gears [46]. For example, the gearbox in Figure 2.2 has an inertia
of 2.62 kg m2 at 1st/7th gear, and 0.44 kg m2 at 5th/11th gear. However, at lower
gears the speed differences are generally lower, for example a shift from 9th to 7th
gear with an engine speed of 1500 RPM after the shifts yields a speed difference
of 181 RPM (formulas available in reference [47]), while a shift from 9th to 11th,
with an engine speed of 1500 RPM before the gear shift, gives a speed difference
of 432 RPM. Something that complicates things further is that the driver behavior
or the Gearbox Management System (GMS) gearshift strategy likely is different at
low and high gears. However, it is clear that a lower gear has a higher inertia to
synchronize, while a higher gear generally has a larger initial speed difference to
synchronize. Preferably, the synchronization time for each gear should be similar
and the synchronizers are used to their limit. This means that different synchroniz-
ers are needed for the different gears. Figure 2.4 shows the Scania modular system
for synchronizers where a single cone, double cone and triple cone synchronizer can
be built from common parts and parts with small differences between the variants.
The shift sleeve, driver and wire spring are common parts between the systems.
The coupling disc is common between the single and double cone synchronizer, and
similar but with an integrated cone for the triple cone synchronizer. The latch
cones are similar, but the lugs connecting to the connected cone marked in green
as well as the blocker teeth angle differ. The green cone has no cone interface on
the inner diameter for the double cone synchronizer. To the reduce the complexity
in both simulation and testing, this thesis focuses on single cone synchronizers.
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Figure 2.3: Example of synchronizer, Scania’s current (2018) single cone synchronizer.

(a) (b) (c)

Figure 2.4: Scania modular synchronizer system. (a) Single cone synchronizer. (b) Double
cone synchronizer. (c) Triple cone synchronizer.
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2.3.1 Related work

Synchronizers

Synchronizer research can take many forms. Lovas et al. divided the synchroni-
zation process into 8 phases and simulated the entire synchronization process [48].
Disturbances in the form of stick-slip between the cones as well as in the sleeve
splines were introduced and analyzed. The double bump phenomenon was inves-
tigated. Paffoni et al. investigated the oil squeeze during the pre-synchronization
phase [49], and concluded that radial grooves appear to be better than circumfer-
ential grooves to evacuate the oil between the cones. Moir investigated the gear
shift quality, namely the shift force, shift feel, and shift definition [50]. This work
was later used to develop the Ricardo Gearshift Quality Assessment (GSQA) tool.

Kinugasa et al. measured and simulated the contact surface temperature of a
brass synchronizer [16]. They found that at over 180 ◦C, the wear rate as well as the
risk for clashing increased (i.e. gear engagement at unsynchronous speed, see 2.3.9
- Synchronizer failure modes for more information). Lösche et al. experimentally
investigated the wear of a molybdenum coated synchronizer for light duty truck as
well as a brass synchronizer for passenger cars [15]. They developed a semi-empirical
wear model using a “duty parameter” that depends on sliding speed, contact pres-
sure and rotational energy to synchronize. They found good correlation between
measured and calculated wear, and hypothesized that this “duty parameter”’ re-
flects the contact surface temperature. Spreckels found that for molybdenum coated
synchronizers for light duty trucks, both coefficient of friction and wear rate depend
on the loading [51]. He simulated the contact temperature on grooved synchronizers
and found that the temperature correlates well with the onset of heavy wear. Poll
and Spreckels also investigated the effect of cone angle differences on molybdenum
coated synchronizers [52], and found that small angle differences can have a large
impact on the contact surface temperature. Acuner et al. simulated the effect of
small cone angle differences for carbon lined synchronizers, and verified by physical
testing that a synchronizer with a small angle difference had significantly longer
service life than the serial design [53]. Neudörfer performed a similar study as
Spreckels, but expanded it to include both molybdenum coatings, sintered friction
linings, and carbon linings for passenger cars [14]. He found that the risk of clashing
increased as the carbon lining exceeded the thermal decomposition temperature.

Wanli et al. tested a molybdenum coated synchronizer until failure and found
that the surfaces roughness had decreased from Rq 0.45 µm and 0.72 µm to 0.24 µm
and 0.33 µm for the synchronizer ring and cone, respectively. Acuner tested different
kinds of carbon based linings under high and very high loads [13]. The FVA∗-
developed program SYNTEM as well as FE models were used to simulate the
surface temperature.

∗Forschungsvereinigung Antriebstechnik, the (German) Research Association for Drive Tech-
nology [54]
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Several studies have also been performed to determine the influence of the lu-
bricant. Bouffet developed a pneumatically actuated synchronizer tribometer and
tested brass synchronizers [55]. Two design of experiments were performed, one at
low load and one at high load, and the coefficient of friction was evaluated at dif-
ferent sliding speeds. In both cases, the synchronizer type was the most important
parameter, followed by the oil viscosity and friction modifier. Brown et al. tested
three different friction modifier systems using the same PAO base oil and EP/anti-
wear package for brass, molybdenum coating, phenolic and two kinds of carbon
friction lining for the synchronizer [56]. Three parameters, namely Durability, Shift
quality and Wear, were compared. The Durability parameter was related to the
friction changes over 10 000 cycles. The Shift quality parameter was based on the
friction-speed dependency, where a “flat” profile is advantageous. The Wear pa-
rameter was determined by measuring the weight loss after the test. It was shown
that the frictional behavior when using different lubricants is strongly dependent
on lining material, especially when comparing metallic to non-metallic linings. The
wear was in most cases low and thus hard to differentiate between the test cases.
A follow-up study is performed with focus on analyzing the surfaces with different
surface analysis techniques [57]. Auger Electron Spectroscopy (AES) and argon
sputtering were used to determine elemental concentration at different depths for
brass and molybdenum coated synchronizers. It is shown that the lubricant that
generated the thickest tribofilm had best frictional and wear behavior for brass
synchronizers, but no such correlation was found on molybdenum coated synchro-
nizers. Since AES could not be used on non-conductive samples, the phenolic and
carbon synchronizers were analyzed using Scanning Electron Microscopy (SEM)
and Energy Dispersive Spectroscopy (EDS). The authors claimed that phenolic
and carbon synchronizer linings are becoming increasingly popular due to their low
interaction with the lubricant. The EDS elemental maps suggest that the silicon
supporting matrix had reacted with the lubricant, which might be the reason for
the different frictional behavior when using the different lubricants. Gangvekar and
Deshmane resolved early (<10 000 km) clashing by grit blasting brass synchroniz-
ers for a passenger car. A 20 % higher coefficient of friction was achieved, better
friction stability and higher wear resistance was achieved [58].

Walker wrote an extensive thesis on shift dynamics of dual clutch transmission
(DCT), analyzing gear shift on a systems level [59], including hydraulic system,
drag torque, and feedback control strategies. Alizadeh et al. designed a closed-
loop control system for a solenoid actuator to keep the synchronizer in the mixed
lubrication regime to minimize wear [60]. When using the controller in a laboratory
scale test rig, the synchronizer operated in the boundary lubrication regime for
220 ms and in the mixed lubrication regime for 1420 ms, while the uncontrolled
system operated for 830 ms and 470 ms in the boundary and mixed lubrication
regime, respectively.

M’Ewan has an interesting section on the effect of vehicle scale on synchronizer
design [61], and found that synchronizers for larger vehicles are more “difficult”
to design. He concludes that if a vehicles size is increased by a factor n, the
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synchronization torque must increase by n3 to achieve similar synchronization time.
It is proposed that the maximum cone size increases approximately linearly with
vehicle size, and thus the axial force needs to increase by a factor n2. While a
modern heavy duty truck is likely outside the domain where the assumptions are
valid, it shows that synchronizer design is vehicle class specific, and the bigger the
vehicle the bigger the demands are. Table 2.2 presents some differences between
single cone synchronizer dimensions and loading between an European heavy duty
truck and passenger cars. Data for passenger car synchronizers are taken from
the CEC L-66-99 [62] synchronizer test standard, which likely represents relatively
tough operations to reduce test time. These values should not be interpreted as
general values for all variants and applications, but as an approximate comparison.

Table 2.2: Comparison between truck and passenger car single cone synchronizer dimen-
sions and load.

Unit Truck Passenger car Ratio
Cone diameter mm 170 80 2.1
Cone width mm 12.5 8 1.6
Cone area mm2 6500 2000 3.3
Inertia kg m2 0.4 0.04 10
Speed difference RPM 500 1100 0.5
Sliding speed m/s 4.5 5.3 0.8
Force N 2500 720 3.5
Contact pressure MPa 4 3 1.3
Life expectancy Cycles 1 000 000 200 000 5
Gearbox type − 90 % AMT Mostly MT −

Wet clutches

Wet clutches are in many regards similar to synchronizers. Saito et al. tested
the wear behavior of paper based wet clutches, and simulated the temperature
distribution [63]. They found that the initial high, transient wear was governed by
the contact pressure and the work energy, while the lower steady state wear after
some thousand cycles was governed by the maximum temperature and work energy.
Ohkawa et al. investigated how the elasticity of the friction material affected the
dynamic coefficient of friction as well as the highest manageable load [64]. The load
was evaluated by the newly defined Energy-Power Absorbing Capacity, which is the
product of the (specific) kinetic energy during one engagement and the maximum
(specific) absorbed power during that engagement, with the unit J/cm2·kW/cm2.
It was shown that for lower apparent elastic modulus, the dynamic coefficient of
friction is higher than for high modulus materials. Four different types of material
(elastomerics, paper, graphitics and sintered bronze friction lining) follow a linear
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trend when plotted in a lin-log relationship (linear y-axis representing the coefficient
of friction, logarithmic x-axis representing the apparent elastic modulus). For the
load capacity, paper based linings seem relatively insensitive to changes in apparent
elastic modulus, while the other material types have a strong load capacity-apparent
elastic modulus relationship. It was found that the hot spot size was proportional
to the inverse of the apparent elastic modulus. It was believed that the reason is the
real contact area depends on the apparent elastic modulus. Okabe et al. tested wet
clutches for forklift trucks, and developed simplified thermal models by mapping
the measured temperature to the absorbed energy and the absorbed energy rate
[65]. Additionally, a T-N (temperature-cycles to damage) curve was developed for
the friction material, and a S-N (stress-cycles to damage) curve was developed for
the mating plate. Under 250 ◦C, the mating plate deformation occurred before
the friction material damage, and over 250 ◦C friction material damage occurred
before mating plate deformation. Usage data from end users was used to identify
damaging situations, and it was clear that certain usage patterns promoted either
mating plate deformation, friction material damage, or both. Hirano et al. tested
wet clutches using a speed step test with 9 cycles per step [66]. The formation of hot
spots was found by comparing the scatter in the separator plate temperature under
the 9 cycles, as well as the scatter in the torque curve for the 9 cycles. This was
verified by visually comparing plates before the step the indicated hot spots and
after the steps of indicated hot spots. Parameters Qs1 =

∫ tqmax

0 q̇dt (cumulative
energy from initial engagement to the time of maximum power) and Vc, the critical
speed for formation of hot spots, were defined. The “Region of Hot spot formation”,
based on Qs1 and VC , was also defined. A new friction material was developed with
improved hot spot resistance.

Marklund et al. investigated friction characteristics in wet clutches using a
limited slip clutch (LSC) test rig [67]. The coefficient of friction from the LSC
was then expressed as a function of the sliding speed and four coefficients C1 to
C4, where the coefficients depend on the temperature and applied axial load. The
model is valid in the boundary lubrication regime. Marklund and Larsson tested
wet clutch friction characteristics in a pin-on-disc test rig. The pin was modified
to act as a holder for a small sample of the friction disc [68]. A friction model
where the friction depends on the sliding speed and the interface temperature was
developed. The tests showed good correlation with full scale wet clutch tests. Saito
et al. developed a method to predict the total torque from a wet clutch installed in
an automatic transmission (AT), including effects from gear misalignments [69]. A
good correlation between measured and simulated torque was found, even for large
gear misalignments and clutches from high-torque AT.

Rank and Kearsey showed a general ranking of strengths and weaknesses of
molybdenum coating, paper based linings, sintered friction lining and carbon fric-
tion linings for limited slip differential applications [70]. Four different types of
carbon linings were also compared, namely woven, CVD, non-woven (composition)
and two-ply (where a conventional paper type friction material is layered with a
surface of almost pure carbon). Generally, the authors suggest that carbon linings
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have good or very good properties compared to the other materials, except for cost
and friction level. Different carbon linings are tested both for frictional behavior
and durability. Six different oils were tested, and it was shown that the oil sensi-
tivity is relatively low. Oldfield and Watts tested the low speed (<2.5 m/s) friction
behavior for three different carbon fiber materials and compared them to a Kevlar
(i.e. aramid fiber) based and a paper based material [71]. Several different lubricant
formulations were used, namely an unformulated base stock as reference and the
base stock with 7 different “friction enhancers”’ and 7 different friction modifiers.
It was concluded that the carbon linings had better frictional properties when using
the base stock compared to the non-carbon linings, but worse frictional properties
when using a conventional automatic transmission fluid. The results show that
different lubricants are needed to maximize the benefits of the carbon linings.

2.3.2 Different phases of synchronization
Many definitions exist for synchronization phases [48, 72, 73, 74, 47]. Figure 2.5
shows in-truck measurements of an automated manual transmission gear shift, as
well as the teeth positions for five different synchronization phases used in this
thesis:

1. Neutral. Initially, the shift sleeve is in the neutral position (around 50 %
of total stroke length in the pneumatic actuator, since there is an in-gear
position on both sides of the neutral position).

2. Pre-synchronization. The shift sleeve leaves the neutral position to ener-
gize the spring system. The spring system temporarily prevents gear engage-
ment, i.e. the spring system force FSpring exceeds the axial force applied on
the shift sleeve FAx, as explained in section 2.3.4 - Pre-synchronization phase.

3. Main synchronization. The rotational speed is synchronized. During this
phase, the latch cone blocks the gear engagement. Note that the position
of pre-synchronization and main synchronization is approximately the same.
The shift sleeve does not move significantly in the axial direction during main
synchronization. A small movement can be seen in the measured data, but
it is due to initial clearances closing and elastic deformation of components.
The main synchronization phase is further described in section 2.3.5 - Main
synchronization phase.

4. Blocker release. Synchronous rotational speed is reached, and the latch
cone blocking function is released.

5. Gear engagement. The shift sleeve is moved to an engaged position. Since
the relative angular position of the shift sleeve and the coupling disc is stochas-
tic, the shift sleeve might or might not come into contact with the coupling
disc teeth [47, 75].
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(a)

(f)(e)(d)(c)(b)

Synchronization phases

Figure 2.5: (a) Stroke position, main shaft rotational speed, lay shaft rotational speed
and calculated gear wheel rotational speed during synchronization, measured in truck.
Synchronization phases schematically shown. (b) Phase 1: Neutral. (c) Phase 2: Pre-
synchronization, FAx < FSpring. (d) Phase 3: Main synchronization, FAx ≥ FSpring. (e)
Phase 4: Blocker release. (f) Phase 5: Gear engagement.

Many synchronization process definitions also include gear disengagement before
neutral position phase, and a free-flight phase after leaving neutral position and
before entering pre-synchronization phase and a teeth-teeth contact phase during
gear engagement. In this thesis, the pre-synchronization and the main synchroni-
zation phases have been studied.

2.3.3 Preventing unsynchronized gear engagement

To allow synchronization of the rotational speed, gear engagement must be avoided
during synchronization. The latch cone is mounted on the driver component with
a small rotational clearance. When the latch cone is positioned in either of its
extreme positions as shown in Figure 2.6a, the teeth block the axial motion of the
shift sleeve, as shown in Figure 2.6b, preventing gear engagement. Two torques act
on the latch cone: the cone torque, TC , and the index torque, TI [76]. The cone
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torque arises from the friction between the latch cone and the inner cone, and seeks
to reduce the rotational speed difference between the cones to zero as well as to
move the latch cone towards its extreme position. The cone torque is [76, 77]

TC = FAx ·
n∑
i=1

(
µCi

·RCi

sin(αi)

)
(2.1)

n is the number of cones, FAx is the axial force acting on the latch cone, µC is
the coefficient of friction between the cones, RC is the radius of the cones and α
is the cone half angle. The index torque, which seeks to rotate the latch cone into
its center position so that the shift sleeve can pass the latch cone teeth, can be
calculated by [76, 47]

TI = FAx ·RB ·
(

1 − µB · tan(θB)
µB + tan(θB)

)
(2.2)

where RB is the radius of the teeth-teeth contact, θB is the angle of the blocker
teeth and µB is the coefficient of friction in the teeth-teeth contact. During synch-
ronization, the inequality TC > TI has to be fulfilled to ensure that the gear cannot
be engaged. The geometric definition of RC , RB , α and θB can be found in [47].
µB has a lower contribution to the torque balance than µC [78]. The lowest value
for the coefficient of friction, µCmin, for a single cone synchronizer that still blocks
the gear engagement, can be determined by

µCmin
= RB
RC

· sin(α) ·
(

1 − µB · tan(θB)
µB + tan(θB)

)
(2.3)

Driver

RB

Coupling disc

Latch cone, 

blocking position

Shift sleeve

Teeth contact, blocked engagement

Rotational clearance(a) (b)

TC TI

Figure 2.6: (a) Rotational clearance between latch cone and driver. Note that TC and TI

act on the latch cone. (b) Latch cone in blocking position. Note the overlap of the teeth.
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2.3.4 Pre-synchronization phase
At the beginning of synchronization, the conical surfaces are covered by lubricating
oil and there is a risk that the synchronizer is in the full film lubrication regime
(presented in section 2.6 - Lubrication regimes). This means that there is a risk
µC is lower than µCmin, meaning the latch cone cannot block gear engagement.
Therefore, another system to prevent gear engagement is needed. For the synch-
ronization system studied here, a wire spring is used as pre-synchronization spring
system. Another common design is to use radial spring-loaded plunges or detents
[79, 80]. To move the shift sleeve axially past the pre-synchronization position, the
spring has to be compressed, which requires a certain axial force. Before this axial
force is reached, gear engagement is prevented. The process is schematically shown
in Figure 2.7. The oil film thickness decreases as the oil is squeezed out from the
contact interface. The coefficient of friction, here schematically shown, increases as
the lubrication regime transitions from full film lubrication to boundary lubrica-
tion. At the start of pre-synchronization, the spring system needs to prevent gear
engagement. When the coefficient of friction exceeds µCmin, the latch cone can
block gear engagement.
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Figure 2.7: The two different mechanisms to prevent gear engagement plotted against oil
film thickness and schematic coefficient of friction. The green lines schematically represent
transitions between lubrication regimes.

The transition between pre-synchronization phase and main synchronization
phase occurs when the axial force applied to the shift sleeve, FAx, exceeds the
spring system force, FSpring. Some rotational speed synchronization can occur
during pre-synchronization, since even the low value for the coefficient of friction
in the transition between the mixed lubrication regime and the full film lubrication
regime gives a small synchronization torque. However, when the transition to the
main synchronization phase is complete, the latch cone must be able to block gear



22 CHAPTER 2. FRAME OF REFERENCE

engagement since the spring system can no longer prevent gear engagement.

2.3.5 Main synchronization phase
During the main synchronization phase, the rotational speed difference is reduced
to zero. The lubrication regime is generally boundary lubrication. To be able to
engage the gear when synchronization is finished, the axial force has to be higher
than the spring system force. The coefficient of friction needs to be high enough
for the latch cone to block gear engagement. A high coefficient of friction also
leads to good synchronization performance, i.e. low synchronization time. The
acceleration or braking of a gearbox subsystem leads to frictional heating of the
contact interface. The following external parameters have been identified as the
main loading parameters during synchronization:

• Rotational speed difference to synchronize [14, 51].

• Axial force during synchronization [14, 51]. The transient axial force from a
pneumatic actuator can be approximated by

FAx =
{
ḞAx · t t ≤ Fmax/ḞAx

Fmax t > Fmax/ḞAx
(2.4)

ḞAx is the axial force ramp, t is the time and Fmax is the maximum axial
force the actuator can deliver. For a manual transmission, the axial force is
based on the drivers input, which can be hard to describe mathematically
since every driver and gear shift is different [50].

• Moment of inertia to synchronize. The moment of inertia of every component
that will be synchronized is reflected to the gear wheel to be synchronized by

IR =
∑

Iz · i2z (2.5)

IR is the reflected moment of inertia, Iz is the moment of inertia of component
z, and iz is the gear ratio between component z and the gear wheel to be
synchronized [14, 47, 76]. Generally, the moment of inertia to synchronize, I,
is equal to IR.

• Acceleration of the shaft during gear shift due to vehicle acceleration. This
can either assist or counteract synchronization. An example is available in
Figure 2.8, where the transient rotational speed difference is affected by the
acceleration of the shaft.

• Drag torque, which either assists or counteracts synchronization depending
on up- or downshift, since the drag torque seeks to reduce the rotational speed
of the affected component [47].
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• Clutch drag, i.e. that the clutch transfers torque from the flywheel when
the clutch is supposed to be disengaged. This can either assist or counteract
synchronization, depending on flywheel and clutch disc rotational speeds as
well as up- or downshift.

• Shift frequency and gearbox/oil temperature, which affect the initial temper-
ature of the synchronizer [14].
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Figure 2.8: Effect of main shaft acceleration on synchronization time and transient speed
difference. In this case, the main shaft acceleration due to vehicle acceleration increases
the synchronizer load.

These external loading parameters can be combined into what Lösche et al. called
“duty parameters” [15]. In this thesis, these following duty parameters are consid-
ered:

• Specific energy to synchronize, i.e. energy per (nominal) unit area.

• Specific synchronization power, i.e. power per (nominal) unit area.

• Surface temperature or surface temperature increase.

These duty parameters are defined in paper E.

2.3.6 Synchronizer wear and wear gap
The maximum permissible wear in a synchronizer, disregarding secondary effects
such as wear particles damaging bearings or clogging the oil filter, is determined
by:
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• Changes in frictional behavior due to wear, which leads to loss of blocking
function and thus clashing. This ranges from changed surface texture to
complete removal of friction lining.

• The wear gap, shown in Figure 2.9. Wear, as well as plastic deformation,
causes the axial position of the latch cone during the main synchronization
phase to move towards the coupling disc. If the latch cone touches the cou-
pling disc, the contact pressure between the latch cone and the inner cone is
reduced, with the extreme case being a gap between the cones. This would
lead to a lower cone torque and clashing due to loss of blocking function [79].
To reduce installation space and reduce time between blocking release and
engagement, the wear gap shall be as small as possible. Note that the wear
gap also has to accommodate for geometrical deviations, i.e. tolerances. A
double or triple cone design needs a larger wear gap, since the total wear as
well as total acceptable geometric deviations are larger.

Figure 2.9: Synchronizer wear gap, i.e. distance between latch cone and coupling disc.
Note that the wear gap has to account for both wear, tolerance deviation and plastic de-
formation.

2.3.7 Synchronizer friction linings
Many different friction linings are used in modern synchronizers [81, 82, 83, 84]. For
lower loads, brass can be used. For low-intermediate loads, molybdenum is used,
and sintered friction linings can be used for intermediate-high loads. For high and
very high loads, carbon based linings are used. For special cases such as a reverse
gear synchronizer (which is intended to be used during stand-still), steel-on-steel
synchronizers [81] can be used. Carbon based linings include:
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• Woven carbon fiber reinforced polymer (CFRP) [83].

• Two-ply material, where e.g. a highly conductive material is placed at the
surface of a conventional material [70, 85].

• Paper-based friction materials, where reinforcing fibers, binder, filler and fric-
tion modifier is mixed in a process similar to paper-making [86, 87].

Two friction linings are investigated in this thesis, namely molybdenum and a com-
mercially available woven CFRP with a phenolic resin and 50 % fiber content by
weight. Phenolic resin is obtained from the reaction of phenol and formaldehyde,
and is an amorphous thermoset polymer. The atomic structure of phenol, formalde-
hyde and phenolic resin is schematically shown in Figure 2.10. Phenolic resins are
commonly used as matrix material for frictionally heated systems due to its high
thermal stability [88, 89, 90]. Carbon fiber has the same basic structure as graphite,
which consists of layers of hexagonal patterns. In graphite, these are highly ar-
ranged and stacked in parallel, but in carbon fiber the layers are amorphous, folded
and interlock each other [91, 92]. The atomic structure of graphite/carbon fiber is
shown in Figure 2.11. A cross section of the CFRP lining is shown in Figure 2.12,
where the CFRP lining is molded in epoxy, polished, and the image is captured
using an optical microscope. Figure 2.12a shows the cross section with annotation.
The green lines shows the top and bottom of the lining, i.e. outside of the green
lines, we can see the epoxy holding the sample. The fibers appear black, while the
phenolic resin (as well as the epoxy) appears dark gray. The red and blue areas
show the two different tow directions, where the 2-direction is normal to the picture.
Figure 2.12b shows the original picture, without annotations, for reference.

OH

(a) Phenol

O

C
H H

(b) Formaldehyde

OH

CH2 CH2OH

OH

(c) Phenolic resin

Figure 2.10: Schematic molecules for phenol (a), formaldehyde (b) and phenolic resin (c).
Phenolic resin is only partially shown, and can consist of large molecules [88].
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Graphite/Carbon fiber

Figure 2.11: Schematic molecule structure of graphite and carbon fiber [91].

500µm

(a) Tow, 1-direction
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Fibers

Original

Figure 2.12: Cross section of CFRP lining molded in Epoxy. (a) With annotation showing
tow directions. (b) Original.

2.3.8 Synchronizer manufacturing and tolerances
All physical parts have geometric imperfections, ranging from surface roughness to
macroscopic form deviations. The maximum allowed deviations are often referred
to as tolerances. International standards such as ISO 1101 [93] define how these
deviations shall be defined on drawings and evaluated on the physical product in
e.g. a coordinate measuring machine (CMM). Relevant tolerances for a synchro-
nizer include cone roundness, cone angle/cone angularity, run-out between teeth
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and cone, cone straightness as well as general dimensions and angles of the part.
The surface texture of the cones is also a critical parameter. The choice of manufac-
turing process, manufacturing equipment and manufacturing parameters determine
the shape and magnitude of these geometrical deviations. Figure 2.13 shows the
manufacturing process for both the latch cone and the inner cone investigated in
this thesis.

Latch cone

Forging of blank

Coining of functional surfaces

Induction hardening of teeth

Turning

Shot peening

Flame spraying

Stamp CFRP strip

Bond CFRP to
cone with adhesive

Molybdenum CFRP

Inner cone

Use pipe as blank

Machine cone and lugs

Case hardening

Hard turning of cone

Figure 2.13: The manufacturing process of the latch cone and the inner cone.

2.3.9 Synchronizer failure modes
The main failure mode of a synchronizer is clashing, which is when the gear is
engaged with a remaining rotational speed difference, as shown in Figure 2.14. The
symptoms of clash are a “grinding” noise from the engagement teeth, and high
impulses on the engagement teeth, which will lead to plastic deformation and wear,
as shown in Figure 2.15. Clash can be caused by several issues, as shown in Figure
2.16. Full clash, i.e. when no synchronization of rotational speeds is performed
before the clash, can arise from an inadequate pre-synchronization phase that never
allows the latch cone to block the gear engagement. Wear of the contacting surfaces
that alters the frictional properties of the synchronizer can also cause clash, since
the latch cone cannot block gear engagement if the coefficient of friction is too low.
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Sudden rotational speed changes in the powertrain, from e.g. clutch disengagement
during torque transfer or disturbances from the vehicle’s anti-lock braking system,
can temporarily reduce the indexing, i.e. overlap between latch cone blocker teeth
and the shift sleeve teeth, allowing for gear engagement. This can cause both full
or partial clash, i.e. when some synchronization of rotational speeds has occurred.
High drag torque from primarily the lay shaft, which is partly immersed the oil,
or torque transferred over the clutch can create a rotational speed difference after
synchronous rotational speed is reached but before the gear is engaged, which is a
form of clash called desynchronization [76].

ω
S

ω
C

Figure 2.14: Schematic description of clash. The rotational speed of the shift sleeve, ωC ,
is greater than the rotational speed of the coupling disc, ωS, at teeth contact. Edges coming
into contact is highlighted in red.

Figure 2.15: Coupling disc teeth as manufactured (bottom) and after severe clashing (top).
Clash plastically deforms and wear the teeth, leading to rounded teeth edges.

There exist other synchronizer failure modes such as hard shifting, i.e. a high
shifting effort required, poor shifting comfort and blockage, i.e. blocked gear en-
gagement after synchronous rotational speed is reached due to cone seizure [76, 79].
While those failure modes also depend on the synchronizer design and the frictional
properties of the synchronizer, they have not been studied in detail in this thesis.
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Figure 2.16: Different causes of clash.

Furthermore, failed engagement due to tooth-on-tooth contact [94] has not been
studied in this thesis.

2.3.10 Synchronizer testing

The most common synchronizer test rig is likely the ZF/FZG SSP-180 Synchromesh
Test Rig [45], which is used in e.g. the CEC synchronizer test standard [62]. How-
ever, the test rig used in this thesis is the truck variant of a µ-COMP synchronizer
test rig [95], which is similar to the SSP-180 with respect to test parameters and
procedure. The test rig used in this thesis is a larger version of the rig that was
used in [14, 51], and is schematically shown in Figure 2.17. An electric motor is
used to accelerate the flywheel to its intended speed. When the intended rotational
speed is reached, the motor is turned off. The inner cone of the synchronizer is
fixed to ground, while the latch cone is mounted on the center shaft of the rig. A
force is applied to the shift sleeve by a hydraulic actuator until the shift sleeve has
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passed the synchronization position. Lubricating oil is sprayed from the top of the
synchronizer or through the center shaft of the rig. During synchronization, rota-
tional speed, oil temperature, shift sleeve position, applied force and the resulting
torque is measured. Measurement accuracy is presented in paper D. From that
data, the coefficient of friction for a single cone synchronizer can be determined by

µC = TC · sin(α)
FAx ·RC

(2.6)

Electric motor

Flywheel

Synchronizer

Axial force

or
Oil flow

Figure 2.17: Schematic drawing of µ-COMP test rig.

2.4 Maneuvering system

In AMT and DCT, the axial force applied to the synchronizer shift sleeve is gen-
erated by an actuator instead of the force the driver applies to the gear lever.
Additionally, the axial force in the splitter and range group for a MT generally
comes from actuators. Heavy duty trucks use pneumatic actuators for several sys-
tems, including gear shift actuators. An example of a maneuvering system for a
synchronizer is shown in Figure 2.18, consisting of a valve unit, a pneumatic actu-
ator (cylinder, piston, position sensor) as well as a gear selector shaft and selector
fork. Main design parameters include cylinder/piston diameter, diameter of air
inlet and system mass.



2.5. OTHER MEANS TO SYNCHRONIZE A GEARBOX AND NOVEL USES
OF SYNCHRONIZERS 31

Synchronizer

Gear shift fork

Gear shift shaft

Pneumatic actuator

Valve unit

Figure 2.18: Splitter maneuvering system, Scania’s current (2018) gearbox.

2.5 Other means to synchronize a gearbox and novel uses
of synchronizers

The gearbox can also be synchronized by the engine. Before the synchronizer was
introduced, the driver was forced to “double clutch” [96] (not to be confused with
the transmission type dual clutch transmission, DCT). To synchronize the rota-
tional speed of the shaft and the gear wheel to be engaged in an “unsynchronized”
gearbox, the driver needed to open the clutch, engage neutral gear, close the clutch,
control the engine to the correct rotational speed for the gear to be engaged, open
the clutch, engage the gear, and close the clutch. This process required skill and
timing from the driver, offered poor driving comfort and might lead to long shift
time [55]. The same process is generally used in modern AMT, but is controlled by
the control software instead of the driver [97]. An alternative to opening the clutch
is to reduce the torque from the engine so that the clutch does not transfer any
torque, and then disengage or engage the gear. The downside of this process is that
the engine is slow to retard during upshifts. Systems like an exhaust brake can be
used to increase the retardation performance of the engine, but that reduces the ro-
tational speed of the turbocharger, thus temporarily reducing the engine power and
response after the gear shift. However, for downshifts this process works well since
the engine has good acceleration performance. To improve upshift performance
without the use of synchronizers, a brake unit acting on the lay shaft can be used.
The brake unit is often a pneumatically operated wet multi-disc brake directly con-
nected to the lay shaft, and the synchronizers are replaced by dog clutches. Such
a gearbox is often called “unsynchronized”, which is not strictly correct. It might
lack the traditional cone shaped synchronizers for the main gearbox (however, such
a gearbox generally retain them in the splitter and range), but the main gearbox
gear shifts are synchronized by the brake unit or the engine. Since the brake unit
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has similar properties as a synchronizer, i.e. boundary lubricated sliding friction
with rapidly changing relative rotational speed, parts of this research might be
applicable for such a system.

Instead of using a brake unit, an electric motor can be used [98]. With the
increased focus on vehicle hybridization, this solution might become more common
in the future since an electrical motor used to save fuel can also be used to synchro-
nize the gearbox. A novel example of synchronizer usage is for clutchless AMT for
an electric vehicle [60]. Since there is no clutch that can be disengaged, the inertia
to synchronize will be high. Therefore, the speed synchronization is done mostly
by the electric motor, while the synchronizer blocks gear engagement until speeds
are synchronized and then acts as an “engagement unit”.

Another novel use of a synchronizer is the Scania freewheeling retarder [99]. A
retarder is a hydraulic auxiliary brake system where oil is supplied between a stator
and a rotor, and the resulting torque acts to brake the vehicle [100]. However, to
reduce fuel consumption when the retarder is not active, the system is drained of oil
and mechanically disengaged. To mechanically engage the retarder, a synchronizer
is used to accelerate the retarder gear wheel to the speed of the output shaft.

2.6 Lubrication regimes

Many engineering applications require lubrication to function as intended. Lu-
bricants can take many forms, from solid lubricant such as molybdenum disulfide
(MoS2), to liquid such as oil or a viscoelastic grease. The lubricant has several
functions, such as:

• Separate surfaces to reduce friction.

• Protect the surfaces by forming tribofilms, avoiding metal-to-metal contact.

• Cooling.

• Protect from corrosion.

• Remove contaminants such as wear debris.

• Dampen noise.

A lubricant consists of a base oil and additives that enhance the base oil prop-
erties [101]. Modern automotive gearbox lubricants are complex products that
need to fulfill many targets. A modern manual transmission fluid thus have several
additives such as [101, 102]:

• Viscosity index improvers to reduce the viscosity-temperature dependence.

• Friction modifiers to reduce friction.

• Anti-wear additives that form a protective layer on the metal surfaces.



2.7. SLIDING CONTACTS AND SURFACE TEMPERATURE 33

• Extreme pressure additives prevent seizure and protects surfaces under ex-
treme pressure conditions.

• Corrosion inhibitors to reduce corrosion.

• Dispersant to keep contaminants and oxide deposits dispersed in the lubricant.

• Additives that protects the lubricant itself such as antioxidants and foam
inhibitors.

• Detergents to neutralize deposits and keep surfaces clean.

Figure 2.19 shows an example of a Stribeck curve [103], which was originally de-
veloped to relate speed and friction in hydrodynamic bearings. The Stribeck curve
describes the relation between the coefficient of friction, µ, and a function of the
dynamic viscosity η, relative rotational speed ω and applied load P . The Stribeck
curve is often used to describe the three traditional lubrication regimes [104]:

• Boundary lubrication (BL), where the asperity contacts carry the load.

• Full film lubrication (FL), where the lubricant film carries the load, i.e. the
surfaces are separated by the lubricant.

• Mixed lubrication (ML), where the load is carried in part by the asperities,
and in part by the lubricant.

BL ML FL
η · ω/P

µ

Schematic Stribeck curve

Figure 2.19: Stribeck curve with the three lubrication regimes.

2.7 Sliding contacts and surface temperature

Looking at a surface from afar, the surface appears smooth. However, at a smaller
scale, surfaces are rough and chaotic in nature [105]. When rough surfaces come
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into contact, the load is carried by a fraction of the apparent surface area [106,
107, 108], i.e. the real contact area is a fraction of the apparent contact area. It
is in this real contact area that the frictional work between two sliding surfaces
arises. Most of the frictional work is converted to heat [109, 110]. It is also in
this real contact area that the consequences of friction, e.g. frictional heating, act
[32]. It shall be noted that some of the heat is applied below the surface due to
subsurface plastic deformation. Kennedy found that the vast majority of frictional
energy was dissipated at or within 5 µm of the surface in single pass tests in a
steel/copper contact [111]. However, in this thesis, it is assumed that all frictional
work is converted to heat at the surface. For steel, this assumption has little effect
on the surface temperature, but does change the thermal gradient in the subsurface
material [32]. Due to the local heating, the surface temperature increases locally.
The maximum contact pressure at the asperities on the surface is often as high as
the hardness of the material [106]. Since the local friction power depends on the
local contact pressure, the heat flux and temperature will be high, resulting in a
so-called flash temperature [112]. The flash temperature can exceed 1000 ◦C. The
flash temperature can act over an area with a diameter in the order of 0.1 mm, with
a duration of less then 1 ms† [113, 114]. Since each asperity is small, the amount
of heat in each asperity is low. However, if a large number of asperities in close
proximity come into sliding contact, the temperature in that entire area increases,
i.e. the asperity flash temperature is no longer independent of nearby asperities
[115, 116, 117]. Thermal expansion increases the apparent contact pressure in that
area, which further increases the frictional heating since more asperities come into
contact [115, 118]. Soom et al . described it as “as an average surface temperature
due to accumulated heat from other asperity contacts” [117], while Burton calls
these areas “thermal asperities” [119]. In this thesis, this temperature is referred to
as focal temperature. Barber simulated this self-energizing effect by assuming three
separate areas of contact, where one was initially raised by 1 nm over the other two
contact areas [120]. The initial load at the areas differed by less than 0.1 %. After
a few seconds, the protruding area of contact carried 99.9 % of the load.

In conformal sliding contacts, this localization of the contact pressure and heat
flux can cause the contact surfaces to develop so called “hot spots”, where the focal
temperature is much hotter than the mean temperature of the surface. In this thesis,
focal temperature is used for the surface temperature of a hot spot. The more severe
types of high temperature hot spots (surface temperatures above 750 ◦C) cause
martensite transformation when they are cooled at a sufficient high rate at the end
of synchronization [113]. Martensite has a lower density than the original austenite,
which causes a local protrusion. Martensite is also very hard, thus inhibiting wear
of this locally highly loaded, protruding, area. The scale of these hot spots is large
compared to the surface roughness [107, 113, 121]. This phenomena is referred to
as thermoelastic instability (TEI) [119, 122]. TEI is dominated by long wavelength

†For materials with high thermal conductivity such as steel. CFRP lining flash temperatures
may have longer duration [113]



2.8. CONTACT MODELING 35

perturbations [107], and above a certain critical velocity the contact operates in
an unstable regime [123, 124]. Hot spots are promoted by long contact length
in e.g. disc brakes (where only a segment of the full circle is in contact) or full
ring contact such as synchronizers and clutches [113]. Other factors promoting hot
spots include high stiffness [125, 126], low thermal conductivity [126], high thermal
expansion [126], high friction at high temperature and low wear rate. Anderson
and Knapp states that [113]

“Metal wear from hot spotting is usually quite small in volume, but
quite effective in degrading the function of a clutch or brake assembly.”

Anderson and Knapp also showed examples of different modes of TEI types [113].
Figure 2.20 shows an example from a molybdenum coated synchronizer with both
band and focal type TEI.

(a)

(b)

Figure 2.20: Examples of TEI in synchronizer. (a) Band type in molybdenum surface. (b)
Focal type in steel surface.

2.8 Contact modeling

When surfaces comes into contact, a contact pressure arise to prevent the surfaces
from physically occupying the same space. Ideally, where there is contact, there
is a contact pressure and no gap or overlap between the surfaces, and where there
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is a gap, there is no contact pressure. Mathematically, this can be expressed as a
(linear) complementarity problem (LCP) [127, 128, 129, 130]

p = 0 for hc < 0 (open)
hc = 0 for p > 0 (closed) (2.7)

p is the contact pressure, hc is “overclosure”, i.e. interpenetration, between the
surfaces ‡.

To model contacts numerically, some different concepts are needed, including:

• Contact surface definition. This includes to manually define which surfaces
that should interact with each other, or to let the software track all surfaces
and search for interaction.

• Contact surface discretization. The discretized FE mesh might be, depending
on element order, non-smooth. This leads to intermittent local contact. To
ensure smooth contact, correction factors can be implemented which accounts
for the difference between the initial, smooth 3D geometry and the discretized
FE model [131]. The correction factor is schematically shown in Figure 2.21.

• Contact properties, i.e. contact stiffness, friction and thermal conductivity.

• Contact formulation. In this work, a non-symmetric surface-to-surface formu-
lation is used. The slave surface is constrained to not penetrate the master
surface. The calculated gap/penetration is based on an integral over the
region surrounding the constrained slave node [132, 133]. This leads to a
smoother contact than node-to-node or node-to-surface discretization.

Master surface

Slave surface
Nodes

Discretized surface

Smooth surface

Correction factor

Figure 2.21: Schematic view of geometric correction between discretized FE mesh and
smooth surface.

In this presented work, the penalty method is used to enforce the contact con-
straints. In the penalty method, a penetration, i.e. overlap, of two contacting
‡Note that h often denote the gap between the surfaces, but here hc follows the definition

used by the Abaqus theory guide, i.e. interpenetration of surfaces [127].
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bodies is penalized with a force that depends on the amount of penetration that
acts to separate the contacting bodies [134, 135]. This can be seen as virtual springs
between the contacting bodies. The advantages of the penalty method include that
no extra degrees of freedom is required, and it does not risk overconstraining the
model. The drawbacks include that some penetration is required, which in some
cases can change the contact pattern and thus invalidate the results. Additionally,
the contact stiffness, i.e. the relationship between penetration and separating force,
needs to be defined. This user-defined parameter introduces an uncertainty, since
a correct contact stiffness can be hard to determine. It also introduces the possi-
bility to “soften” the contact, thus reducing the severity of the nonlinearity in the
simulation.

Contacting bodies introduce a highly nonlinear relationship between contact
force and displacement [135]. To solve nonlinear problems, the Newton method is
often used [136, 137]. Newton’s method is a root-finding algorithm where

x1 = x0 − f (x0)
f ′ (x0) (2.8)

xn+1 = xn − f (xn)
f ′ (xn) (2.9)

x0 is an initial guess of the solution for the function f (xn), x1 is the result of the
first so-called Newton iteration. x1 is then used as a basis for the next iteration.
Analogously, xn is the result of the n-th Newton iteration, and is used as starting
point for the n+1-th iteration. The process is repeated until xn+1 is sufficiently
close to the solution. In some situations, the Newton method will fail to find the
solution, for example if the problem is non-smooth, i.e. a non-differentiable or
discontinuous function [137]. Sudden changes in the contact condition can cause
the Newton method to fail due to the problem being non-smooth. This can be
mitigated by reducing the severity of the nonlinearity. In Abaqus, the contact
stiffness can be defined as linear, based on tabular values, or exponential according
to [127]

p = 0 for hc ≤ −c
p = p0

(exp(1)−1)
[ 1
c

(
hc

c + 2
)
exp

(
hc

c + 1
)

− 1
c

]
for hc > −c (2.10)

p0 is the pressure at zero gap, i.e. hc = 0, and c is the initial contact distance, i.e.
the minimum gap where p = 0. Abaqus also offers a “hard” contact option, which
sets “the penalty stiffness to 10 times a representative underlying element stiffness”
[134].





Chapter 3

Research methodology

This section contains a summary of the methodology used in this research. Two
different types of numerical simulations were used, namely fluid-structure interac-
tion (2D and 3D) and thermal/thermomechanical simulations (1D (only thermal),
2D and 3D). Additionally, physical tests were performed in a µ-COMP rig as well
as dedicated material test rigs to estimate material properties.

3.1 Fluid-structure interaction model to simulate
pre-synchronization

The blocking of gear engagement during asynchronous rotational speed is a pre-
requisite for successful synchronization. To study the relation between oil film
thickness at end of pre-synchronization and parameters such as spring system force,
maneuvering system behavior, and groove design, two multiphysics fluid-structure
interaction models were developed and simulated with the commercial FE software
Comsol Multiphysics 4.4. One model is axisymmetric, Figure 3.1, and can be used
to assess the effect of cone geometry and maneuvering system. It was assumed
that the space between the cones was initially filled with oil. The simulation was
run until the maneuvering force exceeded the spring system force. The oil film
thickness was evaluated at the end of the simulation. The other model, which is
3D with a simplified geometry, is available in Figure 3.2. It can be used to assess
the effect of different axial grooves in the contact surface. The oil outlets for both
models were modeled by a Dirichlet boundary condition enforcing zero pressure
at the boundary. To avoid negative pressures in the grooves, a cavitation model
where the oil viscosity and density is reduced based on pressure was developed and
implemented. Söderfjäll later implemented the same model, and verified that it
is mass-conservative and yields the same solution as LCP formulation except for
some negative pressures that have to be disregarded [138]. It is significantly easier
to implement and less computationally expensive than the LCP model. To reach
convergence, the 3D model had a lower applied force than the 2D model. Instead

39
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of the stopping condition used in the 2D model, all 3D simulations were run for one
second. Thorough descriptions of the models are given in paper A.

Latch cone

F

Outlet

Outlet

Oil

“Wall”

Figure 3.1: 2D Fluid-structure interaction model.

(a) (b)

(c)

Figure 3.2: (a) Synchronizer, (b) simplified 3D fluid-structure interaction model, and (c)
grooves in synchronizer contact surface.
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3.2 Thermomechanical model to simulate main
synchronization

A synchronizer’s behavior during synchronization is a combination of mechanical
and thermal effects. Mechanical effects include the moment of inertia to synchronize
and the contact mechanics between the interacting parts. Thermal effects include
heat generated in the friction surface during synchronization as well as heat flux
in the cones. Thermal expansion deforms the contacting surfaces and localizes
the contact area. A reduced contact area further focuses the heat generation, cre-
ating a self-energizing process [51, 53], also known as a thermoelastic instability,
as described in section 2.7 - Sliding contacts and surface temperature. A multi-
physics thermomechanical model was developed and solved with the commercial
FE tool Abaqus/Standard (initially version 6.13 for papers B and C, later changed
to version 2016). The model consists of two generalized axisymmetric parts (later
converted to a full 3D model, see section 3.6 - Tolerance effects and cone angle
optimization and paper G), as shown in Figure 3.3. The modeling steps are shown
in Figure 3.4.

The model was initially used to perform two parameter studies of a synchro-
nizer. The first study investigated how different external loads affect the tem-
perature increase in the synchronizer. The second study investigated how different
synchronizer geometries distribute the heat in the synchronizer by simulating synch-
ronization processes with the same load, but for different geometries. A thorough
description of the model is available in paper B. Synchronizers with both molybde-
num coating and CFRP lining were investigated. The material properties used are
shown in Table 3.1. At this stage, no experimental material data was available for
the CFRP lining, so most values were taken from literature [14]. It shall be noted
that the Young’s modulus is significantly overestimated for through-plane compres-
sion, and more relevant for the in-plane properties. However, as shown in section
3.2.1 - Contact properties used in this thesis, it had little effect on the contact
pressure distribution since an exponential pressure-overclosure relationship that is
not based on the underlaying material stiffness was used. The CFRP lining has
significantly lower thermal conductivity than molybdenum and steel, which affects
the energy partition between the cones. An implicit heat partition model was used,
where an arbitrary heat partition was applied to the contact, and a very high ther-
mal conductance over the contact ensures thermal continuity, to equalize the local
temperature of the interacting surface patches. This method ensures equal surface
temperature, but only works for continuous contact without local separation from
e.g. cone out-of-roundness.
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Teeth area

Connected to Reference pointDoF 1
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F
 2

DoF 5

Inner cone

Latch cone

Figure 3.3: Geometry and discretization of numerical model.

Fix inner cone. Apply an axial displacement to latch cone to establish
contact.

Disable displacement boundary condition, apply a low force to maintain
contact state.

Apply rotational speed to one or both cones. Increase force, reduce
rotational speed of slave system based on torque and inertia until synch-
ronization is finished. Optional: Apply cooling to external surfaces.

Optional: Separate the cones. Apply cooling to contact surface.

Optional: Cooling

Transfer data to MATLAB for analysis.

Figure 3.4: Thermomechanical model flowchart.
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Table 3.1: Material parameters for the initial thermomechanical simulation. Data for
CFRP lining is updated for paper F and paper G according to section 3.5 - CFRP material
data and simulations.

Parameter Unit Steel CFRP Molybdenum
Density [kg/m3] 7850 1050 10280
Young’s modulus [GPa] 209 50 329
Poisson’s ratio [-] 0.3 0.4 0.31
Coef. of thermal expansion [10−6/K] 11 70 4.8
Thermal conductivity [W/(m K)] 48 0.65 138
Specific heat capacity [J/(kg K)] 452 1770 250

3.2.1 Contact properties used in this thesis
The following contact stiffness definitions have been used in this thesis:

• For axisymmetric model of molybdenum coated synchronizer, and
CFRP lined synchronizer in paper B and paper C: Exponential contact
stiffness (equation 2.10, section 2.8 - Contact modeling). The values for p0
and c is 104 Pa and 5 × 10−6 m, respectively. This method means that the
contact stiffness is not directly based on the underlying material stiffness.
This showed good correlation with physical testing as shown in paper C.

• For molybdenum coated synchronizer, 3D model: Linear contact stiff-
ness equal to the effective Young’s modulus, E∗, according to

E∗ = 2 ·
((

1 − ν2
1

E1

)
+
(

1 − ν2
2

E2

))
(3.1)

where E and ν is the Young’s modulus and Poisson’s ratio for material 1 and 2.
When adding tolerance effects such as cone out-of-roundness, the previously
used exponential contact stiffness became very stiff under some conditions,
especially at higher load. Additionally, the exponential contact stiffness led
to convergence problems since the contact zone is rapidly moving between
iterations, with sudden changes in local contact pressure. A linear contact
stiffness was used instead, which solved the convergence problem. It was
believed that the stiffness was overestimated using the exponential contact
stiffness model, especially since no wear model was applied. The linear contact
stiffness definition yields largely the same results in an axi-symmetric model,
i.e. maximum surface temperature and surface temperature distribution in
the contact surface, as the exponential contact stiffness definition at loads
similar to the loads in paperD. At lower loads, it yields a more focused contact
zone and thus a higher maximum temperature. At higher loads it yields a
less focused contact zone, and therefore lower maximum temperature.
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• For CFRP lined synchronizer: Abaqus “hard” contact, i.e. linear contact
stiffness of 10 times a representative underlying element stiffness is used [134].
This allows for relatively small penetration, and worked fine with the CFRP
lining due to its lower Young’s modulus.

Using “hard” contact between two surfaces with high Young’s modulus might lead
to situations where only one or a few nodes carry the load. This contact stiffness
definition is not suitable for molybdenum coated synchronizers.

3.2.2 Verification and validation
The model was verified by reviewing and comparing output data such as cone torque
and energy levels to analytical results for cone torque, rotational speed and brake
energy. There were good agreements between simulated and analytical results, as
shown in Figure 3.5. A study of the discretization error was also performed in paper
C, and it was shown that a sufficiently small discretization in both space and time
was used in the simulation. The model was validated with bulk and surface temper-
ature measurements as well as a qualitative assessment of wear marks compared to
high temperature areas of the synchronizer. Mileti et al. used a similar procedure
[139]. A pyrometer was installed in the inner cone to measure the surface temper-
ature of the latch cone during synchronization. The pyrometer installation can be
seen in Figure 3.6. The emissivity was estimated experimentally by measuring the
surface temperature of a preheated synchronizer with both thermocouples and the
pyrometer. The emissivity used in the analysis was 0.89 for the molybdenum coat-
ing and 0.87 for the carbon lining. Measured surface temperature compared with
simulated temperature can be seen in Figure 3.7. The agreement for molybdenum
coated synchronizers is good. For carbon lined synchronizers, a correction factor
based on the Abbott-Firestone curve∗ was applied due to the large surface features
and low thermal conductivity of the CFRP lining. A thorough description of the
verification and validation procedure, including the carbon lining correction factor,
is available in paper C.

∗Sometimes referred to as Bearing area curve. Mathematically, its a cumulative density func-
tion of the surface height of a rough surface, showing the fraction of material over each specific
surface height [107]
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Figure 3.5: Thermomechanical model verification by comparing analytical estimates to FE
output data.

Figure 3.6: Pyrometer installed in inner cone, mounted in µ-COMP rig. The pyrometer
measures the latch cone surface temperature.
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Figure 3.7: Validation of thermomechanical model. The correction factor 1/0.6 is briefly
discussed in section 5 - Summary of appended papers and thoroughly discussed in paper
C.

3.2.3 1D thermal model
To remove the need for time-consuming finite element simulations to determine the
average surface temperature, a simplified 1D model was developed in paper D. The
Peclet number can be used to support this simplification. The Peclet number is
defined as

Pe = L · v
4 ·K

(3.2)

where L is the contact length, v is the sliding speed and K is the thermal diffusivity
of the material. For fast moving contacts such as those in a synchronizer, the
Peclet number is often in the order of 1000. According to Johnsson [107], the
heat conduction may be treated as one-dimensional, i.e. the in-plane heat flow is
insignificant compared to the heat flow from the surface into the material, if the
Pe > 5. A Neumann boundary condition (i.e. prescribed heat flux) was applied to
the node representing the contact surface. Since the synchronization time is short,
the model is assumed to be adiabatic. Therefore, a Dirichlet boundary condition
(i.e. prescribed temperature) was applied to the material sufficiently far from the
friction surfaces. A flowchart of the model is available in Figure 3.8. AC is the
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nominal cone area, ωL is the lowest rotational speed difference to consider, γ is
the heat partition factor between the cones, λ is the thermal conductivity, ts is the
model time step, h is the node to node distance, t is the current simulation time, q̇
is the heat flux density, Tnc,t is the temperature of node nc at time t. Note that the
model is valid if and only if the time step, ts, equals the critical time step, tCritical
[140]

tCritical = h2 · ρ · cp
2 · λ

(3.3)

where ρ is the density, cp is the specific heat capacity. The simplified thermal model
is about four orders of magnitude faster than the full FE model (0.03 s compared
to 300 s). In paper E, it was updated to accept measured data from the µ-COMP
rig directly, but the principle is the same.

Input:
AC , ωL,
γ, λ, ts, h,
TC(t), ω(t)

ω(t) > ωL

Yes

No Synchronized

t = t+ ts

q̇(t) = γ · TC(t)·ω(t)
AC

T1,t = q̇(t) · hλ + T2,t−ts

for 2 : nD
Tnc,t = 0.5 · (Tnc−1,t−ts + Tnc+1,t−ts)

Figure 3.8: Flowchart of 1D thermal model.
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3.2.4 Integrating simulations and physical tests
The thermomechanical FE model can import measured data from the µ-COMP
test rig, providing a virtual representation of an actual synchronization cycle to
assess surface temperature during synchronization. Applied force and rotational
speed as functions of time is applied as load and boundary condition in the FE
model, while the coefficient of friction as a function of sliding speed is applied
to the contact properties. The resulting torque from the model can be used to
validate the simulation by comparing with measured values, as seen in Figure 3.9.
A thorough description of this methodology is available in paper D.
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Figure 3.9: Comparison between measured and simulated cone torque.

3.3 Friction model for main synchronization

The frictional torque between the latch cone and the inner cone is important for
both functionality and performance, as explained in sections 2.3.3 - Preventing un-
synchronized gear engagement and 2.3.5 - Main synchronization phase. To better
understand the behavior of a synchronizer, a friction model was developed. It has
been shown in literature that the coefficient of friction for a given contact interface
depends on sliding speed, contact pressure and temperature [67, 68]. Coefficient of
friction, sliding speed and applied force is measured during synchronizer testing, as
explained in section 2.3.10 - Synchronizer testing. As explained in section 3.2.4 -
Integrating simulations and physical tests, a virtual representation of a test cycle
can be created, and the surface temperature increase during synchronization can
be obtained. Thermocouples were used to measure cycle start temperature, and by
adding starting temperature and temperature increase, transient surface temper-
ature could be obtained. A test cycle with different axial forces at different start
temperatures was developed. An equation to describe the coefficient of friction
as a function of sliding speed, axial force and surface temperature was proposed.
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Residual analysis was used to analyze the accuracy of the proposed equation. This
process was iterated until a satisfactory fit was obtained. The workflow can be
seen in Figure 3.10. A detailed description of the friction model and the simplified
thermal model is available in paper D.

FAx

TC

v

Tinitial

µC

FE model
Ta, pa

Propose
equation

Evaluate
residuals

Model of
µ

Physical testing Simulation Calculation Output

Figure 3.10: Friction model development workflow.

3.4 Speed step test to determine limiting load

In order to predict failure in molybdenum coated synchronizers, a speed step test
was run in the µ-COMP rig. After an initial running-in procedure, 1000 cycles were
run with a certain inertia and maximum force. When the 1000 cycles have been
completed, the speed difference to synchronize is increased. In order to get similar
temperature at the start of each cycle, the mean power (including cooling time)
per unit area, Pmean, was set to 20 mW/mm2. The temperature at the inside of
the inner cone was measured with a thermocouple to verify this assumption. This
gives a cycle time, tC , of

tC = ω2
I · I

2 ·AC · Pmean
(3.4)

where ωI is the initial relative rotational speed. When the test was completed,
cycles 50, 150, ..., 950 of the last completed speed step was analyzed by comparing
four different loading parameters:

• Maximum specific synchronization power, i.e. power per (nominal) unit area.
The specific synchronization power, PS , is calculated by PS = TC (t)·ω(t)

AC
.
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• Specific energy to synchronize, i.e. energy per (nominal) unit area. The
specific energy to synchronize, ES , is calculated by ES =

∫
PSdt.

• Focal surface temperature increase. The focal surface temperature increase
is determined using FE simulation as described in section 3.2.4 - Integrating
simulations and physical tests.

• Average surface temperature increase. The average surface temperature is
determined using the 1D thermal model as described in section 3.2.3 - 1D
thermal model.

Figure 3.11 shows the speed step cycles as well as the cycles to analyze. Full details
are available in paper E.

0 1,000 2,000 3,000 4,000 5,000 6,000 7,000 8,0000

200

400

600

800
Run-in Load cycles Fail

Cycles
to analyze

Cycle number

Sp
ee
d
(R

PM
)

Speed step test

7,250 8,250

680

Figure 3.11: Speed step test procedure with cycles to analyze as well as the ultimate failure
highlighted.

3.5 CFRP material data and simulations

The material parameters needed for the FE simulations are the Young’s modulus,
coefficient of thermal expansion (CTE), specific heat, thermal conductivity, density
and Poisson’s ratio. The elastic modulus is used to determine the stiffness of the
parts as well as the contact stiffness, and thus the local contact pressure distribution.
The coefficient of thermal expansion (CTE) dynamically affects the shape of the
contact surface and thus the local contact pressure distribution. The specific heat
and density are used to determine the temperature increase from the added heat.
The thermal conductivity determines the heat flow away from the contact surface.
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The Poisson’s ratio is used to relate the radial strains to axial and circumferential
strains, but has little impact on the simulations since the strains are small and
the simulations are dominated by the radial behavior. For molybdenum and steel,
reference values are readily available, and the used values is presented in Table 3.1.
For the CFRP lining, these properties need to be estimated experimentally for each
unique lining type. The CFRP linings are transversely isotropic, i.e. the in-plane
and out-of-plane properties differ. The in-plane properties are dominated by the
carbon fiber properties, while the out-of-plane properties are largely defined by the
matrix properties. To reduce the number of tests needed to estimate the material
data, only data for the out-of-plane direction is measured. Since the Peclet number
is significantly higher than 5, this is a reasonable assumption, as stated in secion
3.2.3 - 1D thermal model. Table 3.2 shows what method is used to estimate the
material properties.

Table 3.2: Material parameters needed for simulation and test method to obtain each
parameter

Parameter Test method
Elastic modulus Compression test
CTE DMA
Specific heat DSC
Thermal conductivity LFA
Density Scale and caliper
Poisson’s ratio Reference [14]

The modulus was measured in an Instron 4505 tensile and compression test rig.
The upper tool half is rigid, while the lower tool half is floating to reduce the risk
and effect of parallelism deviations. The tool halves and sample is schematically
shown in Figure 3.12. Samples of approximately 50 mm by 50 mm were used, where
the CFRP lining was laminated between two 2 mm thick steel plates. The CFRP
lining was bonded to the steel plates with the same phenolic resin adhesive film
used in the synchronizer, using the same bonding process and parameters as for
real synchronizer, to include the effect of the adhesive film as well as the bonding
process. The steel plates are considered rigid. An oven was mounted in the test rig
to heat the samples and tool halves. When the oven reached the test temperature of
180 ◦C, the samples were installed and kept in the oven for 2 h to ensure the correct
temperature. Each sample was tested twice with a load ramp from unloaded to
50 kN (0 to 20 MPa nominal contact pressure). The first load application is assumed
to correct the position of the floating tool half, and the second load application is
evaluated. The procedure is similar to the measurements by Ohkawa et al. [64].

The CTE is measured in a dynamic mechanical analysis (DMA) tester, namely
a Netzsch DMA 242 E, schematically shown in Figure 3.13. A �4 mm quartz rod,
with a CTE of 0 µm/(m K) is pressed against the sample with a static force of 0.3 N,
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Figure 3.12: Schematic view of compressive modulus measurement.

and the position is recorded. The temperature is increased from 26 ◦C to 200 ◦C at
a rate of 0.5 ◦C/min. To estimate the CTE of the machine itself, a test without the
sample is performed, and the machine CTE is corrected for during measurements.

F
Quartz rod

Lining

Figure 3.13: Schematic view of coefficient of thermal expansion measurement using DMA.

The specific heat was measured by differential scanning calorimetry (DSC) in
a Netzsch DSC 214 Polyma, schematically shown in Figure 3.14. The temperature
of two holders, one reference and one containing a 7.2 mg sample, is placed in a
furnace. The temperature in the furnace is increased by 5 ◦C/min from 40 ◦C to
230 ◦C. The temperature difference between the holders can be used to estimate
the specific heat of the sample [141].

The thermal conductivity was estimated using laser flash analysis (LFA) in
a Netzsch LFA 427, schematically shown in Figure 3.15. Three layers of CFRP
is laminated together using the adhesive used to bond it to the steel cone, to
ensure the sample is opaque to the laser. A 0.8 µs laser pulse heats one side of the
sample, and an infrared detector records the temperature response on the other
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Figure 3.14: Schematic view of specific heat measurement using DSC.

side. Measurements was performed at 26, 70, 90, 110, 130, 150, 200 and 250 ◦C.
Five laser pulses is performed at every temperature step. The Cape-Lehman +
pulse correction model was used to estimate the thermal diffusivity [142]. The
thermal conductivity, λ, can be estimated by

λ(T ) = K(T ) · ρ(T ) · cp(T ) (3.5)
where K is the thermal diffusivity, ρ is the density, cp is the specific heat and T is
the temperature.

Infrared detector

Heat with laser flash

Figure 3.15: Schematic view of laser flash analysis using LFA.

The density is estimated by weighing 20 strips of CFRP lining, and determining
their size (39.7 mm by 9.7 mm by 0.58 mm, by a digital caliper) on a Mettler AE
260 DeltaRange. The weight is 4.779 g, and the density 1070 kg/m3. Porosity is
not explicitly modeled in the simulation model. However, the effect of porosity on
density is considered with the material data, i.e. the density is based on nominal
volume. The Poisson’s ratio is assumed to be constant since it has little effect on
the simulation and no measuring method was available to measure the temperature
dependent Poisson’s ratio. The value 0.3 is taken from reference literature for a
similar lining [14].

The experimentally estimated material data is presented in Figure 3.16. Figure
3.16a shows the stress/strain relationship used in the simulation, as well as the raw
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measured data. Figure 3.16b shows the CTE for the CFRP lining. There was a
relatively large spread between the four samples, and the CTE seems to decrease
at temperatures above 150 ◦C. Due to the large spread, the simulations was run
with a constant CTE equal to the average of the four measured curves. Figure
3.16c shows the specific heat of the CFRP lining. Only one test was performed to
estimate specific heat, but the results was in line with the expected value, which is
between the specific heat of carbon fibers and phenolic resin [143, 144]. Figure 3.16d
shows the thermal conductivity and the thermal diffusivity. The thermal diffusivity
is not used in the simulation, but was used to estimate the thermal conductivity.
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Figure 3.16: Thermomechanical properties from the material tests. (a) Compressive
stress/strain relationship. (b) Coefficient of thermal expansion (c) Specific heat. (d) Ther-
mal conductivity and thermal diffusivity.

The validation data presented in Figure 3.7 (and paper C) is used to validate
the new material data. Figure 3.17 shows that the new material data yields similar
results at low load as the old, assumed, material data.

A sensitivity study is also performed, where each material parameter is mul-
tiplied with 0.5, 1 or 2, and all 81 possible combinations is simulated for three
different load cases. The load cases is a maximum force of 2500 N, an inertia to
synchronze of 0.42 kg m2, and an initial rotational speed of 500, 1000 or 1500 RPM.
The temperature response is evaluated using Analysis of Variance (ANOVA). The
normalized results are presented in Figure 3.18. The compressive modulus has the
largest effect on the focal surface temperature.
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Figure 3.17: Validation of new material data. The correction factor 1/0.6 is briefly dis-
cussed in section 5 - Summary of appended papers and thoroughly discussed in paper C.
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A series of component tests was run in the µ-COMP rig, and the focal tem-
perature at selected cycles was simulated to estimate at what simulated focal tem-
perature levels hot spots, accelerated wear and a reduction in coefficient of friction
occurs. The test cycle is shown in Figure 3.19. Four different synchronizers were
run at different speeds, namely 1000, 1150, 1300 and 1450 RPM. The maximum
axial force was 2500 N and the inertia to synchronize 0.42 kg m. The synchronizer
was lubricated with 2.5 l/min fully formulated MTF at 90 ◦C. The mean power
(including cooling time) is set to 20 mW/m. The synchronization position, average
coefficient of friction and simulated focal temperature is compared, and a visual
comparison of the inner cone contact surface reveals at what load levels hot spots
is visible. Full details is available in paper F.
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Figure 3.19: Test cycle in µ-COMP rig for CFRP lined synchronizer.

3.6 Tolerance effects and cone angle optimization

To include roundness deviations from the manufacturing in the model, the axi-
symmetric model was converted to a full 3D model. The roundness deviations were
assumed to be sinusoidal, and was modeled by translating the nodal coordinates
from Cartesian coordinate system to a cylindrical coordinate system. The radial
coordinates were then moved according to equation 3.6.

Ri (θ) = Ri (θ)Nom +A/2 · sin (mθ + φ) (3.6)

where Ri (θ) is the radial coordinate of node i at angle θ, Ri (θ)Nom is the nominal
coordinate of node i at angle θ, A is the roundness amplitude, m is the out-of-
roundness order and φ is the relative starting position, i.e. phase shift. The relative
cone angle was simulated by changing the latch cone angle.

As described in section 3.2.1 - Contact properties used in this thesis, the con-
tact was modeled using a penalty formulation. For molybdenum synchronizers, the
contact stiffness was modeled as the effective Young’s modulus according to equa-
tion 3.1. For CFRP lined synchronizers, the Abaqus “hard” contact was used. The
heat partitioning factor (HPF) was determined by using the axi-symmetric model
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with different HPF, until the surface temperature of the cones were equal. The
HPF for molybdenum coated synchronizer is 52.25 % of the heat to the latch cone,
and 5.1 % heat to the latch cone for CFRP synchronizers. The thermal conductivity
over the contact was [107]

λ∗ =
(

1
λ1

+ 1
λ2

)−1
(3.7)

where λ∗ is thermal conductivity over the contact, λ is the thermal conductivity of
the respective materials.

The simulated geometric cases are presented in Table 3.3. The latch cone is
assumed to be oval, while the inner cone is assumed to be hexalobe. The shape of
cones is shown in Figure 3.20, magnified 100 times.

Table 3.3: Tolerance cases used in simulation.

Property Value
Latch cone
Cone angle (Mo) [°] 6.2, 6.3, 6.4, 6.5, 6.6, 6.7, 6.8, 6.9, 7.0
Cone angle (CFRP) [°] 7.2, 7.3, 7.4, 7.5, 7.6, 7.7, 7.8, 7.9, 8.0
Roundness, rel. mag. [-] 0, 0.33, 0.67, 1
Roundness, order [-] 2 (oval)
Inner cone
Cone angle (For Mo) [°] 6.5
Cone angle (For CFRP) [°] 7.5
Roundness, rel. mag. [-] 0, 0.33, 0.67, 1
Roundness, order [-] 6 (hexalobe)

The roundness and angle of 2000 inner cones, 2000 molybdenum coated latch
cones and 850 CFRP lined latch cones were measured. It was assumed that a 6.5°
and 7.5° inner cone would have the same roundness and angle distribution since
they have the same manufacturing process and design, except for the cone angle.
The surface temperature of 4 000 000 pairs of molybdenum coated synchronizer
cones and 1 700 000 pairs of CFRP lined synchronizers were evaluated by cubic
interpolation between the simulated geometrical cases. The measured geometrical
deviations is shown in Figure 3.21. Figure 3.21a shows the relative cone angle, here
defined as αLatch − αInner, where αLatch is the latch cone angle and αInner is the
inner cone angle. The relative cone angle follows a normal distribution. Figure
3.21b and Figure 3.21c shows the roundness deviation of the latch cone and inner
cone, respectively. Both roundness deviations follows a lognormal distribution.
To find the optimal cone angle for the measured population of synchronizers, the
nominal cone angle was changed until the lowest population temperature response
was obtained. Full details is available in paper G.
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(a) Latch cone

(b) Inner cone

Figure 3.20: Shape of (a) oval Latch cone and (b) hexalobe Inner cone, worst tolerance
case magnified 100 times.

Relative cone angle
0   

0.05

0.1 

0.15

0.2 

0.25

Pr
ob

ab
ili

ty

(a) Relative cone angle: Latch cone angle - Inner cone angle

Magnitude
0   

0.05

0.1 

0.15

0.2 

0.25

Pr
ob

ab
ili

ty

(b) Latch cone roundness (c) Inner cone roundness

Magnitude
0   

0.05

0.1 

0.15

0.2 

0.25

Pr
ob

ab
ili

ty

CFRP

Molybdenum

Figure 3.21: Measured tolerance distribution. Blue data represents molybdenum coated
synchronizers, and red data represents CFRP lined synchronizers. The cone angle for
molybdenum coated synchronizers is 6.5◦, and 7.5◦ for CFRP lined synchronizers. Only
the 6.5◦ inner cone is measured, and it’s assumed that the tolerance distribution is equal
for a 6.5◦ and a 7.5◦ cone. The values on the X-axis is removed due to confidentiality.



Chapter 4

Results

4.1 Pre-synchronization simulation

Figure 4.1 and Figure 4.2 show the results from pre-synchronization simulations
from the 2D and 3D model, respectively. It can be seen that parameters connected
to the maneuvering system, i.e. force ramp speed and maneuvering system mass,
have a large effect on the pre-synchronization behavior. No significant benefit from
increasing the spring force beyond ~130 N can be seen in this specific system with
these oil properties, but it would be helpful in e.g. cold conditions, where the oil
viscosity is higher. Grooves in the contact surface are highly beneficial, and the
presence of grooves seems more important than groove design.

59



60 CHAPTER 4. RESULTS

0 1 2 3 4
·10−2

0

50

100

150

Time [s]

O
il
fil
m

th
ic
kn

es
s
[µ
m
]

(a) Force ramp

3500 N/s
7000 N/s
14000 N/s

0 1 2 3
·10−2

0

50

100

150

Time [s]

O
il
fil
m

th
ic
kn

es
s
[µ
m
]

(b) Pre-synchronisation force

Oil film thickness over time
Oil film thickness at 100 N
Oil film thickness at 130 N
Oil film thickness at 160 N

0 1 2 3
·10−2

0

50

100

150

Time [s]

O
il
fil
m

th
ic
kn

es
s
[µ
m
]

(c) Actuator mass

0 kg added mass
4 kg added mass
8 kg added mass

Figure 4.1: Results from 2D pre-synchronization model. (a) Results of different force
ramps. (b) Results of different pre-synchronization forces. A higher spring stopping force
can prevent gear engagement until higher maneuvering forces are reached, resulting in a
longer time to evacuate the oil. (c) Results with different maneuvering system mass.
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Figure 4.2: Results from 3D pre-synchronization model. Example of grooves is available in
Figure 3.2. (a) Groove width and groove distance, assuming either 10 percent or 20 percent
of the apparent contact surface is a groove. (b) Different groove heights. (c) Different
groove depths and number of outlets.
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4.2 Main synchronization simulation

Figure 4.3 shows the temperature distribution in a molybdenum synchronizer. It
is clearly shown that the heat flux has been focused to subset of the contact sur-
face, creating a temperature gradient in the axial direction. Figure 4.4 shows the
results from a study of the main synchronization external load parameters. It can
be seen that the rotational speed is the most important parameter, showing an
exponential temperature increase with increasing rotational speed. An increased
moment of inertia increases synchronizer temperature approximately linearly, while
the temperature increase caused by an increased axial force is logarithmic. Figure
4.5 shows the results from the geometrical parameter study. The most important
parameters relate to the contact surfaces, and the bulk geometry only has a small
effect on the surface temperature.
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Figure 4.3: Schematic temperature distribution in molybdenum synchronizer.
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Figure 4.4: Results from the external load parameter study.
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Figure 4.5: Results from the geometrical parameter study. Category A-C relates to the
contact surface, i.e. angle difference between latch cone and inner cone contact surface as
well as straightness deviation on the latch cone. Category D-G relates to the bulk geometry,
with D being the Young’s modulus of the latch cone, E is the lining position (Latch cone or
inner cone), and F-G are geometrical properties of the latch cone. Full details are available
in paper B.

4.3 Friction model for main synchronization

The coefficient of friction for a molybdenum coated synchronizer can, according to
paper D, be described as:

µC = c1 + c2 · v + c3 · TS + c4 · FAx + (c5 + c6 · FAx) · tanh (c7 · v) + c8 · ev (4.1)

where µC is the coefficient of friction beween the cones, v is the sliding speed, TS
is the average surface temperature, FAx is the applied axial force and c1 to c8 are
coefficients. Note that Eq 4.1 is only applicable for the material, lubricant com-
bination and surface texture combination tested since it is based on the physical
testing for this combination. A similar sliding speed dependence of the coefficient
of friction is presented in [67]. The values for the coefficients ci are available in
paper D. Figure 4.6 shows a comparison between the measured coefficient of fric-
tion and the modeled coefficient of friction for three different axial forces at three
different temperatures. This data was not a part of the analysis, and only used
for verification. Figure 4.7 shows a comparison between measured and calculated
coefficient of friction for all data points included in the analysis. There is good
agreement between measurements and calculations, except at low sliding speeds,
i.e. close to the gear engagement. Figure 4.8 shows a comparison between the sim-
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ulated temperature from the 1D model and the FE model, as well as a comparison
between the measured coefficient of friction and the friction model prediction based
on temperature data from the 1D thermal model for both a single and double cone
synchronizer.
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Figure 4.6: Measured coefficient of friction and modeled coefficient of friction for different
maximum forces and oil temperatures.
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and the FE thermal model, as well as a comparison between the measured coefficient of
friction and the modelled coefficient of friction using the 1D thermal model as source of
temperature data for (a) Single cone synchronizer, (b) Double cone synchronizer, outer
contact interface.
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Table 4.1: Rotational speed, mean synchronization time and start of cycle temperature
at last completed speed step. *The thermocouple failed for the second test at 3000 N,
0.24 kg m2. The temperature is assumed to be equal to the first test.

Force
[N]

Inertia
[kg m2]

Last completed
speed step [RPM]

Mean synch-
ronization time [s]

Start of cycle
temperature [◦C]

1000 0.24 1300 / 1300 0.55 / 0.53 100 / 100
1000 0.98 910 / 970 1.38 / 1.62 96 / 98
2000 0.24 1170 / 1250 0.31 / 0.33 99 / 98
2000 0.98 800 / 780 0.68 / 0.65 98 / 98
3000 0.24 1140 / 1110 0.24 / 0.23 92 / (92)*
3000 0.98 690 / 730 0.41 / 0.44 99 / 98

4.4 Molybdenum coated synchronizer load limit

Table 4.1 shows the results from the speed step test with a molybdenum coated
synchronizer. The rotational speed at the last completed speed step is similar
between the repeated tests. The large difference in synchronization time between
the different test cases shows that a large difference in synchronization load is
tested. The start of cycle temperature at the inside of the inner cone shows that
the assumption of equal mean power per area including cooling time gives relatively
equal start of cycle temperature, except for the case of 3000 N and 0.98 kg m2.

Figure 4.9 shows the focal surface temperature increase from the FE model and
the average surface temperature increase from the 1D model at the last completed
speed step. The surface temperature at the onset of failure depends on the applied
force, and at lower forces also on the inertia to synchronize. At 3000 N, the spread
between the different cycles is relatively large, which is not seen at lower forces.
The average surface temperature increase follows the same trend as the focal surface
temperature increase, but is naturally lower.

Figure 4.10a shows the results of 11 different speed step tests with a force of
2500 N and an inertia of 0.42 kg m2. The variance in the speed at the last completed
speed step is low. The dashed line represents 920 RPM. Figure 4.10b shows the
result of a 200 000 cycle endurance test at 920 RPM, with a force of 2500 N and an
inertia of 0.42 kg m2. This shows that there exists a threshold which determines if
the synchronizer fails after just a few cycles, or has a very long service life. The
synchronization time is stable after the initial 30 000 cycles. The indicated wear,
based on synchronizer axial position during synchronization and recalculated to
the cones normal direction, rapidly increases during the first 1000 cycles, and then
decreases before it reaches the expected profile after about 15 000 cycles. The initial
indicated wear is likely due to plastic deformation, while the recovery is likely due
to thermal expansion due to higher mean power in the test compared to the run-in
cycles. Full details is available in paper E.
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4.5 Results of CFRP simulation and testing

Figure 4.11a shows the measured synchronization position, which is an indication
of wear, as well as the average coefficient of friction for the four different speeds
tested. Figure 4.11b shows the simulated focal temperature at some selected cycles.
The tests at 1000, 1150 and 1300 RPM shows little wear and changes in coefficient
of friction. At 1450 RPM, there is a high wear rate after about 5000 cycles, and a
slight reduction in coefficient of friction. Figure 4.12 shows the inner cone contact
surface after the test. For the 1000 RPM test case, no hot spots is visible. For the
1150 RPM test case, a slight color change is barely visible, which might indicate the
onset of hot spots. At 1300 RPM and 1450 RPM, a “band” type hot spot is clearly
visible [113].
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Figure 4.11: (a) Measured results of physical testing: Synchronization position and co-
efficient of friction. (b) Distribution of simulated surface temperature for each initial
rotational speed.
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Figure 4.12: Inner cone surface after tests. (a) 1000 RPM. (b) 1150 RPM. (c) 1300
RPM. (d) 1450 RPM. At higher speed, the "band" type of hot spot is clearly visible [113].

4.6 Effect of manufacturing tolerances and optimal cone
angle

Figure 4.13 and Figure 4.14 show the maximum simulated focal temperature for
molybdenum coated and CFRP lined synchronizer, respectively. Both cases use the
nominal cone angle, i.e. 6.5° for molybdenum coated latch cone and 7.5° for CFRP
lined latch cone. Note that for molybdenum coated synchronizer, the temperature
increase is shown since no temperature dependent effects exists in the model. For
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CFRP synchronizers, the initial temperature is 90°, i.e. same as the oil temperature.
It is shown that roundness deviations always increase the maximum focal surface
temperature, and that the roundness deviations of one cone has little effect on the
temperature of the other cone.

Figure 4.15 and Figure 4.16 show the simulated focal latch cone temperature
for molybdenum coated and CFRP lined synchronizer, respectively, for different
relative cone angles. The different synchronizers react differently to the relative
cone angle, where the 0.5° case is generally the worst for a molybdenum coated
synchronizer, while the −0.3° case is clearly the worst for the CFRP lined synchro-
nizer. CFRP lined synchronizers are thus more sensitive to negative (as defined in
this thesis) relative cone angles than molybdenum coated synchronizers.

Figure 4.17 and Figure 4.18 show the population focal temperature based on
the results in Figure 4.15 and Figure 4.16 as well as the measured manufacturing
deviations. The black line shows the corresponding results from the axi-symmetric
model (i.e. no roundness deviations) with no relative cone angle for different speeds.
The results of a “virtual” population is also included, with an optimized latch
cone with a cone angle of 6.58° for molybdenum coated and 7.61° for CFRP lined
synchronizer. For molybdenum coated synchronizers, there is a relatively large
decrease in maximum focal surface temperature for most synchronizer cone pairs.
However, there still exist a fraction of synchronizer cone pairs with as high focal
surface temperature as for the 6.5° case. For CFRP synchronizers, there is an
even larger reduction in maximum focal surface temperature, and even the worst
tolerance cases are significantly reduced.
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Figure 4.15: Molybdenum coated latch cone temperature for different relative cone angles
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Figure 4.17: Population temperature increase for 6.5° and 6.58° molybdenum coated latch
cone.
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Figure 4.18: Population temperature increase for 7.5° and 7.61° CFRP lined latch cone.





Chapter 5

Summary of appended papers

This thesis consists of a summary and seven appended papers. In paper A, the
transition between the pre-synchronization phase and the main synchronization
phase is investigated. In paper B and C, a thermomechanical simulation model
is created, verified and validated. In paper D, the thermomechanical simulation
model is combined with physical testing to develop a friction model. In paper E, the
maximum load a molybdenum coated synchronizer can handle is identified using a
combination of simulations and physical testing. In paper F, material properties
for CFRP lining are measured, and used to identify when hot spots, reduced co-
efficient of friction and severe wear start. In paper G, the effect of manufacturing
tolerances is investigated, and an optimum relative cone angle is identified.

Paper A: Robust pre-synchronization in heavy truck transmissions
The pre-synchronization phase was studied by simulating the evacuation of lubri-
cating oil from the contact surfaces. Two models were used.

• A 2D axisymmetric model that can be used to investigate the interaction be-
tween the maneuvering system (actuator/driver behavior, gear selector shaft
and gear selector fork) and contact surface shape and parallelism. The out-
put of the simulation is the oil film thickness at the transition between the
pre-synchronization phase and the main synchronization phase.

• A 3D model with simplified geometry that can be used to investigate the
addition of grooves in the contact surface.

It was shown that the pre-synchronization is highly dependent on the maneuvering
system, and that the addition of grooves is beneficial.

Paper B: Parameter study of the thermomechanical performance of
heavy duty synchronizers
A thermomechanical FE model to simulate the combined mechanical and thermal
load during synchronization was developed. Modeling complications were discussed,
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such as how to define the contact stiffness and how to model the rotational speed
using an analytical procedure that does not support moment of inertia. A simple
method for implicit energy partition between the two cones was presented. Both
molybdenum coated and CFRP lined synchronizer were considered.

Two parameter studies were performed. The first parameter study investigated
the effect of different applied synchronizer loads, and showed that the rotational
speed to synchronize has a larger influence than the moment of inertia to synchro-
nize and the axial force. The second parameter study investigated the effect of the
cone geometry, and showed that the cone surface modification has a significantly
larger influence over the resulting temperature increase than the bulk geometry of
the synchronizer.

It was also shown that molybdenum coated synchronizers show similar thermal
trends as a CFRP lined synchronizer, but the surface temperature was significantly
higher for the CFRP lined synchronizer due to the low thermal conductivity of the
CFRP lining.

Paper C: A verified and validated model for simulation-driven design
of heavy duty truck synchronizers
A methodology for verification and validation of thermomechanical synchronizer
simulations was presented. The numerical verification was described and the results
showed that there was good agreement between analytical values and simulated re-
sults. It was also shown that the discretization error was negligible.

To validate the model, both bulk and surface temperature measurements were
performed. Bulk temperature measurements with thermocouples at three different
positions showed good agreement with simulated data just after synchronization,
but no temperature peak during synchronization was visible. This is not intu-
itive, and it was assumed to be the result of a high thermal impedance in the
interface between the thermocouple and bulk material. However, the test vali-
dated the energy partition between the contacting parts. The surface temperature
during synchronization was measured with a pyrometer. The emissivity was deter-
mined experimentally. Molybdenum coated synchronizers showed good agreement
between simulated and measured values. Simulated temperature values for CFRP
lined synchronizers were significantly higher than measured values, and a correction
factor based on the Abbott-Firestone curve was proposed and discussed. With the
correction factor, there was good agreement between measured and simulated data
for CFRP lined synchronizers.

Paper D: Predicting friction in synchronizer systems
A methodology for developing friction models for synchronizers was proposed, and
exemplified by a molybdenum coated synchronizer. It was shown that the coefficient
of friction, sliding speed and surface temperature have strong mutual dependences.
A test procedure was developed for the µ-COMP test rig to test different com-
binations of applied axial force and temperature. Measured data for axial force,
coefficient of friction and rotational speed were imported into the thermomechanical
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model developed in paper B to virtually represent each test cycle to simulate the
temperature during real test cycles. The simulated torque corresponded well with
the measured torque. The combination of physical testing and simulation yielded
about 50 000 data points containing coefficient of friction, sliding speed, axial force
and surface temperature. Axial force was assumed to be proportional to contact
pressure on the nominally smooth surfaces.

An empirical description of the coefficient of friction as a function of sliding
speed, axial force and surface temperature was developed by least square analysis.
The model showed good correlation to measured data. Additionally, a simplified
thermal model was developed to allow for quick assessment of surface temperature
as well as coefficient of friction. The model was solved iteratively due to the strong
dependence between coefficient of friction, sliding speed and temperature. The
thermal results corresponded well with results from the FE model, which means
the coefficient of friction results also corresponded well with measured data. The
simplified method is about four orders of magnitude faster than the full FE model
(0.03 s compared to 300 s).

Paper E: Evaluation of synchronizer loading parameters and their ability
to predict failure
Molybdenum coated synchronizers were tested in a µ-COMP rig with stepwise in-
creasing rotational speed difference until failure. Axial forces from 1000 N to 3000 N
were tested with an inertia of 0.24 kg m2 as well as 0.98 kg m2. Four different load-
ing parameters were used to analyze data for 10 synchronization cycles at the last
completed speed step. The analyzed loading parameters was:

• Specific energy to synchronize.

• Maximum specific synchronization power.

• Average surface temperature increase.

• Focal surface temperature increase.

The test rig measurements were used to define the simulation cases for the two tem-
perature models, a procedure developed in paper D. It was shown that both the
average and focal surface temperature increase predict failure with relatively good
accuracy. Additionally, it was shown that there exists a threshold that determines
if the synchronizers fails after a few cycles, or have a very long service life.

Paper F: Thermomechanical performance of CFRP synchronizer fric-
tion liners
Material data for thermomechanical simulations was experimentally estimated for
a CFRP lining. Compressive testing at elevated temperature was used to estimate
the compressive modulus for the lining. Dynamic mechanical analysis was used to
estimate the coefficient of thermal expansion. Differential Scanning Calorimetry



78 CHAPTER 5. SUMMARY OF APPENDED PAPERS

was used to estimate the specific heat. Laser Flash Analysis was used to estimate
thermal conductivity. A sensitivity analysis was performed, and it was shown that
the compressive modulus is the most important material parameter. By simulating
test cases from a physical test, it was found that hot spots started to appear at a
simulated focal temperature of around 200 ◦C, while severe wear and a reduction
of coefficient of friction start at 230 ◦C - 250 ◦C.

Paper G: Optimization of synchronizer cone angle with regards to man-
ufacturing tolerances of cone roundness and cone angle
The axisymmetric thermomechanical simulation model was converted to a full 3D
model. Geometrical deviations for roundness and cone angle were introduced to
represent manufacturing tolerances. The roundness deviations were assumed to be
sinusoidal, with different amplitude and frequency, i.e. shape, for the latch cone
and the inner cone due to their manufacturing processes. When both cones had
roundness deviations, the relative starting position, i.e. phase shift, is important to
find the maximum temperature during synchronization. To reduce the number of
simulations needed, only the latch cone temperature was evaluated. The roundness
and cone angle of synchronizer cones were measured and cone pairs were formed.
4 000 000 molybdenum synchronizer cone pairs and 1 700 000 CFRP lined synchro-
nizer pairs were evaluated. The simulated maximum focal temperature of these
cone pairs was evaluated. A relative cone angle was introduced by changing the
nominal cone angle, and optimum nominal cone angles for molybdenum coated and
CFRP lined synchronizers was determined, which could reduce the focal surface
temperature of the measured synchronizer population.



Chapter 6

Conclusions, discussion and future
work

6.1 Conclusions

The answers to the research sub-questions is:

RQ1: How can the frictional behavior at transition between pre-synchronization
and main synchronization be predicted?

In paper A, the oil film thickness at the transition from the pre-synchronization
phase to the main synchronization phase is assessed. The oil film thickness is an
indicator of which lubrication regime the system is working in. The simulated oil
film thickness is in many cases smaller than the asperity heights, which would in-
dicate boundary lubrication and successful pre-synchronization. The effect of axial
grooves in the contact surface is evaluated, and it is shown that the grooves signif-
icantly aid the oil evacuation during the pre-synchronization phase.

RQ2: How does the coefficient of friction depend on the operating conditions during
main synchronization, and how can it be modeled to allow for more detailed systems
simulations?

A friction model was developed and presented in paperD. The model represents the
coefficient of friction well during main synchronization. The coefficient of friction
depends on the sliding speed, the applied axial force and the contact temperature.
Above 0.5 m/s sliding speed, the coefficient of friction of one cycle increases slightly
with a reduced sliding speed. Around 0.5 m/s sliding speed, the coefficient of fric-
tion decreases rapidly. For a synchronizer, this means that the gear engagement
starts around this point. A 1D thermal model was developed, to efficiently predict
the coefficient of friction, allowing the friction model to be implemented in systems
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simulation of gear shifts and synchronizers. The 1D model removes the need for
full FE thermal simulations to estimate the average surface temperature, which is
used in the friction model.

RQ3: How do external loads as well as different characteristic design parameters
and their interactions affect the nominal and local contact interface temperatures
during synchronization?

How the contact surface temperature increase depends on three loading param-
eters as well as on geometrical parameters is presented in paper B. Increasing the
rotational speed to synchronize increases the temperature exponentially. Increas-
ing the moment of inertia to synchronize increases the temperature linearly. An
increase in maximum axial force increases the temperature logarithmically. The
straightness and parallelism of the contact surfaces is significantly more important
than the bulk geometry of the synchronizer. The interaction effects between geo-
metrical parameters are low, except for parameters related to the contact surface
geometry. CFRP lined and molybdenum coated synchronizers behave similarly,
but the temperature increase in a CFRP lined synchronizer is significantly higher
than in a molybdenum coated synchronizer due to low thermal conductivity of the
CFRP lining, which affects the heat partitioning between the cones.

RQ4: How does the service life of a molybdenum coated synchronizer depend on
the applied load, and how can the engineers developing synchronizers ensure that
the synchronizer has sufficient service life?

In paper E, it is shown that the service life of a molybdenum coated synchronizer
strongly depends on the applied load. There is a temperature increase threshold
which determines if the synchronizer fails after just a few cycles, or has a very long
service life. Both the simulated average surface temperature increase and focal sur-
face temperature increase is shown to predict failure relatively well. The threshold
for failure depends on the applied force, and shows a weak dependence on inertia to
synchronize at lower forces. Traditional loading parameters such as specific energy
to synchronize and maximum specific synchronization power show poor correlation
with failure.

RQ5: How can the material properties of a CFRP friction lining be estimated,
and how do they influence the surface temperature?

The material properties are estimated in paper F. The compressive modulus can
be estimated using compressive testing, preferably at elevated temperatures. The
coefficient of thermal expansion can be estimated by dynamic mechanical analysis
(DMA). The specific heat can be estimated by differential scanning calorimetry
(DSC). The thermal conductivity can be estimated by laser flash analysis (LFA). It
is shown that the compressive modulus has the largest influence on the focal surface
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temperature. The thermal conductivity has a relatively large effect at lower loads,
while the coefficient of thermal expansion becomes more important at higher loads.
The influence of the specific heat is relatively important in all considered cases.

RQ6: Is there a surface temperature in a synchronizer with CFRP lining, above
which surface damages can be observed and accelerated wear and performance degra-
dation will occur?

For the tested cases, hot spots did not appear when using an initial speed of
1000 RPM and clearly appeared when using an initial speed of 1300 RPM. Signs
of hot spots was barely visible when using an initial speed of 1150 RPM. The
corresponding simulated focal surface temperature is 180 ◦C for 1000 RPM, 200 ◦C
for 1150 RPM and 230 ◦C for 1300 RPM. The transition between mild and severe
wear is between the 1300 RPM and 1450 RPM load case, which corresponds to a
simulated focal surface temperature between 230 ◦C and 250 ◦C.

RQ7: How do manufacturing tolerances affect the synchronizers maximum sur-
face temperature during synchronization? Can the effects be reduced by changing
the nominal design?

The effect of manufacturing tolerances on the focal surface temperature was evalu-
ated in paperG. Cone out-of-roundness always increases the maximum focal surface
temperature. The latch cone out-of-roundness has little effect on the inner cone
focal surface temperature, and the inner cone out-of-roundness has little effect on
the latch cone focal surface temperature. It is thus not suitable to increase the tol-
erance width of one cone just because it is possible to tighten the tolerance on the
other cone. A relative cone angle can have a large effect on the focal surface tem-
perature. CFRP lined synchronizers are more sensitive to “negative” relative angles
than molybdenum synchronizers. Based on the measured geometric deviations, the
optimum nominal relative cone angle is 0.08° for molybdenum synchronizers and
0.11° for CFRP lined synchronizers. For molybdenum synchronizers, the highest
focal surface temperature will be as high for a design with no nominal relative cone
angle as for a design with a nominal relative cone angle of 0.08°, but the highest
temperature will occur less frequently. For CFRP lined synchronizers, the whole
population shows a significant reduction in focal surface temperature when a nom-
inal relative cone angle is introduced, especially for the tolerance cases that had a
high focal surface temperature with no nominal relative cone angle.

RQ8: How can thermomechanical synchronization models be validated?

In paper C, a thermomechanical synchronizer model is validated with bulk temper-
ature measurements using thermocouples and surface temperature measurements
using a pyrometer. For the surface temperature measurements, the emissivity was
estimated experimentally. The reported temperature was an average of a circular
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area with a diameter of 7 mm. The measurements validated the average temper-
ature over the measured area, as well as the time constant of the temperature
increase. A qualitative validation was performed by comparing high temperature
areas to areas where first signs of wear appear, which further validates the tempera-
ture distribution. Bulk temperature measurements were used to validate the energy
partition between the cones as well as the cooling power in the test rig. However,
due to high thermal impedance in the interface between the thermocouples and the
bulk material, these measurements could not be used to validate the temperature
peak during synchronization. Measures were taken to increase the thermal conduc-
tance to the thermocouple, but the short synchronization time does not seem to
allow for accurate thermocouple measurement of peak temperatures.

6.2 Discussion

The author of this thesis has a background as a synchronizer design engineer, and
has often thought “If I, as a design engineer, was introduced to this thesis, how
would I use it?”’

• The pre-synchronization simulations in paper A highlight how dependent the
synchronizer is on the actuator and maneuvering system. Even though the
model is not validated, I would use the results of paper A to qualitatively
assess the effects from different parameters during design. In fact, the results
were successfully used as a guide when designing synchronizer grooves that
are now in production.

• The friction model presented in paper D is interesting for system simulations,
both for simulations with quick, simplified models as well as for multibody
dynamics simulations. This was successfully done by Muhammad Irfan in
his licentiate thesis [17]. Such simulations have previously proven valuable to
predict clash from external disturbances. However, at constant coefficient of
friction, some tweaking of the friction level was needed for clash to appear.
By using the modeled coefficient of friction, maybe the tweaks would not have
been necessary.

• Predicting failure from e.g. changed frictional properties due to adhesive wear
is, of course, highly valuable. If the surface temperature can be connected
to synchronizer failure, such models would significantly simplify synchronizer
development. The results from paper E have been used to predict the load
capacity of molybdenum coated synchronizers with a thinner molybdenum
coating. The results with thinner molybdenum coated were later validated
with physical testing in the µ-COMP rig. The loss of load capacity, i.e. at
what speed step the synchronizer failed, was predicted with high accuracy.

• Introducing a nominal relative cone angle looks promising, and could poten-
tially significantly increase the robustness and load capacity, especially for
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CFRP lined synchronizers. However, before introduction, an investigation at
higher load levels have to be performed. The computational cost for a full 3D
simulation of a synchronizer cycle is high, so an axi-symmetric model could
likely be used.

• Make more informed decisions regarding synchronizer tolerances, e.g. to not
increase the tolerance width of one cone just because it is possible to tighten
the tolerance on the other cone.

6.3 Future work

Some suggestions for future work are:

• More focus on long term effects, especially for CFRP lined synchronizers.

• The assessment of pre-synchronization function can be improved in some
ways. Improvements include an investigation of what the initial conditions
are, i.e. how much oil is present between the cones when the gear shift is
initiated, which likely varies with rotational speed. The effect of grooves
on pre-synchronization performance could be evaluated under realistic condi-
tions. Additionally, more validation would be interesting.

• Friction model for CFRP lined synchronizers with other types of transmission
oils.

• Measure the CFRP compressive modulus at different temperatures, and find
a more reliable way to estimate the temperature dependent coefficient of ther-
mal expansion.
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