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ABSTRACT 

The thesis comprises six papers with the overall theme of measurement, assessment and control of 
diesel engine noise, with an emphasize on control. The radiation of noise is shown to be dominated by 
the low end of the engine sides and by the engine front. The mode shapes of the crankcase, the oil sump 
and the timing transmission cover are investigated. The vibrations are measured and analysed through 
running mode, modal analyses and SEA. The noise radiation is explored in detail with near-field 
measurements of sound intensity. In the engine front, the noise radiation is shown to have contributions 
from the timing casing, the oil-sump front and the crankshaft torsion vibration damper. The radiation 
from the torsion damper is analysed by a regression analysis of measured intensity data and the 
vibrations of the damper are investigated with a laser-doppler vibrometer. The results show that the 
damper vibrates in the axial directions with vibration modes that both radiate noise and interfere with 
the radiation from the engine structure. It is shown that there in the engine front are strong coupled 
vibration modes between the timing cover and the oil sump front in the frequency range 500 Hz - 1 kHz. 
The importance of the strong vibration modes in the crankcase and the oil-sump sides is shown. The 
propagation paths of noise and vibration to the engine front have been examined with an SEA power-
flow analysis and by opening the front cover to measure the sound power from the timing gears. The 
main excitations of the front cover are found to be by engine block vibrations below 1.25 kHz and by 
timing gears noise above 2 kHz. Various constructions to control the noise are tested. Two stiffeners 
are designed and tested to reduce vibrations in the engine low end, one ladder frame introducing stiffness 
at the crankcase flange and one bearing beam introducing stiffness at the main bearing caps. The 
stiffeners have been evaluated by sound intensity measurements and mobility measurements. The ladder 
frame gave good noise reductions but the bearing beam merely caused frequency shifts of the bearing 
modes. A decoupling of the oil sump resulted in significant noise and vibration reductions. The timing 
cover is modified by increasing the damping and by decrease the radiation efficiency. Various interior 
panels are tested, like plexiglass and aluminium panels of different thicknesses, a rubber damping layer 
and a combined rubber/steel-sheet damping layer. A thin plastic sheet has low radiation efficiency and 
may thereby lower the noise emission. A slightly improved model for calculation of radiation efficiency 
of small irregularly shaped plates is suggested. 

The traditional SEA prediction model is shown to be ill-conditioned for engine applications. An 
improved model using geometric averaging is suggested and evaluated. The results show that the new 
SEA model is working well for frequencies down to 800 Hz for predictions of damping treatments, 
decoupling of the oil sump and for power-flow determinations. The concept of equivalent mass is found 
valuable and validations are made according to the consistency and reciprocity theories. 

A hemi-anechoic engine laboratory is constructed and evaluated. New efficient low-cost diffusing 
absorbers have been designed, the performance is evaluated with standard deviation analysis of sound 
pressure measurements. The performance of the absorbers is found to be compeatable with much more 
expensive commercial designs. 

Measured sound intensity in three-dimensional vectors is a powerful tool to identify and illustrate 
sound fields. When used in nearrfields to identify complex noise sources large errors may occur. It is 
shown that the low relative levels of vector components and the reactivity of the sound field give large 
errors in repeated measurements. Analyses and comparisons are performed on a simple source and on 
an engine. A two- and a six-microphone probe were used that were hand-held and robot-controlled. It is 
concluded that, in point-intensity measurements on engineering noise sources, a 4-6 microphone probe 
and a precision positioner should be used to get reliable measurements. 

Keywords: Diesel, engine, noise, vibrations, sound intensity, three-dimensional, Pi-index, 
runningmode analysis, modal analysis, modeshapes, mobility, radiation, ladderframe, 
crankcase, bearingbeam, bearingcap, oilsump, timingcover, plexiglass plates, timing gears, 
damping, radiation efficiency, torsion damper, regression analysis, hemi-anechoic, engine 
laboratory, wallabsorbers, SEA, geometric averaging, energy flow, concistency, reciprocity. 
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SURVEY 

1. Background 

Noise from trucks and buses has been recognised as a severe environmental problem in 
our communities. Authorities have been focusing the problem during the last decades, with 
increasing demands for lower noise emissions as a concequence. The increasing demands have 
led to a decrease of emission limits from trucks with 12 dB A from 1980. The next coming 
important time for lower limits is set to 1995/96 when the new EEC directives 92/97 are 
coming into force. The new rules are setting a maximum level at 80 dBA for >150 kW engines 
according to the standardized test and certification method. In the certification test of trucks 
the noise emission is measured during acceleration, the mesurement microphone is located 7.5 
m from the test road centre and the tested vehicle is approaching at a specified rpm and gear. 
When the vehicle is at a distance of 10 m it is given full acceleration and the maximum noise 
level is registered while the vehicle is passing. The test is repeated for a number of specified 
gears. This test method emphasizes the driveline noise, like the engine and the gearbox and 
also makes it very important for vehicle maufacturers to control the noise from these 
components. The engineering solutions that are being used today to meet the limits of this 
certification test are various kinds of covers around the engine, like a half-tunnel under the 
engine or a set of enclosures around the engine. It has been very hard to construct a 
conventional engine that fulfills the noise emission demands at the same time as it fulfills the 
demands of cost-efficiency and low exhaust emissions. These demands are sometimes 
contradictive and they lead to the use of direct-injection, high pressure and intercooler 
techniques, giving a high compression and a fast combustion which in turn result in high noise 
levels. The noise reducing solutions with tunnels and enclosures are not desired as they 
involve more parts, higher weight, heat problems and impared maintenance conditions. 
Effective noise reduction techniques that are integrated in the engine construction are therefore 
desirable. 

The discussions about engine noise research at Luleå University of Technology started 
in 1987, the first issue was about rebuilding and modernizing an old and simple engine 
emission laboratory. There was at that time a quick development of new noise and exhaust 
emission limits. Industry, authorities and research-foundations like Swedish Transportation and 
Communication Research Board (KFB) and Swedish National Board for Industrial and 
Technical Development (NUTEK) therefore expressed the need for extended research in the 
areas of noise and exhaust emission control of diesel engines. SCANIA Trucks and buses also 
showed an interest to participate in a research and development cooperation. 

The design of the new laboratory started in 1989 and involved much effort the first 
years to search for investment and research funds as well as for suitable measurement and 
analysis equipments. It was decided that the laboratory should be a multi-purpose laboratory 
for research both in engine noise and in exhaust emissions, and that measurements should be 
possible to do simultaneously in both research areas. Acoustically the first task was to design a 
hemi-anechoic laboratory for the engine noise measurements. The first funds raised were very 
limited, so the laboratory had to be given a new low-cost design. Especially the traditional wall 
absorbers for anechoic rooms are very expensive. The new absorbers should, apart from beeing 
inexpensive, have high absorption down to 100 Hz, be diffusive and be durable, easy to mount 
and to replace. A design was made that, with some simple cuts, changed standard glass-wool 
absorbers into folded, wedge-shaped absorbers that performed as requested, paper F. 

The next tasks were to choose, install and evaluate measurement and analysis 
equipments for use in the laboratory. The acoustical parameters that should be possible to 
measure and analyse were: sound pressure at 1 m distance, acoustic intensity, running mode 
analysis, signature analysis and modal analysis. The positioning of pressure and intensity 
microphones should of safety, efficiency and precision reasons, be possible to do with a remote 
controlled robot. The modal analyses should be able to be used for modal modification 
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predictions and for modal parameter updating of FE-modelling. A Leuven Measurement and 
Systems (LMS) CADA-X system with a HP Paragon front-end was chosen. 

These first years of work in the engine laboratory involved a number of diverse tasks 
like design, development, research, employing doctorands and building up skill and experience. 
This build-up period has also had an influence on the contents of this thesis. My research work 
is summarized in the thesis papers and it comprises a broad approach to the area of engine 
noise, like: how to design and evaluate a hemi-anechoic laboratory, test and evaluation of a 
measurement method, improvement and evaluation of a prediction method for vibration energy 
flows in engines, identification of noise sources in the engine by applying various advanced 
measurement methods and to design, test and assess noise control solutions. The overall theme 
for my work is measurement, assessment and control of diesel engine noise, with the focus on 
noise control. Engine experiments have mainly been performed on a SCANIA 9 litre, 6 
cylinder, inline, turbocharged diesel engine. Exhaust noise is not treated as it is beyond the 
scope of the thesis. 

2.1. Excitation and propagation 

The main excitations of noise within a diesel engine are i) forces from the combustion 
pulse, ii) piston slap when the pistons make transverse movements inside the cylinder and hit 
the cylinder walls, iii) mechanical noise from gear impacts, valve lifting etc. and iv) noise from 
equipment attached to the engine like fuel injection pump, generator and turbo fan. Generally 
the combustion pulses give the predominant noise excitation forces, Ref. 1. In the front side of 
the investigated engine, the timing gear mechanism was found to be a strong noise source at 
high frequencies, paper B. This type of source is also treated in Refs 2 and 3. 

The main transfer paths of the strong combustion pulse is either through the cylinder 
walls or along the piston rod to the crankshaft bearings. In Ref 1 the transfer paths of the 
combustion pulse have been analysed. There it is shown on an industrial engine, that the 
transfer path through the crankshaft bearings is dominant. Through this transfer path the 
combustion pulse give rise to vertical forces in the piston rod, these forces give vertical and 
horizontal counterforces in the crankshaft bearings, which in turn make the main bearings and 
bulkheads vibrate. As the bulkheads are effectively coupled to the low end of the engine block, 
i.e. the crank case, the engine sides will start to vibrate and radiate noise, this is illustrated in 
figure 1. Vibrations will also be transferred to the light and stiff covers that are attached to the 
engine block, like the oil sump and the timing transmission cover. 

2. Models for excitation, propagation, structural response 
and radiation of combustion engine noise. 

Crank case 
f i t Lateral vibrations 

Connection to 
crank case skirts 

Figure 1. Vertical piston rod forces exciting axial bending vibrations in bearing caps and 
lateral bending vibrations in the engine sides, i.e. the crankcase skirts. 
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The vibration energy flow from the engine block to the light covers is facilitated by 
relatively effective couplings, by low mass in the covers and by low internal loss factors in the 
covers. This is in rum resulting in high vibration levels in the covers. As the stiffness of the 
covers is relatively high the vibrations will effectively radiate noise at mid and high frequencies. 

The energy flow between the substructures, i.e. the engine block and the covers, of an 
engine can be modelled by the Statistical Energy Analysis (SEA) method, Refs 4 and 5. The 
SEA method takes into account the time- and surface-averaged vibration energy per frequency 
band in each substructure. A "profile" of the vibration behaviour of the engine is obtained by 
estimating the coupling loss factors between the substructures and the internal loss factors of 
each structure. Through these loss factors the vibration distribution in the substructures can be 
predicted. When applied on an engine the loss factors are determined through measurements of 
vibration responses over the whole engine when power is injected with a vibration exciter in a 
number of locations on the engine substructures. It has been shown in paper C that the 
complex structure of the engine causes problems in this determination. The problems have 
been identified as strong local vibrations, strong couplings between some structures at some 
frequencies and a limited upper frequency range of the exciter. These problems lead to 
negative loss factors and ill-conditioned matrices. To overcome some of these problems the 
SEA method has been improved by the introduction of a new averaging method called 
geometric averaging. 

The results with the improved SEA model show that the errors when calculating loss 
factors are substantially reduced, and that the useful frequency range of the SEA modelling can 
be extended in low frequencies down to 800 Hz for predictions of damping and decouplings. 
Other important conclusions are that internal loss factors should be measured in situ due to the 
strong coupling damping, and that the model can be simplified by neglecting indirect couplings. 
SEA estimations of the energy flows between the structures showed that the energy flows 
were dominated by energy from engine block to the covers at frequencies below 1.25 kHz, 
figure 2. 

800 Hz 1 kHz 1.25 kHz 

105.5 
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96.3 

96.9 112.6 
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Figure 2. Examples of SEA-estimated vibration energy flows in a diesel engine,(dB Watt rel 
JO-I2 W). Substructures; 1 - engine block, 2 - valve covers, 3 - transmission cover and 4 - oil 
sump. 
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The net energy flows at higher frequencies were found to be from the transmission 
cover to the engine block and from the valve covers to the engine block. These vibration 
energies are assumed to be caused by gear noise inside the transmission cover and valve 
impacts inside the valve covers. 

2.2. Structure response. 

At ISVR in Southampton a model that comprises combustion noise excitation, 
structure response and radiation from combustion engines has been developed. The model has 
been developed from years of experiences with combustion engines, Ref. 6. The model gives a 
comprehensive and easily understood overview of the total noise generating mechanisms of 
combustion noise. It combines the excitation spectrum of the combustion pulse, the structure 
responses and the radiation efficiency of the structure. In figure 3 the model shows; a) the 
spectrum of the combustion pulse, b) the product of the structure response and the radiation 
efficiency and c) the resulting sound pressure spectrum, from the sum of a and b. Parameters 
like engine speed and load can also be inserted in the model. Generally it has been shown in 
Ref. 6 for turbo-charged diesel engines, that the noise level is logarithmically increasing with a 
maximum slope by about 10 dB A per doubling of speed up to 2/3 of rated speed and that the 
noise level is increasing with load until half load and is then decreasing. It can also be noted 
that the spectrum of the excitation pulse is not a continuous function, but a sum of a number of 
finite frequencies that originate in the repetition of combustion firing. For example a four-
stroke 6 cylinder diesel engine will have one combustion per cylinder at each second rotation. 
This makes combustion pulses at At = 0.5 • 6 • = 180/^ seconds and a first order firing 
frequency of Af = 1/At = ^/\%q Hz, where N is the engine speed in rpm, e.g. Af = 4.4 Hz at 
800 rpm and Af — 10.6 Hz at 1900 rpm. This discrete frequency content from the combustion 
excitation can give problems when measuring with an FFT analyser where the discrete FFT 
frequency resolution can interfere with the engine firing order frequencies. 

FREQUENCY log Hz 

300 600 1200 2400 4800 10000 

100 

90 

70 

*>• 

500 1000 5000 
ENGINE SPEED rpm 

Figure 3. Model of the generation of engine noise, through the product of a) combustion 
excitation and b) overall acoustic response (including structure response and radiation 
efficiency), adopted from Ref. 6. 



5 

Figure 3 also gives a general view of the basic conditions for control of combustion 
generated noise from an engine. The noise can be reduced by changing the combustion 
properties like maximum pressure and knock character. This part of the problem is not treated 
in the thesis but it is investigated in a parallell study regarding noise from ethanol powered 
combustion engines. The other possibilities are to change the structural responses or the 
radiation efficiencies. In curve b) in figure 3 the general "hill-shape" of the engine structure 
response with the top around 1 - 2 kHz can be seen as well as the sharp peaks indicating 
strong individual modal responses of the engine structures. These responses are functions of 
the size, type and weight of the engine, Ref. 7. Some examples of strong engine side vibration 
mode-shapes that are causing these peaks in the investigated 6 cylinder engine are shown in 
figure 4. 

a) 
1296 Hz 

Figure 4. Examples of vibration mode shapes in a) the engine side and oil sump side, 
and b) the engine front, of an inline six-cylinder 9 Litre engine. 

2.3. Radiation of noise from vibrating structures. 

Even i f a structure is vibrating, it does not necessarily radiate noise. Thus, one 
possibility of reducing the noise from a vibrating structure is to lower the radiation efficiency. 
The radiation efficiency of a plate-like structure is normally maximum and frequency 
independent at and above the critical frequency. Below this frequency the efficiency is 
decreasing with frequency, and the slope of decrease is dependent on type of structure. This 
makes the critical frequency important. I f the critical frequency is increased for a given 
structure the maximum radiation efficiency is transferred to higher frequencies and the radiated 
noise is decreased below the critical frequency. This theory is applied for reducing the noise 
from a transmission cover in paper B. The critical frequency is determined by the relation 

fc = % , where K is a material property with a low number for structures of high stiffness, 

and t is the thickness of the material. The expression leads to the conclusion that noise 
radiation from a structurally excited surface can be decreased i f the thickness or the stiffness is 
decreased. These kinds of changes can also lead to increased vibrations. To neutralize this 
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increase, a slight adding of damping is recommended. The traditional calculation model for 
estimating radiation efficiency of plates, as summarized in Ref. 8, was not at all sufficient to 
describe radiation efficiencies from complex engineering structures, so an improved model is 
suggested in paper B. 

3. Identification of noise sources on combustion engines 

3.1. Pass-by noise emission measurements 

In the pass-by test the sound pressure level from the complete truckdrive is measured. 
The certification level for the trucks is the maximum level during the pass-by. Thus the 
moment registered as the highest level will be decisive for the acceptance of the truck. An 
analysis of the noise level variations during the pass-by can give the possibility of revealing 
where the highest noise levels are radiated, and thus make it easier to analyse the causes. This 
will also make it easier to put in noise reductions where they are most cost-effective for the 
truck manufacturers. There are methods under development to improve the analysis of pass-by 
measurements. One method is based on a quick sampling of the pass-by noise and calculations 
of radiation patterns, Ref. 9. There is also EU research work, the "PIANO" project, going on 
in order to find better measurement and analysis methods for this identification process. 

One of the problems in engine noise research is to accurately describe and predict the 
change in noise radiation when an engine is installed in the partly open cavity in a truck, and 
furthermore what happens in a transient situation like the acceleration in the pass-by test. 
While the research in an engine laboratory is limited to be made on a naked engine in an 
anechoic or hemi-anechoic laboratory. Experience has shown, Ref. 10, that for the overall 
pass-by noise levels from a truck, the current limit of 84 dBA demands a i m engine noise level 
of 95 - 97 dBA in lab at rated conditions. The coming limits of 80 dBA will set the engine 
noise limits in lab to approximately 93-95 dBA Ref- 11 In this situation the engine noise lab 
research is up to explore and show where the various sources are so that they at a later stage 
can be used in the identification process in the pass-by test. In order to make these 
identifications of sources on the naked engine there are a variety of measurement tools at hand 
in an engine laboratory. 

3.2. Sound pressure measurements. 

In the laboratory some standardised positions are beeing used when measuring the 
sound pressure levels around the engine. The positions have been chosen according to 
SCANIA standards, they are four positions around the engine at the average distance 1 m from 
the engine surfaces and at the heigth of 0.85 m from the reflecting plane underneath the engine. 
At some occasions when the sound power was determined a large number of positions were 
chosen in an imaginary measurement box surrounding the engine, according to ISO standards 
for sound power measurements. 

One early experience from sound pressure measurements in fixed points with a 
reflecting plane is that the repeatability with one individual engine installation was very good, 
the standard deviation was within 0.5 - 1 dB. But, when the engine was demounted and 
installed again there could be too big differences to be acceptable. This could also be seen in a 
comparison between our measurements and SCANIA measurements on an identical engine. 
There seem to be large influence from the main shaft installation and from the dynamometer, 
the directing of the engine and the installation in the engine stand. As a consequence of the 
poor repeatability between engine installations, reference measurements were allways done at 
the beginning and at the end of each test series. 
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3.3. Sound Intensity measurements. 

In the early years of engine noise research, lead-wrapping technique was used to 
identify noise sources. When measuring single sources or areas of radiation the engine sides 
were covered with leadplates, sometimes with absorbers in the back. At the partial areas to be 
investigated the lead was cut open and the sound pressure was measured. This was a method 
that was not only poisonous but also time-consuming and not so reliable. At the end of the 
seventies the sound intensity measurement technique with a close fitting microphone pair was 
developed for practical use, Ref. 12. This meant a revolution in nearfield measurement 
possibilities and in the identification of noise sources. The intensity technique also gives the 
possibility to measure both the magnitude and the direction of a radiated sound field as the 
measured intensity is a vector property. By coming close to a complex source, individual 
sources could be separated. The application of the "box-in" technique, where the measurement 
over a source was performed as a closed box, decreased the influence of sources outside the 
investigated source. Theoretically their influence can even be cancelled. In paper D it is shown 
that the nearby sources can have a significant influence in intensity measurements and that 
sometimes it can be necessary to complement intensity with lead-wrapping. A noise radiating 
area consisting of several sources and interactions between the sources is difficult to analyse, 
even i f both intensity and covering has been used. In order to make the analyses easier a 
regression analysis method is applied in paper D, where the various sources are seen as 
variables. Coefficients are given to weight the relative importance of each variable and the 
interactions between some of the variables. 

Still there are many uncertaintes in the intensity measurements, like instrumentation 
errors and sound field problems. I f the measurements are performed too close to a source the 
sound field can be a reactive non-radiating oscillating power flow between for example two 
poles in a dipole. The measured near-field intensity will then not be proportional to the far-field 
sound pressure. Various sound field indicators have been defined over the years in order to 
give simple descriptions of these reactivity problems, Ref. 13 and 14. These indicators, called 
PI indicators, are different measures of the difference between measured pressure and intensity, 
and they describe the degree of reactivity and the sound field direction. In three-dimensional 
intensity measurements weak vector components will be strongly influenced by the high 
pressure-intensity differences. Measured components can show large PI values even i f the 
sound field is not reactive. In paper E a field indicator called PLjj,. is introduced that 
emphasizes the strong influence by weak vector components in three-dimensional intensity 
measurements. 

The standard measurement distances in our intensity measurements have been 0.2 - 0.4 
m. The near-field areas that are too close to the source and that have high reactivity are then 
avoided. A rule of thumb says that the distance should be larger than one quarter of a 
wavelength in order to avoid the reactivity fields. The frequency range of main interest was 
500 - 4000 Hz so a minimum distance of 0.2 m was settled. The chosen measurement distances 
from the source was close enough to allow good identifications of the sources. 

In our early measurements a hand-held two-microphone probe with a two-channel 
Bruel & Kjaer FFT-analyser was used. Later on that probe was connected to the LMS/HP 
Paragon FFT-system and since two years ago a Bruel and Kjaer six-microphone probe and an 
ABB positioning robot is beeing used. The advantage with the six-microphone probe is that, 
apart from having better quality microphones, it can also register the sound intensity vectors in 
three directions simultaneously. The possibility to measure the intensity in three directions and 
then adding them to a summed vector means great advantages in describing sound fields, but it 
also leads to new problems. One problem is that the intensity vector is representing the 
intensity flow in one specified point and that it should also be measured in that single point. In 
paper E it is shown that this can lead to large measurement errors caused by imprecise 
positioning, an unstable sources and weak vector components. Another problem with three-
dimensional vectors is that the paper print-outs can be difficult to interpret i f the sound field is 
complex, e.g. the engine noise at high frequencies. At lower frequencies, figure 5, where the 
engine source is mainly like a monopole or dipole the vector presentation is easy to interpret. 
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Figure 5. Examples of three-dimensional vector plot and grey-scale normal intensity plots of 
sound intensity for measurements close to the engine front. 

Our main choice for measurement and presentation of sound intensity for identification 
of sources has been to measure the intensity normal to the surface over a standardised mesh 
with mesh size 0.1 x 0.1 m. The presentation is mostly done in iso-contour plots or grey-scale 
plots, as shown in figure 5. These plots have shown to give good indications where the 
structural sources are. Measuring sound intensity is unsufficient though when trying to identify 
the character of the sources in detail. We have therefore had as a standard procedure to 
measure the vibration mode shapes during running of the engine. These vibration modes are 
also called running modes or operational deflection mode shapes. 

3.4. Running mode measurements. 

It has become fairly easy to make large vibration measurements over a whole source 
with the introduction of modem multi-channel measurement systems. A 16 channel system has 
been used for these measurements, where one channel has been used as a reference position 
while the other 15 channels simultaneously measured the response points. Normally the cross-
power spectrum between the reference point and each response point were measured. By this, 
both the relative amplitude and the phase relation were registered. Dividing the cross-power 
with the amplitude of the reference point, the absolute amplitudes over the source can be 
determined. Inserted in a geometry and animation module the measured cross-powers can be 
used to create animated pictures over the vibrations in a surface, as shown in figure 4. These 
measurements have given good and informative pictures of the characters of the noise radiating 
vibrations. The running mode measurement technique has been applied with small traditional 
accelerometers in papers A and B, and with a laser-doppler vibrometer on a rotating source in 
paper C. The results have revealed detailed information about vibration modes in the 
transmission cover and in the oil sump front, the engine and oil sump sides and in the rotating 
torsion vibration damper. This information has significantly helped in the understanding of the 
noise generating mechanisms. The advantage with the running mode measurements is that the 
vibration modes that are really causing the noise can be seen. A limitation of the method is that 
all the mode shapes during operation are shown, without distinguishing between forced and 
natural modes. It is important to know what kind of modes that are present, as this is decisive 
for what types of actions that can be effective. Damping is for example only efficient on natural 
modes. In order to distinguish these types of modes a modal analysis has to be made. 

3.5. Modal analyses. 

In modal analysis, described in e.g. Ref. 15, the structure is excited over a force and 
acceleration transducer by one or more vibration exciters. By this setup there can be a good 
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control of the excitation forces, and the measured responses can be scaled according to the 
known excitation input. This allows the modal properties like natural mode frequencies and 
damping to be estimated. The method has been tested on some of the structures, results are 
published in Refs 16 and 17. One problem encountered with the method when applied on an 
engine, was to choose appropriate excitation positions that give a good energy distribution 
over the whole structures. This was a problem especially on the engine block. The question of 
how to choose excitation positions has been treated in Ref. 16. Another problem with modal 
analysis on engines is the limited sensitivity of the response accelerometers. Ideally an 
accelerometer should have very low weight so that additional mass is not added to the 
measured structures. But due to the law of physics the sensitivity of accelerometers is small on 
small accelerometers. This was a problem on parts of the structures to where the energy was 
poorly distributed, especially on the engine block. The problem was partly solved by using 
larger accelerometers on stiffer constructions. An important conclusion from the modal 
analysis results is that the coupling damping is large, especially in the oil sump and in the 
transmission cover. This leads to the conclusion that modal properties of these parts should be 
measured in situ. This is in accordance with the conclusions about the high coupling damping 
in SEA measurements in paper C. Modal analysis has been used mainly to identify natural 
modes in the transmission cover and in the timing gears, paper B. 

4. Some methods to control the noise from diesel engines 

4.1. Decoupling of light covers. 

The models for excitation, propagation, structural response and radiation that are 
presented in chapter 2 can be used as a basis for controlling the noise. In the papers 
experiments with several noise control methods have been performed. In paper B it has been 
shown that reducing the power flow by a resilient coupling between the engine block and the 
sump will substantially reduce the noise radiated from the sump. In engines with large metal 
valve covers a decoupling of the valve cover can lead to significant reductions at the engine 
top. A decoupling of the timing transmission cover is harder to accomplish as the cover is 
supplying rigidity and stiffness to the timing gears, to the auxiliary equipment and to the oil 
seal around the crank shaft. A problem encountered with decoupling is that stiffness will be 
lost in the transmitting structure, which can lead to increased vibrations and noise radiation 
there. This was found to have a small but measurable influence on the engine block, but a 
substantial increase of noise was seen in the lower half of the transmission cover when the oil 
sump was decoupled. 

4.2. Increase of stiffness in the low end of the engine. 

The propagation of vibrations from the pistons, over the crankshaft bearings to the 
crankcase, can be reduced by partially detaching the main bearing bulkheads from the 
crankcase, Refs 1 and 18, or by significantly increasing the stiffness through bearing beams or 
bedplates. In paper A a literature review of modifications of engine low ends is presented. The 
reported results show that noise reductions may be achieved by additional stiffness, but it is 
also seen from the references and from-laboratory experiments that the increased stiffness can 
shift the vibration energies from one frequency range to another without a reduction of the 
overall noise. This leads to the conclusion that; i f stiffness is increased the modal responses 
should be adjusted, either to give a misalignment with other structure responses, or to give a 
shift to frequencies where the excitation forces are lower. This principle can be applied on a 
conventional engine block with identical crankcase and bulkhead sections for all cylinders. This 
type of construction is shown in paper A to give strong modal responses in a few frequencies. 
By rearranging the total mass by varying the thicknesses of the crankcase sides between 
bearings and the bearing bulkhead walls a spread of the modal responses and a smoother 
overall response can be obtained. 

The crankcase is very important for the overall noise radiation, as it is the part of the 
engine block with least stiffness and as it transmits vibrations to the effectively radiating oil 
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sump. Thus, additional stiffiiess at the bottom flange of the crankcase has shown to be a very 
effective way to reduce the noise from the engine sides. Various methods to increase the 
stiffness of the crankcase have been discussed in paper A. There, a ladder frame and a bearing 
beam were designed and tested, shown in figure 6. They were designed with the objective to 
introduce stiffness between the crankcase walls and on the crankshaft bearings, and to avoid 
increased vibration propagation paths from the bearings to the crankcase. Alternative 
constructions like bedplates and bearing cap girdles have the disadvantage of connecting the 
main bearings with the crankcase. In the paper the influence by the stiffeners on mobilities of 
the crankcase flange and the crankshaft bearing caps have been investigated. It was seen that 
the ladder frame substantially decreased the mobility of the crankcase flange and that the 
bearing beam merely created frequency shifts in the bearing cap natural modes. 

Figure 6. Insertion of a ladder frame and a bearing beam to increase the stiffness 
at the low end of the engine block. 

The ladder frame reduced the sound power from the engine sides with up to 9 dB on 
some areas and up to 4.8 dB over the whole side, for single 1/3 octave bands. The overall 
reductions were highest on the side of the oil sump, totally around 2 dB(A). A decoupling of 
the oil sump reduced the noise by additionally 2 dB(A). 

4.3. Control of timing transmission cover noise. 

The timing gear transmission in the engine front is covered by a stiffened aluminium 
cover that is rigidly attached to the engine block. This construction makes the engine front side 
an important noise radiating area. It can be identified as a strong noise source both when 
measured in an engine laboratory and in a pass-by test. It is shown in paper B that the cover 
effectively is excited, both by vibrations in the engine block and by airborne noise from the 
transmission gears. It is also shown that the gears contribute both to measured noise levels and 
to a subjectively unpleasant character of the noise. The gear noise excitation on the 
transmission cover can be reduced by treating the gears with damping rings or plates. It is 
found that the interior plate of the cover is vibrating in strong resonant modes, that the 
protruding "ears" of the cover vibrate in strong whole-body modes and that there are strong 
modal couplings between the lower half of the cover and the oil sump front. Some examples of 
predominant vibration modes in the front cover are shown in figure 4. It is shown in Ref. 11 
and in our experiments that the noise radiation from the cover can be lowered by reducing the 
radiation efficiency of the front plate and by adding damping. Experiments are performed with 
the front plate replaced by plexiglass and aluminium plates of varying thicknesses, the best 
results were obtained with a 3 mm plate, giving a sound power reduction of 2-5 dB. Additional 
rubber damping on the standard aluminium cover reduced the vibrations in the front cover by 
2-7 dB. 
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4.4. Control of torsion damper noise. 

The noise radiation in the engine front is complicated by a torsion vibration damper on 
the crankshaft. In paper D it is shown that the damper is an important part of the noise 
radiation in the front. The damper is vibrating in tilting and circular modes in the axial direction 
and it is found to be an active noise source as well as an interferring counter-source. Several 
methods to cover the damper were tested. The most effective solution was a total cover, but a 
more practical solution is a ring covering the opening between the damper and the transmission 
cover. 

4.5. New engine designs. 

The noise control measures discussed above are all treating partial noise sources of the 
engine. In order to give reductions of the total noise many sources have to be treated 
simultaneously. In order to meet the current pass-by noise limits, the 1 m overall laboratory 
noise levels should be 95 to 98 dBA. These levels can be reached through modifications of 
conventional engine structures, like the modifications treated in the papers, Ref. 11. But in 
order to meet the new EEC limits without large shieldings or enclosures, laboratory noise 
levels down to 93 dBA have to be achieved, Ref. 11. In order to meet these coming limits 
either a combination of partial shieldings and modifications of conventional engines, or new 
unconventional engine concepts have to be considered. Several examples have been published 
over the years of such engine concepts with good low-noise potentials. A common 
characteristic among most of the constructions are that they have separated the engine into an 
outer shell and a load carrying inner structure. E.g. in one of the solutions an FE-optimized 
stiffened outer shell is firmly fixed at the very stiff cylinder heads, Ref. 19. In other examples 
the outer shell is attached on elastic elements, Refs 20 and 21. An important characteristic of 
good solutions like these is that the modes of the individual engine structures should be 
separated in order to minimize high noise in individual frequency bands. 

5. Future studies 

The development of a new diesel engine is very expensive and the life-time for the old 
engine constructions is relatively long. The unconventional engine types are yet unproven in 
aspects like reliability, cost, maintenance and market demands. I consider therefore the future 
for improved designs of the traditional diesel engine to be good, although improvements alone 
do not seem to lead to engines that can meet the new legal demands. A modified conventional 
engine, with optimized combustion and installed with partial shieldings may be a reliable, low-
weight and cost-beneficial solution for the future. The studies of quiet modifications will 
therefore proceed, and some ideas for future research are listed below. 

Engine noise control topics: 

- FEM optimization of a ladder frame with low weight and good efficiency. 
- Optimize an oil sump isolator to be used in combination with the ladder frame. 
- FEM optimization of a bearing beam that is combined with mass reductions 

in the bulkheads and in the bearing caps. 
- Optimization of a timing transmission casing, with separated structures to cany load 

and to cover. Front plate in a material of high internal damping, like plastic or 
sandwich plate. 

- Determination of natural modes of the torsion damper in situ and design of a small 
shielding ring integrated in the transmission cover behind the damper. 

- Combustion optimizations that fulfill low noise demands as well as exhaust demands. 

The SEA method is regarded to have future potentials as an engineering tool in engine 
noise predictions. Further investigations and improvements of the method are needed though, 
and an extension of the working frequency range down to 630 Hz is also desirable. 
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Future topics to be studied in the SEA area: 

- Applications on different diesel engine types. 
- Determination and interpretation of equivalent mass. 
- Radiation efficiency of engine structures. 
- Validation of energy-flow determinations. 
- Determination and interpretation of back-estimated operating input powers. 
- Measurements and analysis of modal density 
- Investigations on the importance of coupling damping for SEA and modal analysis. 
- Development of measurement routines for SEA measurements and a user-friendly 

SEA software for engineering use. 
- Faster methods for measurements of surface averaged vibrations, like near-field 
microphone measurements with a positioning robot. 
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Short introductions to the papers 



INTRODUCTIONS AND PUBLICATION INFORMATION 
TO T H E PAPERS A - F . 

PAPER A. 

Noise reduction of diesel engines with internal stiffeners. 

In recent years there has been an increased interest from automobile and truck 
manufacturers to reduce the noise from combustion engines through stiffening solutions in the 
low end of the engine. There are examples where the crankshaft bearings are stiffened by bearing 
beams that connect the bearing caps, or by bedplates that connect the bearing caps and the crank 
case sides. Examples are seen where the crankcase sides are stiffened by ladder frames 
connecting the crankcase sides or by bedplates. The first part of the paper is a short literature 
review of the experiences published on the topic. The presented results are somewhat 
ambiguous, they show that there are possibilities in getting reductions of 1-4 dB with bedplates 
and bearing beams, and of 1-5 dB with ladder frames. But they also show that the reductions can 
be neglectable in some applications. 

The second part of the paper comprises an experimental study of engine modifications 
with a bearing beam, a ladder frame and an isolated oil sump. The beam and the frame are 
designed to give high stiffness in the areas where they are assumed to be most effective and to 
be installed together without vibration propagating connections. The study is performed on a 
relatively light 9 litre 6 cyl inline diesel engine with an engine block of deep skirt type. The 
influence of the engine modifications is investigated through measurements of sound intensity, 
sound pressure, operational deflection mode shapes, internal and external vibrations and 
mobility. The results show that a ladder frame effectively reduces the noise from a deep skirt 
engine and that the noise reduction is much improved by an isolation of the oil sump, the sound 
power level over the whole engine side is reduced by 3 dBA. The effectiveness of the parts of 
the ladder frame are investigated through mobility measurements, the results indicate that the 
cross-stiffening struts introduce most stiffness at higher order crankcase skirt modes and that the 
rectangular frame is predominant at low order crankcase skirt modes. Sound power reductions 
of up to 4.8 dB per 1/3 octave band are shown. The results with the bearing beam indicate that 
an increased stiffness can give increased noise. Mobility measurements show important 
frequency shifts from 1.1 to 1.9 kHz, and that the higher frequencies can be more effectively 
transferred and radiated. The bearing beam also increased the transfer mobility from the bearings 
to the crank case sides at higher frequencies. The shape and the weight of the ladder frame will 
be optimised in a future study. 

Parts of the paper have also been presented at Inter-Noise 93 in Leuven, at NAM 94 in Aarhus 
and at Inter-Noise 94 in Yokohama, and published in the research report TULEA 1992:13. 
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PAPER B. 

Reduction of noise from the timing transmission cover on a 
diesel truck engine. 

The front side on many diesel engines can be a major radiator of noise, especially when 
the timing transmission is located in the front. The transmission is often covered by a casing in a 
light and stiff material like aluminium. This makes the casing an effective radiator of vibrations 
originating in the engine block and in the timing gears. In the paper the vibration and noise 
radiating behaviour of the timing transmission of a 9 litre diesel engine is shown. The 
investigations reveal that the interior panel of the front cover has a strong resonant behaviour, 
including large panel modes over parts of the cover as well as higher order panel modes. The 
protruding ears also show whole body modes and an important coupling is shown between the 
timing cover and the oil sump front. Over the coupling there are shared modes in the frequency 
range 500 Hz to I kHz. The excitation of the cover is shown to come mainly from the engine 
block, but important excitation is also found from timing gears natural modes in the frequency 
range 1.8 to 4.6 kHz. There are also important contributions from interfering vibrations in the 
close-fitting torsion damper. It is demonstrated that noise reductions can be achieved by adding 
damping and by reducing the radiation efficiency. Replacing the interior panel of the timing 
cover with a plexi-glass plate substantially reduced the noise, an optimized plate thickness was 
found at 3 mm. It is also shown that increasing the damping with added layers will give 
significant reductions of noise. An improved model for calculation of radiation efficiency is also 
suggested. 

Parts from the paper have also been presented at Inter-Noise 91 in Sydney and Inter-Noise 94 
in Yokohama, and published in the research reports TULEA 1991:02, TULEA 1993:21, 
TULEA 1993:25 and the MSc report 1990:088 E. 
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PAPER C. 

Determination of loss factors for statistical energy analysis of a 
diesel engine with geometric average approach. 

Statistical energy analysis (SEA) is a method to determine vibration energies in coupled 
structures. In a complex structure like an engine the method can be used to determine energy 
flows between the subsystems like the engine block, the oil sump, the timing transmission cover 
and the valve cover. The SEA method is based on determination of internal loss factors of each 
subsystem and coupling loss factors between the subsystems. Basically a bank of loss factors are 
determined as a "profile" of the engine, later this bank can be used for prediction of vibration 
energies and noise radiation from each subsystem when loss factors are changed, for example 
through damping or change of material or couplings. When determining the loss factors 
extensive measurements have to be made. In the paper the power input method is used where a 
vibration exciter is attached to the structure in one to three positions per subsystem and the 
vibration response is measured over a number of response points on the engine. The vibration 
energies are calculated by multiplying the measured velocities with the measured "equivalent 
mass", a concept that is not fully explained but is assumed to take into account not only the 
physical mass but also aspects like modal mass, inhomogenous mass and in-plane waves. The 
resulting vibration energies are assembled in matrix form and then inversed to obtain the loss 
factors. 

The SEA method is based on the assumption that the modal density or the modal overlap 
is large enough so that individual modes are hardly detectable. As the modal density for plate
like structures is increasing with frequency, this sets a low frequency limitation for the method. 
It also makes the method sensitive to strong predominant modes in a structure. Applying the 
traditional SEA method to a complex structure like a diesel engine, where there are both strong 
predominant modes and strong couplings between structures at some frequencies, involves 
extremely large levels at some positions. This leads to large errors like negative coupling loss 
factors in the SEA model. In the paper a new averaging procedure, called the geometric 
average, is introduced in order to suppress anomalous high values from strong couplings and 
modal responses. It is shown that geometric averaging increases the validity of the SEA method 
for engine structures at frequencies down to 800 Hz. The validity is tested with the concistency 
relationship and by reciprocity. It is also shown through an experimental verification that the 
obtained loss factors can predict the vibration levels of an engine structure when damping and 
isolation are applied. Finally it is shown that influences of structures that are not directly coupled 
can be neglected. Although the SEA method is away to "avoid" the influence of individual 
modes, it is stressed that it is important to have a knowledge of the modal behaviour of the 
structure to be able to make proper measurement strategies and evaluations of the results. In this 
paper information about the vibration mode shapes is obtained from measured operational 
deflection modes on a running engine. 

Parts of the paper have also been presented at BICRMS'92 in Beijing, ICA 92 in Beijing, 
Inter-Noise 93 in Leuven and at Vibrationsdagarna 94 in Stockholm/Helsingfors, and 
published in research report TULEA 1991:30 and TULEA 1993:21. 
Participation by Anders Ågren in all parts except the matrix calculations. 
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PAPER D. 

Application of the acoustic intensity method for predicting the 
sound radiation from a torsional vibration damper. 

Torsional vibrations in the crankshaft, the timing gears and the fuel pump drive can cause 
bad timing between the piston movements and the fuel injection start. This is especially the case 
for highly loaded engines like turbo-charged diesel engines. These vibrations are not only leading 
to a reduction in engine performance but also leading to unwanted noise and vibrations. In order 
to reduce these torsion vibrations a damper is mounted on the crank shaft. The torsion vibration 
damper can for example be constructed as a steel disc with shear rubber and an inertia ring. The 
investigated engine has a viscous damper that is mounted in the back of the belt pulley close to 
the timing transmission cover. Apart from the noise and vibration reduction effect, the damper 
has also been found to have axial vibrations and to be an active part of the noise radiation in the 
engine front side. The vibration behaviour of the damper is investigated with laser doppler 
measurements on the front surface, and a running mode analysis has been made from the 
measurement data. The noise radiation from the torsion damper area is investigated through 
sound intensity measurements over a hemisphere covering the damper area. 

The noise radiation in the engine front is very complex as there are two close vibrating 
sources, the damper and the timing cover, and surrounding sources. The distance between the 
damper and the cover is also of importance, as a change of distance will change the character of 
the sources. The radiation is investigated through a series of measurements where the radiation 
conditions have been changed. The analyses and interpretations are treated in a multiple 
regression analysis that include the influence from individual variables as well as interaction 
between some of them. The noise radiation is devided into six individual "sources"; I) the torsion 
damper, I I ) the cavity between the damper and the timing cover, HI) the lower part of the timing 
cover, TV) the oil sump front, V) the upper part of the timing cover and VI) the effect of the 
torsion damper moved forward. The interest is focused on three frequency bands; 630 Hz, 800 
Hz and 1 kHz. The timing cover and the torsion damper is found to be an effective source at 630 
Hz. At 800 Hz the timing cover is the main radiator, but the damper and the timing cover 
interfere with each other and partly cancel each other when they are close. When the torsion 
damper is moved forward the radiation of the timing cover increases. At 1 kHz the timing cover 
and the oil sump front are the main radiators. The most effective method to reduce the noise 
from the torsion damper is found to be an enclosing cover. A shielding ring around the opening 
behind the damper is also effective, especially at 630 Hz and 1 kHz. The regression model is 
tested with good results as a prediction model for four modifications. 

Parts of the paper have also been presented at Inter-Noise 93 in Leuven and at Inter-Noise 94 
in Yokohama, and published in the research reports TULEA 1992:12 and TULEA 1993:25. 
Partcipation by Anders Ågren in all parts except theoretical treatments of radiated sound 
power. 
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PAPER E . 

Experimental study of repeatability errors in 3D sound intensity 
measurements in narrow frequency bands. 

Measurements of sound intensity is a powerful tool to identify noise sources. One 
advantage with sound intensity is that measurements close to a source can be made. Another 
advantage is that the intensity can be determined as a vector with both direction and magnitude. 
There are various ways to display the intensity radiated from a surface, like for example three-
dimensional vector plots, iso-contour plots, shaded plots or topographic maps. Detailed 
information about the magnitude and the direction of a radiated field can be obtained with vector 
plots. With this method the intensity is measured in three orthogonal directions and the vector 
sum is calculated. However, as it is the summed vector of a point that is displayed, the three 
directions should also be measured as point measurements. This leads to problems in 
repeatability, especially in measurements on a complex engineering source like a diesel engine. 
In the paper the repeatability errors are investigated. The errors are summarized as: 1) non-
steady acoustic centre from imprecise positioning and shaking, 2) non-stationary source and 
environment conditions, 3) reactivity and directivity errors from large differences between sound 
pressure and intensity and 4) instrumentation errors. 

The repeatability errors in a near-field situation for identification of sources are 
investigated and compared between; hand-held microphone probe and robot-controlled probe, 
two-microphone probe and six-microphone probe, and a simple source and a diesel engine. The 
investigations show that significant errors can be expected for all cases except for the ideal 
measurement case of a simple source with high precision robot and six-microphone probe. The 
errors are most severe for the non-dominant components, and are found to be exponentially 
dependent on the sound field pressure/intensity relation, the Pi-index. In order to stress the 
special case of vector measurements a directive Pi-index called PIdiris defined. The index 
emphasizes the importance of the relative vector component strength. The investigations show 
that the positioning of the microphone probe is of major importance for the repeatability 
accuracy. It is also shown that the six-microphone probe is notably better than the two-
microphone probe. The six-microphone probe has the advantages of measuring the three 
directions simultaneously and a better microphone quality. 

Parts of the paper has previously been published in research report TULEA 1993:24. 
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PAPER F . 

The design and evaluation of a hemi-anechoic engine test room. 

The engine noise research at Luleå University of Technology started with the design and 
construction of a hemi-anechoic engine test room. The test room is designed as a multi-purpose 
laboratory with options to measure both noise and exhaust emissions. The test room (volume 
518 m 3 ) is designed with a limited budget with a new type of low cost wall absorbers of good 
quality. Standard 80 mm glass wool sheets with a surface of glass-fibre cloth are used. Parts of 
the glass-wool is cut out, in the middle to allow the sheet to be folded as a "V" and in the ends 
to allow the cloth to be bent around the edges. Pre-made V-shaped frame constructions are 
bolted to the walls, and the wall-absorbers are fixed to the frame with long screws and washers. 
The V-shaped absorbers cover the walls up to 2/3 of the heigth. Above that level and in the 
ceiling 80 mm flat glass-wool absorbers are being mounted at 100 mm distance from the wall 
and 200 mm from the ceiling. 

The function of the absorbers is evaluated with two methods: i) sound level decay 
measurements with distance and ii) sound level measured in a circle around a source. In both 
measurements a standardised noise source is used. The measurements of decay with distance 
give poor results. It is concluded that a standard source can not be used due to disturbing image 
source interferences from the reflecting floor. A source with a minimum heigth is recommended 
for decay measurements. In the carousel measurement the sound level is measured in a circle 
around the source at two radii, 1 m and 2 m. Two circles are tested, one in the middle of the 
room and one centered in the engine position. I f the room is ideal identical results shoiuld be 
obtained in all positions along a circle. In a real room influences from room reflections will give 
deviations from the ideal levels. The results are evaluated as standard deviations of the sound 
level around the circle. The results show that the new design absorbers have a very good 
absorption down to 100 Hz, and that the absorbers are well compeatable with much more 
expensive solutions. In the engine position the standard deviation is < 0.5 dB at 1 m radius in the 
frequency range 160 Hz to 8 kHz, < 0.7 dB at lm distance at 100 and 125 Hz and < 0.8 dB at 2 
m radius in the range 200 Hz to 8 kHz. The largest errors are obtained close to the absorbers. 
The absorbers have shown to be of low cost, durable, easy to mount, easy to replace and have 
high absorption down to 100 Hz. 

Parts of the paper have also been presented at NAM 90 in Luleå, and published in research 
report TULEA 1991:03. 
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In recent years there has been an increased interest from truck manufacturers 
on reducing the noise from combustion engines through stiffening solutions like 
bearing beams, ladder frames and bedplates. This paper presents a short 
literature review of experiences published on the topic. An experimental study of 
engine modifications with a bearing beam, a ladder frame and an isolated oil 
sump is presented as well. The beam and the frame were designed so that they can 
be installed together without vibration propagating connections and to give high 
stiffness in the areas where they are most effective. The study has been performed 
on a relatively light 9 litre 6 cyl diesel engine with an engine block of deep skirt 
type. The influence of the engine modifications has been investigated through 
measurements of sound intensity, sound pressure, running modes, internal and 
external vibrations and mobility. The results show that a ladder frame effectively 
reduces the noise from a deep skirt engine and that the reductions are 
substantially increased with an isolation of the oil sump. The results also show 
where the components of the ladder frame are effective and that a bearing beam 
can be an unsuitable solution for deep skirt engines as resonances are shifted into 
higher frequencies that can be more effectively transferred and radiated 
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1. Introduction 

It is well known that a significant contribution to the noise radiation from diesel engines to 
originate from structure radiation. As the demands resulting from noise legislation are 
increasing rapidly and as there is a requirement to make engines lighter and more efficient the 
interest in this noise source will increase and thus the need for optimisation, and additional 
stiffness and damping. Much work has been done in recent years by vehicle manufacturers in 
finding less noisy engine designs. In this paper a short literature review is presented of papers 
published in recent years where various stiffening solutions like bearing beams, ladder frames 
and bedplates have been tested. In all of these, stiffness is added to the low end of the engine, 
across the crank case skirts or across the bearing caps. Some of the presented solutions 
increase stiffness by connecting the bearing caps with the crank case, thus introducing a 
vibration propagation path from inside the engine to the noise radiating engine surfaces. In this 
paper, an experimental study on a 9 litre 6 cyl diesel engine with an engine block of deep skirt 
type is presented. A separate ladder frame, a comb-shaped bearing beam and a sump isolation 
have been tested and evaluated . 

2. Literature Review 

A. Transfer paths and radiation of combustion noise 

In previously published studies 1 - 1 0 the acoustic behaviour of the nine litre diesel engine and 
other similar combustion engines has been investigated. The dominating excitation forces 
normally originate from the combustion pulses and the main transfer paths are through the 
cylinder head and through the piston rod into the crank shaft 1> 2. The transfer paths for the 
combustion forces in a diesel engine have been investigated in 2 , where it was shown that the 
transfer path over the piston rod and the crank shaft to the bearing caps into the crank case is 
around 13 dB higher than the contribution from the cylinder liner and head. These forces along 
the piston rod give vertical forces and moments as well as horizontal and rotational forces on 
the crankshaft. The crank shaft forces induce bending vibrations in the axial direction and 
torsion vibrations on the crank shaft bearing caps leading to noise radiating lateral vibrations in 
the crank case skirts, illustrated in *, figure 1. The effectiveness of the vibration transfer from 
the bulkheads to the crankcase is dependent on the design of the engine low end. A method to 
reduce the noise by partly detaching the bulheads from the crank case walls, thus reducing the 
vibration transfer is shown in 2,8,11 T h e r e it i s shown on deep skirt engines that detaching the 
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bulkheads by removing parts of the cross supports from the bulkheads to the crank case lowers 
the noise levels. 

Lateral vibrations 
Crank case 

Piston rod 
Bulkhead 
Crank shaft 

Bearing cap 

Connection to 
crank case skirts 

Figure 1. - Vertical piston rod forces exciting axial bending vibrations in bearing caps and lateral 
bending vibrations in crank case skirts. 

The vibration mode shapes in the crank case walls are dependent on the construction 8 of the 
low end of the engine block. In both short skirt and deep skirt engines, figure 2, there is an 
efficient excitation of the lateral vibrations in the crank case walls. The crank case area is a 
major noise radiating area on both types of engine blocks, especially for deep skirt engines as 
the crank case skirt will be a relatively flexible plate of significant size. Furthermore, the sump 
will be effectively excited as there is normally a strong coupling between the crank case and the 
oil sump 5 . Oil sumps are normally constructed in materials with low damping and high 
stiffiiess, like pressed steel or cast aluminium, and will therefore also be substantial noise 
radiators. 

1 

SHORT SKIRT DEEP SKIRT 
ORIGINAL 

INTEGRATED BEDPLATE 

LADDER FRAME SINGLE DOUBLE INTEGRATED 

BEARING BEAMS 

Figure 2. - General designs of engine block low ends. 

A major part of the sump vibrations lies in a resonance-controlled frequency region 8 so 
additional damping can be effective. Significant noise reductions can be achieved by increasing 
the damping of oil sumps, this is treated in several articles and a few examples are presented in 
2,7,8,9 Another method of decreasing oil sump noise is to isolate the sump through an 
efficiently decoupling resilient coupling at the crank case flange. A disadvantage, especially for 
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deep skirt engines, with isolating the sump is that there will be increased vibration levels in the 
crank case and in the front timing cover due to the loss of mass and stiffness from the sump. 

B. Additional stiffeners inside the engine. 

Increasing the stiffness at the bearing caps and at the crank case skirts has been shown to be 
effective when it is added as axial and torsion stiffeners on the bearing caps and lateral 
stiffeners on the crank case. Several articles 1.2,7,12,13,14,16,17 n a v e s n o w n the effect of 
increasing the stiffiiess on the bearing caps as either a single beam, a double beam, integrated 
twin-beam bearing caps or as a bedplate. In table 1 there is a summary of published results 
from low end engine modifications tested under various conditions. There are examples of both 
real running engines and test engines, and vibration tests on model engines as well as FE-
models. Only a few predictions of noise reduction through FEM are presented: in 1 5 FEM 
was applied to optimise the mass of an engine block and predicted 2-3 dBA reductions with an 
increase of weight of only 1 kg; in 1 2 FEM w a s applied on cross-bolting and on a bearing 
beam; and in 1 7 FEM was used to predict reductions (that seem to be overestimated) from a 
bearing beam, a ladder frame and a bedplate. A study of the articles leads to some general 
conclusions, although their results are somewhat ambiguous.. 

Bedplates are constructions where bearing caps and crank case skirts are connected. There 
are different alternatives spanning from large cast metal constructions to thin pressed steel 
plates 1 8 and simple cross-bolting between the crank case skirts and the bearing caps. A 
bedplate will reduce the main bearing vibrations and create frequency shifts but will also 
transfer some of the vibration energy to the crank case. In 1 8 it is shown that a thin 10 mm 
bedplate mainly causes frequency shifts into higher frequencies. Some vibration reductions 
were obtained, especially at 1.6 kHz, but the radiation efficiency increased so the total noise 
was almost unchanged. Without added damping there is an obvious risk that the total noise 
reduction will be zero, in 2,13 the effect of a bedplate alone in a short skirt engine block was 
shown to be small or negligable. In 1 4 the same solution tested on a 6 cyl short skirted diesel 
engine gave resulted in 2.5 dB reduction, but with an increased engine weight of 10%. In 
deep skirt engines the reductions are generally very small. 

Bearing beams that are either bolted to the bearing caps (mounted in pairs to be effective) 
or integrated with the bearing caps, give 1-4 dB reductions for both short and deep skirt 
engines. In article 1 3 it is shown that the best results with an integrated bearing beam are 
reached at low speed and that there are no reductions at high speed. 

Ladder frames in deep skirt engines or ladder frame girdles in short skirt engines, give a 
wide spread of reductions of 1 to 5.5 dB. Generally, the reductions are significant on deep 
skirt engines but seem to be correlated to the relative amount of added mass and stiffiiess 
introduced by the ladder frame. An example where only minor reductions were achieved is 
presented in 1 6 where an aluminium ladder frame with a robust frame and relatively thin struts 
was used. It is unclear whether the reduction effects of these ladder frames originate from the 
mass and stiffness of the framework, which in some papers seem to be very rigid, or from the 
cross-stiffening struts inside the framework. 

Some general guidelines for low noise design of engine low ends can be summarised from the 
studied articles: 

1) Reduce the vibration transfer from crank shaft bearings to the crankcase skirts. 
2) Increase the lateral stiffness of the crank case skirts. 
3) Reduce the coupling between crank case and oil sump or increase the damping of the 

oil sump. 
4) Increase the mass and stiffness of the bearing caps. 

These guidelines are not universally applicable for all kinds of engine constructions though, as 
can be seen in the references and as will be shown in this paper. 
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Noise reduction 

R e f . 
No. 

Engine 

type 

S h o r t 
/deep 
s k i r t 

Mesured 
or 
predicted 

Type 
of 
change 

None Low 
(1-2 
dB) 

Medium 
(2-4 
dB) 

High 
(>4 

dB) 

Notes 

14 6c,dies. D M,P L f Z Weight 
increase 

D II Bp Z 2-10% 
S I I Bp z 

2 exper.dies. S M Bp X 
0 I I d z 
0 n L f z thin plate 
D I I Bb z 

11 - D P d z a t 2kHz 
16 4c.,gas. D (M) ,P L f z front side 

D •i Bp z I I 

D I I Bb z •i 
S M Bpl z •i 
S I I Bb z •i 

18 4C D M(exp) Bp z 
17 4 c , g a s D P L f z over

estimates !? D •i Bp z 
over

estimates !? 
D •i Bb z 

7 4 c , g a s S M sngl Bb z 
S I I dbl Bb z 

12 4c D P Bb z 
0 II Bb+Xb z 

13 V6 gas S H Bp z 
S M Bb Z2 1. high speed 

2. low speed 
1. high speed 
2. low speed 

Table 1. A summary of the noise reduction results from some published experiments with 
low end modifications like ladder frames (Lf), bearing beams (Bb), bedplates (also 
crankcase/bearing cap girdle) (Bp), detached bearing caps (d) and cross bolting (between 
bearing caps and crank case) (Xb). The sound pressure reductions are normally measured or 
predicted at 1 m distance in dB or dBA levels. 

3. Experimental Study on a 9 Litre Diesel Engine 

In this study experiments have been performed on a 9 litre, 6 cyl diesel engine rated at 160 
kW. The engine has a relatively light weight engine block of deep skirt type with 5 mm crank 
case skirts and is equipped with an oil sump in 4 mm cast aluminium. The noise reduction 
effects of a double bearing beam, a ladder frame with variable stiffness and an isolated sump 
have been investigated. Measurements of surface vibrations, bearing cap vibrations, sound 
pressure, sound intensity and mobility have been performed, both on a running engine and on 
a stripped engine excited with a shaker. These measurements were performed in a hemi-
anechoic engine laboratory where the engine was installed with the crank shaft centre 0.7 m 
above a reflecting plane. The measurement and analysis equipment were based on a LMS 
CADA-X analysis system with a 16 channel HP Paragon 35650 Front-end. Accelerometers 
were 2 grams 353M15 by PCB, impedance head was B&K 8001, sound intensity microphones 
were B&K 4177 2 -micr. probe and B&K 0447 6-micr. probe powered by a B&K 5953 power 
supply. The intensity probes were hand-held or controlled by an ABB 1500 precision robot. 
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4. Design of Ladder Frame and Bearing Beam 

The main objective of the modifications was to increase the stiffness at the areas where the 
noise generating force input is high (the bearing beam) and where noise radiating and exciting 
vibrations have their highest amplitudes (the ladder frame). In the study one pair of bearing 
beams and one ladder frame with cross-stiffening struts connecting the crank case skirts have 
been designed, figure 3. The parts were designed without inter-connections to avoid unwanted 
vibration propagation from the bearing caps to the crank case skirts. 

Figure 3. - Ladder frame and bearing beam (long version) mounted inside the engine. 

Ladder frame: The ladder frame was designed as a rectangular frame with nine cross-
stiffening struts. The struts are removable to permit investigations of variable stiffness. The 
struts have a "bow-shape" to fit under the crankshaft counter-weights. The bow-shape is not 
ideal from a stiffening point of view but was necessary because of the space needed for the 
crankshaft throw. It was possible to fit two straight struts where there were no crank shaft 
counter weights. Straight strut prototypes were also made but were not tested. The total 
stiffness of the ladder frame depends on the thickness and height of the frame as well as the 
profile, width, number and position of the struts. The frame had a cross-section area of 35 
mm thickness and 26 mm width and the struts had a total height of 62 mm, width 20 mm and a 
minimum bow thickness of 18 mm. The material was construction steel with a total mass of 
27.5 kg (4 % of the total engine weight). A reduction of the weight could however be 
achieved by changing to aluminium, leading to a reduction in stiffness though. 

Bearing beam: The bearing beam was designed as two parallel beams in order to reduce 
both axial and torsion vibrations in the crankshaft bearing system. The beams were mounted on 
the bearing caps with long bearing bolts. Construction material was steel and the total weight 
was 14 kg (2% of the total engine weight) for the double beam. Beam height was 76 mm with 
a cross section in the narrow section of 36 mm width and 20 mm thickness. The bearing beams 
were made in two versions, one longer version connecting bearing caps No. 2-7, where the 
bearing cap No. 7 is in the back end of the engine block close to the flywheel cover, see figure 
3. This mounting position creates the undesired effect that the beam will introduce an increased 
connection between the "free" bearings and the engine block. Therefore in another version, a 
second shorter bearing beam was tested, connecting bearings No. 2-6 only. 
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5. Measurements on Running Engine 

A. Running mode measurements on standard engine. 

The noise radiating vibration mode shapes of the engine can be analysed through a running 
mode measurement. The phase and magnitude of a number of points are measured and 
transferred to a geometric model of the engine. From this model animated mode shapes can be 
obtained showing a good estimate of the real engine vibration mode shapes during operation. 
The efficiency of a ladder frame to reduce noise is dependent on the mode shapes of the 
vibrations that it is designed to suppress. Running mode measurements were therefore 
performed on the engine to study the deflection mode shapes of the frequencies that 
predominant in the engine noise. To obtain a fixed phase relation between the measurement 
points, the cross-power spectrum between a reference point and the response points were 
measured according to: 

where X,(ea) is the complex response spectrum and X'(a) is the conjugate of the 

complex reference spectrum. The running modes were normalised for absolute magnitudes by 
dividing the cross power by the RMS value of the auto-power spectrum at the reference point: 

Xi{a>) = 
Gv(a>) 

220 Hz 

852 Hz 

552 Hz 

1136 Hz 

1296 Hz 2116 Hz 

2432 Hz 2736 Hz 

Figure 4. - Typical operational deflection mode shapes on the exhaust side of the engine for some of 
the dominant noise radiating fi-equencies. In the modes 220, 552, 852 and 1.3kHz the 

engine sides were moving in phase, other frequencies were in antiphase, "yawning modes". 
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One multi-point measurement was made on the surface of the lower part of the engine block 
and the oil sump side and one was made on the surface of the timing cover and oil sump in the 
front. Another measurement was made around the whole engine with only a few points to 
investigate the relative phase of the engine side motions. In figures 4 and 5 some typical mode 
shapes at important frequencies are shown for the exhaust side and the engine front. 

664 Hz 808 Hz 1024 Hz 

Figure 5. - Operational deflection mode shapes on the front side of the engine with an aluminium 
timing cover and the oil sump front. Examples for somes predominant noise radiating frequencies. 

Experimental modal analysis and run-up measurements of sound pressure and vibrations 
were also performed. It was found that the frequency bands that have the highest levels are 
constant over the active speed range and that the predominant running modes seem to be 
identical to natural modes. This indicates that natural modes are the main structural sources of 
radiation. 

B. Relation between ladder frame stiffness and mode shapes in the 
coupling flange 

A ladder frame can generally be expected to be most effective: A) at frequencies that have 
high vibration amplitudes in the crank case flange, and B) at frequencies where the oil sump 
has strong natural modes. There are three main properties of the ladder frame that can be 
assumed to contribute to the reduced engine noise and vibrations: 1) the stiffness of the struts 
(longitudinal, vertical bending and horizontal bending stiffnesses), 2) the bending and torsion 
stiffiiess of the frame, and, 3) the mass of the frame and the struts. The ladder frame in this 
study was designed with two struts crossing the crank case at each crank shaft overslung. A 
sketch of how the vibrations of the bending mode shapes will give an impact on the struts in 
shown in figure 6 for three typical crankcase mode shapes. The figure indicates that it is more 
than the cross-stiffness of the frame and the struts that are important. It can be seen that the 
horisontal bending stiffiiess of the struts will be important as well. The figure indicates, 
especially for frequencies of the 1st order crankcase modes between bearings (around 2.1 
kHz), that the struts will mainly be exposed to bending moments. For opening closing crank 
skirt modes of >2nd order, approximately 1.3-1.9 kHz, it seems like the longitudinal stiffness 
of the struts are of greater importance. For side by side engine block modes of 1st order, 
around 220 Hz, and 3rd order crank case modes, around 1.2 kHz, it seems like some struts will 
mostly be translated laterally while some struts will more be exposed to moments. At 
frequencies >3 kHz the vibrations are mainly local panel modes in the oil sump and in the crank 
case and are not concentrated to the crank case flange to such a degree. 

In the engine front there is a direct coupling between the two relatively flexible and 
undamped structures; the timing transmission cover and the oil sump front. They showed 
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shared modes with low damping in their coupling flanges, especially at 630, 800 and lk Hz. 
These modes may be expected to be substantially influenced by the ladder frame as the added 
relative stiffness and mass will be high. 

bearing caps struts 

1 1 3 1 1 

t=ai—ia-

crank case 

1200 Hz f l a n 9 e 

1600 Hz 2100 Hz 

Figure 6. - Outline of vibration mode shapes of the crank case superimposed over the ladder 
frame to illustrate the forces and moments acting on the ladder frame struts. 

C. Vibrations in bearing caps with bearing beam. 

Accelerometers were mounted on two bearing caps inside the engine and on the crank case 
flange with the objective of investigating how bearing cap and crank case vibrations are 
influenced by the bearing beam. The vibrations in the bearing caps were measured with seven 
transducers. Seven transducers were screwed to bearing caps No. 2 and 3, six of them for 
measuring in the crankshaft axial direction, one for measuring in the lateral direction. Four of 
the axial transducers were mounted close to the crankshaft bolts, and two transducers were 
mounted on the bearing cap top. Six transducers were screwed to glued nuts along the crank 
case flange, three of them were in line with a bearing and three were in the middle between two 
bearings. Cross power and auto power spectra were measured and analysed as absolute levels 
and running modes. In this test, the short bearing beam was used (connecting bearing No. 2-6) 
in order to avoid the assumed increase of vibration transfer from the bearings to the engine 
block. 

t — • ' r - 1 — 1 — 1 , 1 , 1 

Figure 7. - Vibrations measured on a running engine on bearing cap No. 2, close to a bolt in 
a) axial direction, b) lateral direction. Comparison between standard engine (solid line) 
and engine with short bearing beam (dashed line). Measured at 800 rpm at half load. 
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The results showed that the shapes of the vibration spectra in the axial direction were 
independent of speed. The increase in level with speed was about 10 dB at a speed increase 
from 800 - 2100 rpm at full load. The axial vibrations in the bearing caps were dominated by 
peaks around 580 Hz and by higher order modes around 1.6 kHz and 3 kHz. When the bearing 
beam was mounted the predominant bending modes around 580 Hz were shifted to around 1.1 
kHz, leading to an increased vibration level of more than 10 dB at 1.1 kHz. There was also a 
shift of the peaks at around 1.6 to around 2.3 kHz, figure 7. Only smaller changes on the crank 
case flange could be observed. 

D. Vibrations in crank case and oil sump with isolated oil sump and 
a ladder frame. 

It is well known 9 that the vibration response of an oil sump normally is dominated by resonant 
behaviour. I f the excitation from the crank case flange is decoupling the vibrations in the sump 
can be effectively reduced. With traditional materials in the sump, the radiation efficiency will 
be high the noise radiation will be reduced as well. In order to evaluate the reduction of 
radiated noise that can be achieved by a decoupling of the sump, vibrations were measured 
with the ladder frame and an isolated sump. The measurements were made at eight points on 
the oil sump and at six points on the crankcase at 12 engine speeds. The sump was isolated 
with a 12 mm soft rubber seal in the crank case flange and bolts that were isolated by a rubber 
tube and a rubber washer. The effect of the ladder frame on crank case vibration is shown in 
figure 8. It can be seen that the ladder frame reduced the vibrations in the crank case in the 
frequency range 0.8 - 3 kHz, with a maximum reduction in the range around 0.8 - 1.3 kHz. 
The crank case vibrations increased slightly when the oil sump was isolated, but when the 
isolated sump was used in combination with the ladder frame the crankcase vibrations did not 
substantially increase. 

Frequency 

Figure 8. - Average vibrations in the crank case with ladder frame (dashed line) and without (solid 
line). 

The ladder frame reduced the oil sump vibrations in the frequency range 600 Hz - 3 kHz, 
figure 9. When the isolating rubber seal was mounted between the sump and the crank case 
the vibrations of the sump were substantially reduced at frequencies above 300 Hz. 
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Figure 9. - Average vibrations in the oil sump with ladder frame (dashed line), isolated oil sump 
and ladder frame (dotted line) and standard engine (solid line). 

An estimate of the vibration isolation introduced between the sump and the crank case was 
obtained from the difference between the time and space averaged acceleration of the oil sump 
(8 measurement points) for: 1) the ladder frame alone and 2) the isolated oil sump together 
with the ladder frame. The vibration isolation was then found to be increasing by 
approximately 7 dB/octave from 300 Hz to 2 kHz and by 10 dB/octave from 2 to 4 kHz, figure 
10. There was no reduction at the fundamental engine beam mode around 200-300 Hz. 

Vibration isolation of oil sump 
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Figure 10. - Average vibration isolation by a 12 mm rubber seal and isolated bolts between the crank 
case flange and the oil sump flange. Measured in combination with a ladder frame. 

E. Sound power radiation from engine sides with ladder frame and 
bearing beam. 

Mapping of active acoustic intensity with and without the ladder frame and the long bearing 
beam (connecting bearings No. 2 to 7) was performed on three sides of the engine: the engine 
front, the exhaust side and the injection pump side. The intensity normal to the plane was 
measured at an average distance of 0.2 m from the engine surface. A 7x9 wire-grid with mesh 
size 0.1x0.1 nfi was used for guiding the intensity probe, the microphone probe was swept 



12 

within each mesh. The sound power reductions for the two sides that are dominated by engine 
body structural radiation are shown in figures 11 and 12. The results from the measurements 
with ladder frame and bearing beam mounted together show that the individual results simply 
add and are therefore not shown. 

630 Hz 2 kHz 

630 Hz 2 kHz 

Figure 11. - Sound intensity reductions from the ladder frame, measured on the engine front and the 
exhaust side for some of the frequency bands with the highest reductions. 

The resulting maps of reductions in sound intensity, L|i| red > f ° r t n e ladder frame are shown 
in figure 11, and for the long bearing beam in figure 12. Where L m r e c j = LjT| o rjginal " 
LIIImodified • The measurements were made at constant engine speed and load, 1900 rpm and 
370 Nm. 

The trial with the ladder frame showed very clear sound power reductions on all three sides 
of the engine. These reductions were emphasized at the engines lower half and especially 
around the oil sump. Reductions were seen of up to 9 dB on individual grid surfaces and of up 
to 4.8 dB over the whole surface for single 1/3 octave bands. The ladder frame was especially 
effective at the exhaust side in the frequency range 1-1.6 kHz, where there are crankcase 
modes of low order and oil sump modes of 4th to 6th order, the mode shapes have previously 
been presented in 1 9 An example shown in figure 8 is the 3rd order crank case mode around 
1.25 kHz, where it may also be observed that the highest reductions were over the oil sump 
side. At the engine front the reductions were highest for the frequency bands of the 
predominant timing cover and oil sump front low order modes, 630 - l k Hz. Lower, but still 
substantial, reductions were found for higher order panel modes, 1.25-3.15 kHz. The highest 
reduction was found in the 1 kHz band. This is a frequency where there is a strong 2nd order 
natural mode connecting the lower half of the timing cover and the oil sump front. The ladder 
frame was installed in the connection flange between the timing cover and the sump and 
apparently caused a strong reduction of that mode. 
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630 Hz 1 kHz 

Figure 12. - Sound intensity reduction and increase caused by the bearing beam (long version 
connecting bearings No. 2-7), measured on engine front and exhaust side for some 
of the most important frequency bands. 

The long bearing beam gave a very evident increase of noise on the side of the engine at 200 
Hz, 1 kHz and 2 kHz. The increase at 200 Hz was largest along the side of the sump. At 2 kHz 
the increase was mainly over the rear half of the engine. The reason for this increase at 2 kHz 
is assumed to be due to the frequency shifts of bearing cap resonances shown in chapter 5c, 
combined with an increased propagation of energy from the interior bearings to the engine 
block and the flywheel cover; this is further investigated in chapter 6 as bearing cap mobility. 
The flywheel cover is suspected to be an efficient radiator for the 2 kHz band as it is mounted 
directly to the engine block rear end and as it is a relatively stiff and undamped construction in 
cast aluminium. The only real reduction from the long beam is on the exhaust side at 400 and 
500 Hz. This decrease can be expected as the predominant bending modes of the bulkheads are 
frequency shifted out from the frequency range 450-700 Hz to around 1.1 kHz, see figure 7a. 
This frequency shift is probably the cause for the increased sound power levels at l k and 
1.25kHz that can be seen in figures 12 and 14. 

In figures 13 and 14 the total sound power reductions for the front and exhaust sides are 
shown for the modifications at a constant speed and load. The figures show that the reductions 
with the ladder frame are significant both on the engine front, 2-5 dB from 630 to 2000 Hz, 
and on the exhaust side, 2-4 dB from 400 to 3150 Hz. The long bearing beam increased the 
total sound power radiation both at 200 Hz, 1 kHz and 2 kHz. 
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Figure 13. - The influence on measured sound power on the front side of the engine from the ladder 
frame and the long bearing beam. Measured at 0.2 m distance at 1900 rpm and 370 Nm. 
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Figure 14. - The influence on measured sound power on the exhaust side of the engine from ladder 
frame and long bearing beam. Measured at 0.2 m distance at 1900 rpm and 370 Nm. 

F. Reduction in overall sound power with isolated oil sump and 
ladder frame. 

The vibration measurements clearly showed a vibration reduction effect of the ladder frame 
and that there is a large improvement i f the ladder frame is combined with an isolation of the 
sump. The improved reductions were seen as reductions in overall sound power as well, figure 
15. In the figure the effect on overall sound power radiation, distributed over four partial 
engine surfaces and measured at two speeds and loads, is shown. 

The main influence from the ladder frame on radiated sound power was on the oil sump, both 
on the side and in the front. There was only a minor impact on the overall engine block 
radiation. The timing cover radiated even slightly more when the sump and the frame were 
added. The average overall decrease on the oil sump side was 1.5 dBA with the ladder frame 
and 4.5 dBA when the sump was isolated. It was clearly seen that the ladder frame can be very 
effective i f it is complemented with modifications on the sump such as isolation or increased 
damping. 
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Figure 15. - Overall sound power reductions with ladder frame and isolated sump for four speed/load 
(rpm/Nm) combinations. Measured with a slowly sweeping intensity microphone probe 
controlled by a robot. 

6. Mobility of Bearing Caps and Crank Case Flange 

In order to evaluate the relative increase of dynamic stiffness introduced by the bearing beam 
and the ladder frame, point and transfer mobility measurements were performed. The 
measurements were done with a shaker attached to the top of bearing cap No. 1 and to the 
crank case flange, figure 16. Responses were measured as transfer functions H v in the 
excitation point with an impedance head and with 14 accelerometers on various positions on 
the bearing caps and on the crank case flange. The choice of excitation positions led to some 
drawbacks that have to be taken into account when evaluating the results: 
1) The bearings were excited higher up on the bearing caps than the real excitation from the 
crank shaft; i.e. in the bearing centre. Thus mainly the bearing cap was excited and not the 
whole bearing area and bulkheads, see left part of figure 16. 
2) The excitation on the flange of the crank case exaggerates the influence from modifications 
close to the flange, such as the added stiffness from the ladder frame and the oil sump. 
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/ / / / / / / / / / / / / / / / / / / / / / / \ — I / 
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* Response points Impedance head 
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Figure 16. - Exciter positions and measurement positions for mobility measurements. 

Bearing caps: The point mobility results obtained through excitation on the bearing cap top, 
figure 17 a), indicated that the bearing caps have their most predominant axial natural 
frequencies around 720 Hz and 1.8 kHz. Previous experiments as well as the vibration 
measurements, in ch. 5D, stated that the fundamental resonance frequencies of the bearing caps 
should be around 600 Hz and 1.6 kHz when they are naturally excited (N.E.) in or close to the 
bearing centre. Mounting the bearing beam caused a frequency shift of the natural frequencies 
to around 1.47 Hz (1.1 kHz N.E.) and to a band around 1.9-2 kHz (2.3 kHz N.E.), where the 
mobility became higher as well. The shapes of the predominant bending mode for the bearing 
caps with and without bearing beam are shown in figure 18. It is also worth noting the 
increased mobility around 2 kHz with the bearing beam; a result of this is also seen as an 
increased level in radiated sound intensity 2 0 . The transfer of axial vibrations from bearings to 
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lateral vibrations in the crank case is also influenced by the bearing beam, figure 17 b). The 
transfer mobility to the crank case flange was substantially lowered at frequencies below 1.1 
kHz but increased by 11 dB around 1.5 kHz and by 5-17 dB around 2 kHz. The first order 
natural frequency of the crank case panel between two bearings was around 2.1 kHz, so the 
increase of transfer mobility from the bearings to the crank case in this frequency range is likely 
to give increased noise radiation as well. 

Figure 17.- a) Point mobility on bearing cap and b) transfer mobility from axial vibrations in 
bearing caps to lateral vibrations in crank case flange. Measured with and without the 
short bearing beam. 

Figure 18. - Bearing cap mode shapes of the fundamental bending modes a) in standard engine 
and b) with bearing beam, short version. 

Crank case flange: It was found that the sump added significant mass and stiffness to the 
crank case flange. The natural frequencies of the low order crank case modes, 0.9 -1.2 kHz, 
decreased in frequency by about 10 % and decreased in mobility by around 3 dB when the 
sump was mounted, mainly indicating a mass-addition effect from the sump. The ladder frame 
showed itself to be an effective stiffener for lateral vibrations in the crank case flange, 
especially at frequencies 900 Hz - 2.5 kHz. In figure 19 two typical mobility results for the 
flange are shown; a) point mobility in the excitation point, and, b) transfer mobility to a 
position close to the excitation point and in line with a bearing. The influence on mobility is 
shown both for the complete ladder frame and for parts of the frame, such as the rectangular 
frame only and the frame with only four of the struts. Generally, the struts showed highest 
influence at higher frequencies, 1.7 - 2.2 kHz; the rectangular frame caused a reduction in 
mobility of around 6 dB, a reduction of another 4 dB was caused by adding 4 struts and yet 
another reduction of 6 dB was obtained when adding the remaining struts. The point mobility 
was also clearly influenced at the short panel modes between bearings around 2 - 2.2 kHz. At 
frequencies 900 Hz -1.6 kHz the main influences seemed to be from the frame alone. 
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7. Summary of Experimental Results 

A. Results with ladder frame. 

The added stiffness and mass of the ladder frame are inserted at the crank case flange where 
the crank case has its maximum vibration amplitudes and where the oil sump is structurally 
excited. Mobility measurements have shown that the main stiffness of the ladder frame was 
caused by the struts for opening closing modes at higher frequencies, 1.6 - 2.2 kHz. This is 
>3rd order crank case modes and 1st order crank case panel modes between bearings. The 
rectangular frame was predominant at frequencies around the low order crank case skirt 
modes, 900 Hz-1.2 kHz. The reduction of radiated sound power by the ladder frame was up 
to 9 dB on individual measurement grid surfaces and up to 4.8 dB over the whole surface for 
single 1/3 octave bands. 

The effect on overall sound power levels per side were distributed over the frequencies 
according to (at 1900 rpm and half load): 
- Fundamental engine block modes (125-250 Hz). Only small changes on the exhaust side. 

An increase of around 3 dB at 125 Hz on the front side. 
- Low order crank case modes and second order beam modes (400 Hz - 1 kHz). Significant 

reductions for both the exhaust and the front side. Overall reductions of 3-4 dB were 
common, except for 630 Hz (side by side modes) where there were no change. 

- >2 nd order crank case modes (1-1.9 kHz). Significant reductions on exhaust sides, 2-5 dB. 
Greatest reductions on the front side at 1 and 1.25 kHz, 2-5 dB. 

- Crank case panel modes between bearings, oil sump panel modes and timing cover panel 
modes (>2 kHz). Significant reductions on oil sump side and on crank case skirts, 2-5 dB. 
Smaller reductions on front side. 

B. Results with ladder frame and isolated oil sump 

- Complementing the ladder frame with an effectively isolated oil sump decreased the overall 
sound power radiation on the engine side by, on average, 3 dBA. The vibrations in the sump 
were greatly reduced; results showed an average reduction through decoupling that started 
above the fundamental engine beam mode around 200 Hz and then increased with frequency at 
a slope of 7-10 dB/octave. 



18 

C. Results with bearing beam. 

The bearing beam had a significant effect on bearing cap mobility, and thus on bearing 
vibrations. This added stiffness gave two frequency shifts of major importance, one shift of the 
fundamental natural frequency from around 580 Hz to 1.1 kHz, and one from around 1.6 kHz 
to around 1.9 kHz. Measurements of transfer mobility from bearing caps to the crank case 
flange showed that there can be an effective transfer of energy around the new fundamental 
bearing cap mode around 1.1 kHz and an increased transfer mobility around 1.9 kHz, a 
frequency area that is close to the 1st order crank case natural frequencies between bearings. 
The frequency shifts to around 1.1 and 1.9 kHz lead to increased sound power when the long 
bearing beam (connecting the internal bearings with the rear bearing) was used. The vibrations 
in the 2 kHz band were injected into the flywheel cover, which is mounted directly to the 
engine block rear end, and were observed as increased noise. The increase at 2 kHz 
disappeared when the bearing beam was shortened to connect only the interior bearings No. 
2-6. One conclusion is that a bearing beam for a deep skirt engine should be designed to 
connect interior bearings solely in order to avoid additional power injection into the engine 
block. 

- The noise reduction effect from the bearing beam on the deep skirt engine was small in spite 
of the strong influence on point and transfer mobility. The only clear noise reduction effects 
were on the exhaust side at 400 and 500 Hz, 2-3 dB, and on the engine front at 250 and 315 
Hz, 2 dB. 
- The bearing beam was designed for use in combination with a ladder frame. The beam was 
therefore designed in a specific bow-shape with a limited stiffness leading to the disadvantage 
of the frequency shifts coinciding with natural frequencies of the crank case skirt. A potential 
with the bearing beam for a future study is to increase the stiffness of the beam and transpose 
the frequency shifts to frequencies over 3.5 kHz. This would reduce the bearing vibrations and 
could also reduce the vibration transfer from the bearings to the crank case. Another alterna
tive is to make the crank case skirts thinner to achieve a higher frequency for the panel modes 
between bearings. For example, a reduction in skirt thickness, h, from 5 mm to 2 mm would 
result in a frequency shift for the 1st order panel mode from 2.1 kHz to approximately 3.2 

kHz, according to the simple relation for rectangular plates, fn»Kyh , where K is a material 
constant. 

8. Conclusions 

The low end of a diesel engine has a predominant influence on the radiated noise from the 
engine sides. Vibrations propagate from the piston rods over the crank shaft, the bearings and 
the bulkheads to the crankcase, and further to the oil sump and the timing cover where they are 
radiated as noise. When considering measures to be taken to lower noise radiation from an 
engine the solutions are different i f the engine is of short skirt or of deep skirt type. 
Decreasing the coupling from the bulkheads to the crank case is one way to lower the noise, 
another is to increase the stiffness of the bulkheads with bearing beams. A bearing beam will 
create a frequency shift of the bearing cap resonances into higher frequencies. It has been 
shown in this study regarding a deep skirt engine that a bearing beam can give an unwanted 
increase in noise at higher frequencies due to this frequency shift. This increase is likely to 
appear i f the frequencies are shifted into frequencies that coincide with natural modes of other 
engine parts, such as the crank case, the oil sump, the timing cover or the flywheel cover. 
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Especially i f the beam connects the interior bearings with the end bearings, leading to increased 
vibration transfer from the bearings to the engine block. 

Increasing the stiffness in the crank case by a ladder frame leads to clear noise reductions on 
deep skirt engines as the initial stiffness of the crank case is relatively low. These reductions 
can be very significant i f the ladder frame is combined with an isolation of the oil sump with a 
resilient coupling. The noise and vibration reduction of the tested ladder frame seemed to be 
caused by the cross-stiffening struts at higher frequencies 1.6 - 2.5 kHz and by the rectangular 
frame at frequencies 0.9-1.6 kHz. A main disadvantage of a ladder frame is the added weight, 
in this case a total of 4% of the engine weight. The total weight can, however, be lowered by 
reducing mass from the engine block or by optimising the shape of the struts and the frame. 
Other alternatives are to make the frame in a lower and wider profile, and to cut down the 
number of struts. Reducing the number of struts may be expected to give only a minor increase 
in noise in the frequency range 1.6-2.5 kHz, especially i f the ladder frame is used in 
combination with an isolated sump. Optimisation of a low-weight ladder frame through FE-
modelling will be performed in a future study. 
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Abstract 

The test and certification methods for noise emission from trucks, current pass-by 
test ISO 362 and coming EEC 92/97 directive, emphasize the noise from the 
driveline. In the driveline noise of a diesel engine the noise radiation from the engine 
front is often recognized as one of the major sources. The front side has the 
disadvantage of enclosing the noisy timing gear mechanism which, normally, is 
covered by a light cover that is itself an efficient noise radiator. Furthermore the 
front side of a truck is relatively open. This paper presents the sources, the 
propagation paths, the vibration mode behaviours and the noise radiation properties 
that control the noise radiation in the front side of an engine. Measurements and 
analyses of vibrations and radiated noise have revealed that the overall noise from 
the engine front radiates from the timing transmission casing, the belt pulley/torsion 
damper and the oil sump front. A traditional transmission cover in cast aluminium 
has strong resonant vibrations and it is also an effective radiator of noise in the 
dominant frequency range 630 Hz-4 kHz. The noise from the transmission cover has 
been reduced by replacing the interior plate of the cover with plexiglass plates that 
have decreased radiation efficiency and increased damping. The radiation from the 
narrow opening between the torsion damper and the transmission cover was found to 
be an important radiator. A damping ring covering the opening was tested and 
produced substantial reductions of noise. 

1) Introduction 

Noise from trucks and buses is a serious environmental problem in our communities. 
On roads in rural areas, it is mainly the noise from tyres which is the main source of noise. In 
towns where speed is low and where there are more traffic situations involving acceleration, 
the principal source of noise is the engine. The demand for quieter trucks has increased during 
the last decade; within the EU the legal limit has been lowered from 91 dBA to 84 dBA. In the 
near future the legal limit will be 80 dBA. The standardised test procedure for vehicle noise is 
the pass-by test where the vehicle is accelerating at maximum throttle while passing a 
measurement microphone at the side of the road. This test method, when applied to trucks, 
exaggerates the influence of engine noise, and especially of the radiation from the engine front. 
This implies increased importance beeing attached to the sources in the engine front, such as 
the timing transmission casing, very important. 

In this paper a study of the noise radiation properties of the front side of a 9 litre in-line 
turbo-charged diesel engine is presented. Excitation powers as well as vibration mode 
properties and noise radiation are investigated. Modifications of the transmission casing have 
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also been tested. The objective of this study has been to investigate the acoustic properties of 
the timing transmission casing and to find methods for designing covers that emit less noise. 

2) Technical function of the timing transmission casing 

The light weight casings in the engine front, chiefly the timing transmission casing and 
the oil sump, are well known to be major noise radiators on medium size diesel engines. The 
casings have a dual function; firstly to confine the lubricating oil and, secondly, to provide 
rigidity. These two functions can lead to effects regarding noise that counteract each other 
since a cover will reduce airborne noise, but a stiff construction can be an effective radiator of 
structure-borne noise. The transmission casing investigated has a back centre area that is 
rigidly connected to the engine block front. The casing is thus excited by strong structural 
vibrations. Furthermore, the casing covers the timing transmission gears which give powerful 
airborne noise and vibration excitation of the cover. Together, these excitation powers give 
high levels of vibration in the casing, and a predominant noise radiation. 

Figure 1. Timing transmission casing with front cover removed, showing the gears and the inside of 
the back cover. 

The investigated casing covers the timing gear transmission, the main function of which 
is to secure reliable and precise timing between the crankshaft, the fuel injection pump and the 
camshaft, figure 1. Other functions coupled to the transmission casing are the oil pump, the 
water pump and two optional connections. The casing is a cast aluminium construction, it is 
manufactured as a back-cover and a front-cover that are bolted together. The front cover may 
be described simply as a relatively stiff boundary frame with a 4 mm thick interior plate that is 
stiffened by 10-20 mm thick cast ribs. The casing has one protruding "ear" on each side for 
the optional connections, the water pump and for the fuel pump shaft. In the lower half of the 
front cover there is a circular hole with a resilient oil retainer for the crankshaft. There is no 
direct contact between the front cover and the crankshaft. The bottom end of the front cover is 
strongly coupled to the oil sump front with bolts along a flange. The oil sump is a cast 
aluminium construction, with an average plate thickness of 4 mm. 
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Other structures that are of importance with regard to noise radiation in the engine 
front are two belt wheels in front of the transmission casing. One is mounted on the crankshaft 
torsion vibration damper and one is mounted in front of the upper part of the casing. 

3) Noise radiation from the engine front 

The noise from diesel engines with large, stiff and light covers can be expected to be 
high M . I f such an engine is concidered as an energy conservative system with strong 
couplings between the different structures and i f there is low internal damping, then the 
vibrations will be strong in the light-weight parts. I f the radiation efficiency of the covers is 
high as well, they will then act as "loudspeakers" for the vibrations in the engine block. 

This can also clearly be seen in the studied engine. The sound pressure levels are 
highest in front of the transmission cover and around the oil sump. The noise from the front 
side is around 4-6 dB(A) higher at all speeds than the noise from the sides of the engine block, 
figure 2. The shape of the sound level spectra was also found to be approximately constant 
with speed and to be dominated by the frequency bands 630 to 2500 Hz at all speeds. 

Figure 2. Sound pressure levels measured at a distance of1 m from the four sides of the engine. 
(1900 rpm/470 Nm). 

Measurements were performed in a hemi-anechoic engine test laboratory. The engine 
was installed with the crankshaft 0.7 m above a reflecting surface. Sound pressure levels were 
measured at four positions; over the engine, on the left and right sides and on the front side. 
The average distance of microphones from the engine surface was 1 m. The measurements 
were performed with a B&K 2032 dual channel analyser and B&K 4165 microphones. Sound 
intensity measurements were performed over a 7x7 measurement grid with mesh size 0.1x0.1 
m 2 at a distance of 0.2 m from the front cover. Initial measurements, Ref. 3, were performed 
on the complete engine as swept averages within each mesh surface with a B&K 4177 sound 
intensity microphone probe. Complementary measurements of 3D intensity vectors were 
performed with a LMS CADA /HP Paragon system and a B&K 0447 six-microphone probe. 

Sound intensity contour plots and vector plots indicate that there are large differences 
in sound radiation patterns in different frequency bands. The radiation in the engine front is 
mainly a combination of radiation from various parts of the front cover, from the oil sump 
front and from the belt pulley and the torsion damper arrangement. Interaction phenomena 
between the torsion damper and the front cover, like amplification, resonance and cancellation, 
occur in the slot between the front cover and the torsion damper, this is examined in 4 . The 
radiation behaviour of the front and back of the torsion damper was difficult to investigate with 
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the engine in standard condition. The belts and belt pulleys were therefore removed, and 
measurements were performed with the torsion damper alone. In some of the measurements, 
the torsion damper was displaced 40 mm in a forward direction with an adapter. This was in 
order to obtain better access to the transmission cover and to manipulate the radiation from the 
slot. It was found that the displacement of the damper clearly influenced the radiation, but that 
the influence was ambiguous. A statistical regression analysis was therefore performed, based 
on the sound intensity results in order to evaluate the interaction phenomena, complete results 
are presented in 4 . In figure 3 some of the resulting sound intensity radiation patterns in a plane 
in front of the engine are shown. The measurements were done with the displaced torsion 
damper. 

500Hz 630Hz 800Hz 1 kHz 3.15 kHz 

Figure 3. Sound intensity radiation patterns for some 1/3 octave bands that are important for the 
overall noise. The lighter areas are areas of higher intensity. 

A summary of major radiating areas in the engine front is given below. The results 
show what can be obtained from the near-field sound intensity measurements. The idenfication 
and separation of individual sources is limited as the radiation from the transmission cover is 
masked by the torsion damper. Radiation from the engine sides and reflected noise from the oil 
sump can also interfere with the front radiation. The results are summarized per 1/3 octave 
band. 

Frequency Main noise radiating areas 

630 Centered around the front of the belt pulley. 
800 Area in front of and around the belt pulley, and around the left and right edges 

of the casing "ears". 
1 k The cover behind the torsional damper and the oil sump front. 

1.25 k The cover behind the torsional damper and the oil sump front. 
1.6 k Around upper Jeft edge of the belt pulley and over the middle of interior plates 
2 k Interior plates just above the belt pulley and lower right side. 
2.5 k Interior plates, especially around the fuel pump gear. 
3.1k Interior plates, especially on left and right side. 
4 k Belt pulley (vibration modes and "whistling" bolt-holes). 

4) Excitation of vibrations in the transmission cover 

The main sources that can transmit vibration energy to the transmission cover are the 
combustion forces in the engine block, the vibrations in the timing gears and the fuel pump 
vibrations. A look at the couplings of the transmission casing to these sources leads to the 
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assumption that the excitation forces on the transmission cover can be expected to be a 
combination of: 

I Engine block vibrations transmitted: 
a) to the back cover and over the boundary frame to the front cover 
b) via the mounting bolts and the through parts to the front cover. 

I I Gear noise from the timing gears 5 > 6 - 7 transmitted: 
a) as airborne noise from the tooth mesh 
b) as airborne noise from natural vibration modes of the gears 
c) as gear vibrations transfered via the transmission bearings in the back cover 
and in the engine block front. 

H I Fuel pump vibrations transmitted over the fuel pump shaft. (Not treated in this 
paper). 

A simplified overview of these excitations is shown in figure 4. 

Front cover 

Back cover V 

Engine 

Figure 4. Simplified overview of the forces that are exciting vibrations in the front transmission 
cover. 

L Vibration transfer from the engine block to the transmission casing. One 
method for estimating the vibration transfer from the engine block to the transmission casing is 
the SEA (Statistical Energy Analysis) technique. The SEA method was applied on the engine 
structure and is described in detail in 8 > 9 . SEA is a method to determine vibration energies in 
coupled structures. The vibrations are time, space and frequency-band averaged. The method 
is based on determination of internal and coupling loss factors that describe the energy transfer 
within the structures and in the couplings between the structures. The method can be used, 
both to predict vibrations in a structure after modification, or to describe the energy flows 
between the substructures, as for example between the engine block and the covers attached to 
it. Basically, in the case of an engine, the structure is treated as four substructures; the engine 
block, the valve covers, the transmission casing and the oil sump. A bank of internal loss 
factors for each structure, and coupling loss factors between the substructures are determined 
through power injection measurements. In the case of the coupling between the engine block 
and the transmission casing, the coupling loss factors «7^,77^ denote the loss of vibration 

energy from the block to the casing and vice versa. The internal loss factors tjc and nb , denote 
the energy dissipations in the casing and in the block. Examples of obtained loss factors are 
shown in figure 5, the complete results are presented in 9 . The coupling loss factor from the 

block to the cover, t]^ , is shown in figure 5a in three versions, one based on a linear average 
and two based on logarithmic averages. The linear average includes the amplitudes of strong 
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mode shapes but gives negative loss factors. The logarithmic average suppresses local modes 
but gives positive loss factors. 

•near geometric geometric 
eo.<6> eq (5) eq.® 

inear geometric energy 
•veraging averaging method 

1000 1250 1600 2000 2500 3150 

frequencviHz) 

800 WOO 1250 1600 2000 2500 3150 

frequencyvHz) 

a) b) 

Figure 5. Loss factors obtained with the SEA method, a) Coupling loss factor from block to casing, 
b) Internal loss factor in casing. 

I f there is assumed to be excitation powers in both structures the net transferred vibration 

power from the engine block to the transmission casing is given by: 

Ptcn« = Pbc-Pcb = eon^E, - <ondbEc 

where a> is the angular frequency and Eb,Ec are the vibration energies in the block and in 
the casing. I f the vibration power within the casing, i.e. arising from gear vibrations, is assumed 
to be negligible compared to the engine block vibrations, a simplified expression may be 
written, 

Then it may be seen that the vibration energy in the casing caused by the engine block, 
will be a function of the coupling loss factors and the internal loss factor of the casing. The 
measured internal loss factor of the casing is shown in figure 5b, estimated in three different 
ways, two measurements with the casing mounted on the engine and one with a freely 
suspended casing measured with the energy method. It is stressed in 9 that the loss factors 
determined from measurements on the freely suspended casing is too low, as the strong 
coupling damping is not included. 

In the real engine there are vibration powers exciting the engine in more than one 
structure. Apart from excitations in the engine block, there are noise and vibration powers at 
least within the transmission casing and the valve covers. The vibration energy flows between 
these structures have been examined according to the SEA method, or rather the EFA (Energy 
Flow Analysis) method, on the engine in situ. Vibration measurements on the running engine 
have been combined with the coupling loss factors, and the net energy flows between the 
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structures have been determined. The results verify that there are significant sources also 
within the transmission casing and the valve cover. In figure 6 the obtained energy flows are 
illustrated. In the figure it can be seen that there are net energy flows from the transmission 
casing to the block at 2, 2.5 and 3.15 kHz and from the valve covers to the engine block at 2.5 
and 3.15 kHz. These net flows are assumed to be caused by the timing gears and the valve 
lifting mechanisms, respectively. These results are well in agreement with the measurements of 
sound power from the timing gears as will be shown later is this paper. 
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Figure 6. Net energy flows in the 9 litre diesel engine determined according to the SEA 
method, in dB Watt relative 10-12 W. 

The vibrations of the engine block excite resonant vibrations in the transmission cover; 
this resonant behaviour has some important dominant modes at frequencies below 1.25 kHz. 
These modes will be obscured when applying the SEA method. A method that provides an 
impression of the relation between these mechanical vibrations that act on the transmission 
casing and the resonant vibrations of the casing, is to compare the average vibrations in the 
engine block front end and the average vibrations in the front cover interior panels. In figure 7 
there are comparisons between two interior panel points, one in the right "ear" and one close 
to the crankshaft opening, and one point that is strongly attached via a bolt to the engine block. 
I f assumed that the main excitation is from the engine block, the figure indicates that the 
interior panel has strong resonant vibrations over the whole frequency range from 300 Hz to 
4kHz. The largest differences between the interior panel vibrations and the engine block 
vibrations are seen as strong low-frequency vibrations of the ears at 400 - 600 Hz, and as 
strong peaks at 808 Hz and 1.02 kHz around the crankshaft. 
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Figure 7. Measured vibrations on interior panel of front transmission cover (—•), a) position in 
"ear" b) position on lower half, compared to vibrations in the engine block front (---). Measured on 
running engine at 1900 rpm and 470 Nm. 

ILL Sound power from the timing gears. The airborne gear noise excitation caused 
by the timing gears of the transmission cover, was investigated by cutting the interior panel of 
the front cover open. The sound power radiation from the gears displayed could then be 
measured while the engine was running. A thin plastic film was fixed over the opening to avoid 
oil leakage. Sound intensity was measured 0.2 m in front of the gears over a measurement 
mesh. The resulting total sound power, a sum of the gear noise and radiation from the back 
cover, is shown in figure 8. The sound power spectra show that there is an increase in sound 
power above 1.25 kHz, with predominant peaks in the 2.5 and 4 kHz bands. 

Lw t 

g S S S 5 i S5 Hz j k 2k 3k 4kHz 

Figure 8. Radiated sound power measured in front of fuel pump gear with standard cover and open 
front cover in a) 1/3 octave bands, b) narrow bands. Measured at 1900 rpm/470 Nm, 0.2 m distance. 

In figure 8 b) it may be seen that the gears give substantial sound power radiation, 
especially at the frequencies 2.3 - 2.8 kHz and 4 - 4.8 kHz. A modal analysis on freely 
suspended gears was performed on the main gears 1 0 . This analysis showed natural modes with 
low damping around 1.9, 2.0, 3.3, 4.5 and 4.6 kHz for the middle gear and 1.8, 2.9, and 4.3 
kHz for the fuel pump gear, figure 9. When the gears are installed in the engine the boundary 
conditions will be changed, and so will the modal properties. 
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The natural modes can be expected to give contributions to the overall noise in front of 
the transmission cover, Ref. 1, one reason is that the reduction of the gear noise through a 
close-fitting enclosure like the transmission cover is known to be relatively small. In order to 
investigate whether the radiation is from gear side natural modes or from tooth mesh 
frequencies a signature analysis of vibrations on the front cover during engine run-up was 
performed. The frequencies of the peaks in the vibration spectra showed no speed 
dependence, therefore it can be concluded that the noise radiating from the front cover is 
caused by natural modes, either from the gears or from the front cover. 

2870 Hz 4280 Hz 

Figure 9. Mode shapes of fuel pump gear, measured on a freely suspended gear. 

The assumption that the gear noise is a substantial part of the overall noise, is 
strengthened by subjective tests where recorded engine noise was manipulated with a 1/3 
octave equalizer. The character of the ringing was identified, and it was found to be 
experienced as a rough and unpleasant noise. Structural damping of the gears 5> 6> 7 will thus 
lower both the noise radiation and the annoyance experienced. Computed structural 
modifications in the LMS modal analysis software predicted that damping at the 4.28 kHz 
mode with a damping ring will give an increase from 0.4 % to 9 % and a frequency shift to 3.1 
kHz. The 2.87 kHz mode will be equally damped by spokes and a ring; damping will increase 
from 0.6 % to around 4 % with a frequency shift to 2.4 kHz. 

5) Mode shapes of the transmission cover and the oil sump front 

The intensity measurements showed that there is significant noise radiation both from 
the interior panels and from the protruding "ears", and from the front panel of the oil sump 
which is connected to the casing. The mode shapes of the whole casing mounted on the engine 
were therefore studied together with the oil sump front. A modal analysis was performed on 
the front cover in situ. The cover was excited with random noise from a vibration exciter. At 
least five predominant global modes were found, involving both the area around the crankshaft 
opening and the oil sump front; at 661, 692, 769, 811 and 1015 Hz. The damping was 1.2, 
0.8, 6.2, 2.1 and 2.7 % respectively. Another modal analysis was performed ™ where the 
modes of the upper half of the front cover were examined. It was carried out on a freely 
suspended front cover with hammer excitation in 37 points and accelerometers in two response 
points. At least 30 significant modes were identified in the frequency range 500 - 3500 Hz. 

Operational deflection modes were measured during engine operation. Measurements 
were made of the cross-power spectra between a reference position and 123 response points 
on the transmission front cover and on the oil sump front. The mode shapes were generally 
similar to those obtained in the modal analyses. A measurement around the whole engine was 
also performed in order to study the phase relations of the modes around the engine sides. In 
figure 10 the vibration mode shapes for some strongly radiating operational vibration modes 
are shown. 
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960 Hz 1.02 kHz 1.67 kHz 3.26 kHz 

Figure 10. Operational deflection mode shapes at the front cover and the oil sump front. Engine 
speed 1900 rpm and load 370 Nm. 

The mode shapes of the front transmission cover and the coupled oil sump front can be 
characterized as follows: 

0.2 -0.9 kHz 

0.8 - 1.1 kHz 

1.2 - 1.4 kHz 

1.5 -2.1 kHz 
2.2 - 4 kHz 

Global modes coupled to fundamental engine modes, especially on the 
protruding transmission casing ears 
1st and 2nd order shared modes over the lower half of the front cover 
and the oil sump front. 
Panel modes around the crankshaft opening and first order panel modes 
over the upper half of the front cover. 
Second order panel modes across the front cover. 
Third and higher order panel modes and small individual panel modes. 

The results give a very clear indication of the major part played by the front cover 
surface around the crankshaft opening. This opening increases the flexibility of the surrounding 
panels, leading to strong vibration modes that give major noise contributions in the frequency 
bands 630 Hz, 800 Hz and 1 kHz. It is also important to notice that these modes are strongly 
coupled to the oil sump front across the connecting flange. 
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6) Timing-transmission casing modifications 

A. Replacing front panel. 

The front cover receives vibrations from its boundaries and from the mounting bolts 
and airborne noise from the inside of the casing. Noise is then radiated as resonant and forced 
vibrations in the interior panels and as whole body modes in the protruding "ears". The noise 
can be decreased by; decoupling the casing (not tested here), increasing the stiffness of the 
panels (tested, no reduction of noise) or by increasing the damping and reducing the radiation 
efficiency of the cover. For a plate the radiation efficiency a is maximum at the critical 
frequency f c . Above f c the radiation efficiency becomes unity. Below f c the efficiency 
decreases with frequency. By introducing thinner and more flexible panels, f c will be at higher 
frequencies and the radiation efficiency will thus be reduced. f c is determined by: 

For plexiglass K is around 35 and for aluminium K is around 12. The radiation 
efficiency curve for the transmission cover has been calculated according to the simple method 
for a baffled rectangular plate, according to Ver and Holmer 1 1 and Fahy 1 2. This method is 
approximate and is valid only for multimode resonant vibrations in baffled rectangular plates 
which are in response to mechanical excitation forces. (Forced vibrations caused by airborne 
excitation, as is the case with gear vibrations, give higher radiation efficiency below f c . ) A 
correction is made for the stiffeners in the plate structure, according to 1 2 , where the total 
length of the stiffeners L is related to the length of the perimeter P of the cover. The correction 
term is 

This method gives a peak at the critical frequency. This peak cannot be seen for the 
small, stiffened and irregularly shaped structure of the transmission cover. Novak 1 3 has 
shown that for small plates the coincidence phenomenon which gives rise to this peak is 
suppressed, the peak around the critical frequency is therefore deleted and the radiation 
efficiency approximated to 1.0. The resulting theoretical radiation efficiencies can be seen in 
figure 11 together with the measured radiation efficiency for the transmission cover. The 
radiation efficiency is calculated from measured average surface velocity and sound intensity. 
The cover was point-excited by a shaker. The method for calculating the predicted radiation 
efficiency is shown in the appendix. The curve of measured radiation efficiency in figure 11 
show no platform at frequencies below f c /4 ; there is instead a slope of approximately 4 
dB/octave. This is in agreement with measured results shown in 14,15,16 j t s e e m s like the 
radiation efficiency of small irregularly shaped plates should be described by a curve with a 
slope falling approximately below f c /4 with 4-6 dB/octave, instead of the platform as in the 
case of large rectangular plates. 

Replacing the aluminum panel of the cover by a more flexible and thinner plate gives an 
increase in f c and thus a decrease in the radiation efficiency. From the figure, it may be seen 
that substantial reductions in noise are obtained i f the 4 mm aluminium plate is replaced by a 3 
mm plexiglass plate. Another advantage with such a replacement is the higher loss factor of 
plexiglass; about 3 -10 - 2 compared to 10"4 for aluminium. 

where AT is a material constant and t is the plate thickness. 
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Figure 11. Estimated radiation efficiency for stiffened aluminium plates and plexiglass plates, and 
measured radiation efficiency of the front transmission cover when it is point-excited by a shaker. 

For plexiglass plates thinner than 8 mm the critical frequency is above the, for diesel 
engine noise, interesting frequency range of 630 Hz - 4 kHz, while 4 mm aluminium has a 
critical frequency of about 3 kHz. A very thin plexiglass plate has a lower radiation efficiency 
but also has an increased transmission of airborne noise from the timing gears. In figure 12 it 
may be seen that for frequencies above 1.2 kHz, the lowest noise was achieved with plexiglass 
of 5 mm thickness. The 3 mm plate has the disadvantage of transmitting more noise from the 
gears at 2.5 - 4 kHz than a thicker plate, and an 8 mm plate has the disadvantage of increasing 
the radiation efficiency at low frequencies. At frequencies below 1 kHz the thinnest plate gives 
the lowest noise radiation of structure vibrations. 

In order to test the noise reducing possibilities by reducing the radiation efficiency and 
at the same time increasing the damping, the interior panel of the upper half of the front cover 
was cut away. A test series was performed where the interior panel was replaced by; single 
plexiglass plates of 3, 5 and 8 mm thickness, a double plate of 3+5 mm thickness and a 1.4 
mm sandwich steel plate. The sound intensity was measured over a grid at 0.2 m distance in 
front of the opening, results are shown in figure 12. Measurements were performed at a 
constant engine speed of 1900 rpm at full load. 

- stdrd 

X 8 mm pi. 

- 3 mm pi. 

-o 5 mm pi. 

-A- 5+3 mm pi. 

Tf m Hz 

Figure 12. Sound intensity measured 0.2m from the front cover. Upper half of interior panel replaced 
by 3, 5 and 8 mm plexiglass plates and by two resiliently coupled 3 and 5 mm plexiglass plates. 
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The highest reductions of sound power were achieved with the 5 mm plexiglass plate, 
which gave 2-5 dB reductions at 500-630 Hz and at 1.6-3.2 kHz. The results showed only a 
minor influence in the frequency bands 800 to 1.25 kHz. This is because the modes that give 
these peaks of noise are mainly localized behind the torsion damper, and this part of the cover 
was not modified in the test. The results with the sandwich plate were identical with those 
obtained with the 3 mm plexiglass. 

Tests were also performed with aluminium plates of various thickness. In these tests the 
radiation efficiency was changed while the material properties K and r| were kept 
approximately constant. Plates of 2, 5 and 10 mm Al were used, giving f c = 6k, 2.4k and 
1.2kHz respectively. Measurements were performed of sound pressure at 1 m distance and of 
average surface vibrations over the panel on a running engine. The sound level measurements 
did not show any large differences between the plates. The vibration results shown in figure 13 
did, however, show clear differences. Generally, the 10 mm plate showed lower vibration 
levels up to 2 kHz. In the range 600 to 800 Hz the vibration levels in the 10 mm plate were, 
due to the higher stiffness, more than 10 dB lower than the 2 mm plate. The reasons why these 
changes in vibration levels could not be seen in the sound pressure results is assumed to be that 
the increased vibration levels were cancelled by the decrease in radiation efficiency. Reducing 
the thickness of a metal plate can be effective as a frequency shift though, in 1 7 such a 
successful implementation of a thickness reduction in a transmission cover is reported. There 
the thickness was reduced from 6 to 2.5 mm resulting in a 3.7 dBA reduction with maximum 
reduction around 1.6 kHz. 

An alternative method to reduce the noise from the transmission cover is to optimize 
the modal responses of the transmission cover in order to achieve a wide spread of modal 
frequencies and a smooth overall response. This can be obtained by redistributing the mass of 
the panel. In 1 8 a FEM optimization showed large possible reductions for frequencies below 
500 Hz. 

t 

10 dB 

500 uz 4 kHz 

Figure 13. Surface vibrations measured on the upper half interior panel, with the panels replaced by 
plain aluminium plates of 2 mm (—•), 5 mm (- - -) and 10 mm (• ) thickness. 

B. Increased damping on front cover 

The strong vibrations of the transmission cover are resonance controlled and damping 
can therefore be effective. In 2 an effectively damped transmission cover is presented. The 
cover is manufactured in a highly damped fibre-reinforced rubber compound, resulting in a 
near-field noise reduction of 11.7 dBA. In our project two types of damping layers were 
tested; one 6 mm rubber sheet and one layer with 1 mm steel-sheet glued onto a 3 mm rubber 
sheet. The layers were glued over the whole front transmission cover interior panels, including 
the surface behind the torsion damper. The average surface velocity was measured with small 
accelerometers mounted on the front transmission cover. When the damping layers were 
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tested, holes were cut out in the damping material to allow accelerometers to be mounted 
directly on the cover. Measurements were made with a running engine at 1900 rpm and 470 
Nm load. The resulting time and space-averaged vibration velocity can be seen in figure 14. 
The results showed that the rubber layer reduced the panel modes of 2nd and higher order by 7 
dB, the 630 Hz and 1 kHz modes were decreased by 5 dB, but the stong 800 Hz modes were 
not influenced. With the combined steel-sheet and rubber layer only the 800 Hz band was 
further improved. At higher frequencies the damping effect was lower than with the rubber 
layer. ^ • 
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Figure 14. Average surface velocities in front transmission cover with two types of damping layers; 
one 6 mm rubber layer and one composite layer with 1 mm steel-sheet plus 3 mm rubber. 

HZ 

C. Covering the belt pulley and the transmission cover behind it 

The noise radiation in the 630, 800 and 1 kHz bands was found to be maximum around 
the belt pulley/torsion damper, and to be caused by panel modes in the transmission cover 
behind the torsion damper and in the oil sump front. Measurements of operational deflection 
modes in the torsion damper, with a laser doppler vibrometer, showed that there are strong 
vibration modes in the damper, results are presented in 4 These modes were also found to 
substantially contribute to the overall noise. Various tests have been performed where the 
torsion damper and the opening between the torsion damper and the transmission cover were 
covered. Tests were done with; shielding rings, covers and damped sheets. These results are 
presented in detail in 1 9 It has been shown in 4 that the strong vibration modes in the lower 
half of the transmission cover and in the torsion damper are phase related, and that they 
interfere. In figure 15 a simplified drawing shows the mode shapes of the torsion damper, the 
transmission cover and the oil sump front. 

600 Hz 800 Hz 1 kHz 

Figure 15. Simplified drawing of vibration modes that interfere in the overall sound radiation. 
Modes are shown for the transmission cover, the oil sump front and the torsion damper. 
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The most effective radiation from these modes is found to be through the narrow 
opening between the structures. A noise attenuating circular shield with absorbing inner-
surface was therefore tested, shown in figure 16. The shield covered the opening, had a depth 
of 60 mm and a free distance to the torsion damper of 2 mm. Sound intensity was measured 
over a hemispherical measurement surface, radius 0.2 m, covering the torsion damper and the 
opening. The resulting reduction in radiated sound power from the torsion damper area is 
shown in figure 16. It can be seen in the figure that the main reductions were achieved for the 
630 Hz and 1 kHz modes and for the higher order panel modes above 1.6 kHz. The reason 
why there is no reduction at 800 Hz with the circular shield is that the vibrating damper wUl act 
like a baffled piston when the front of the torsion damper is left open. Thus the damper 
becomes an effective radiator. A total covering of the damper and the opening is effective over 
the whole frequency range from 630 Hz to 3.15 kHz, figure 16. 

U) CO 00 <N 

Figure 16. Sound power reduction from torsion damper area by a) an attenuating circular shield 
covering the space between the torsion damper and the transmission cover and b) a cover over the 
torsion damper. 

7) Summary 

The timing transmission cover in the front side of a diesel engine can be a major noise 
radiator. Measurements of vibrations and noise and an analysis of the modal properties of the 
transmission cover and the timing gears revealed that: 

The overall noise from the engine front radiates from the timing transmission casing, 
the belt pulley/torsion damper and the oil sump front. Major parts of the noise originate from 
combustion-pulse generated vibrations in the engine block and from timing gear vibrations. 
The timing-gear noise was specially dominant in the frequency bands 1.25 - 2.5 kHz and 4 
kHz. A conventional transmission cover in cast aluminium has strong resonant vibrations and is 
also an effective radiator of noise in the, for diesel engines, dominant frequency range 630 Hz -
4 kHz. Measurements of operational deflection mode shapes have shown that the noise 
radiating vibrations of the transmission cover fall into four major groups: 

0.2 - 0.9 kHz Global modes coupled to fundamental engine modes, with especially 
high amplitudes on the protruding transmission casing "ears". 

0.8-1.1 kHz 1 st and 2nd order shared modes over the lower half of the front 
transmission cover and the oil sump front. 

1.2- 1.4 kHz Panel modes around the crankshaft opening and first order panel modes 
over the upper half of the front cover. 

1 . 5 - 4 kHz Second order and higher order panel modes across the front cover. 
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The noise from the transmission cover was reduced by replacing the aluminium interior 
panel of the cover with plexiglass plates that have a lower radiation efficiency and higher 
damping. Different plate thicknesses were tested and the best results were obtained with a 3 
mm plate. Thicker plates have higher radiation efficiency, which will lead to an increased noise 
radiation at low frequencies. Thinner plates have lower transmission loss for airborne noise 
which can lead to increased noise from the timing gears. Increasing the damping of the interior 
panel by additional layers was also found to be effective, especially in the frequency range 
above 800 Hz. Replacing the interior panel by plain undamped aluminium plates in the 
thickness range 2-10 mm did not give any significant noise reductions. 

The torsion damper and the cavity between the damper and the transmission cover 
were found to be substantial noise sources. The radiation was mainly through the narrow 
opening between the torsion damper and the transmission cover. A cover over the damper and 
a shielding ring covering the opening were tested with good results. 

Future concepts for a low noise timing transmission cover should include; 
a stiff frame construction for load-carrying, interior panels of well damped material with low 
radiation efficiency, like plastic panels or sandwich panels, and a shielding ring that covers the 
opening between the torsion damper and the transmission cover. The timing gears should be 
damped with for example damping rings or plates. In a future study an optimisation of a plastic 
cover with built-in shielding ring will be performed. 



17 

8) References 

1. T. Priede, E.C. Grover, N. Lalor, "Relation Between Noise and Basic Structural Vibration of 
Diesel Engines", SAE Technical paper 690450. 1969. 

2. F.K. Brandl, J. Affenzeller, G.E. Thien, "Some Strategies to Meet Future Noise Regulations for 
Truck Engines", SAE Technical Paper 870950, 1987. 

3. M. Göhler , A. Ågren, "Noise Radiation From a Diesel Engine, Noise Control Investigations 
on the Timing Cover", Research report University of Luleå, TULEA 1991:02. Sweden 1991. 

4. O. Johansson, A. Ågren, "A Study of the Interaction Effects Between the Torsion Vibration 
Damper and Engine Structure by Gated Measurements", Proceedings of INTERNOISE 94, 
Yokohama Japan, (1994). 

5. M. Wilhelm, S. Laurin, et. al., "Structure Vibration Excitation by Timing Gear Impacts", SAE 
Technical paper 900011. 1990. 

6. B. Spessert, R. Ponsa, "Investigation in the Noise from Main Running Gear, Timing Gear and 
Injection Pump of DI Diesel Engines", SAE Technical Paper 900012, 1990. 

7. Li Zhengxiong, Z. Mengzhou, C. Zhang, "Research on Structural Parameters of the Noise 
Reducing Damping Ring on Gears", Noise Control Engineering Journal, Vol 33, No 1, 1989. 

8. L. Wu, A. Ågren, U.Sundbäck, "Loss Factor Determination for Statistical Energy Analysis 
on a Diesel Engine with Geometric Average Approach", Research report University of 
Luleå, TULEA 1993:21, Sweden, 1993. 

9. L. Wu, A. Ågren, "Detennination of Loss Factors for SEA Analysis of a Diesel Engine 
With Geometric Average Approach", Acta Acoustica, Vol 2, 1994, p.127-142. 

10. T.Algarp, S.Kvarneus, "Buller och vibrationer från transmissionssidan på dieselmotor 
SCANIA DS9", (Swedish), MSc Thesis 1990:088 E, University of Luleå, 1990. 

11. I.L Vér, C.I. Holmer, "Interactions of Sound Waves With Solid Structures", Chapter 11 in 
Noise and Vibration Control, edited by L.L. Beranek, McGraw-Hill, 1971. 

12. F. Fahy: Sound and Structural Vibration, p 81, (Academic Press, London, 1989) 
13. R.A. Novak, "The Radiation Factor of Finite Plates at Low Frequencies". Proceedings of NAM 

94, pp 77-82, Aarhus, Denmark, 1994. 
14. J.A. Macadam, Applied Acoustics. 9, pp. 103-118, 1976. 
15. G. von Venzke, P. Dämmig,H.W. Fischer, Acoustica 29(1), 29-40, 1973. 
16. P. Sas, "Relation Between Acoustic Intensity and Modal Deformation Patterns of Vibrating 

Structures", Paper from Katholike Universität, Leuven, Belgium. 
17. F.K. Brandl, P. Wunsche, E. Gschweitl, "Design Strategies for Low Noise Engine Concepts", 

SAE Technical Paper 911070, 1991. 
18. A.D. Belegundu, et. al., "A General Optimization Approach for Minimizing Acoustic Power 

Using Finite Elements", SAE Technical paper 930198, 1993. 
19. Ö. Johansson, A. Ågren, "Use of Statistical Methods to Predict the Noise Radiation from a 

Torsional Vibration Damper in a Diesel Engine". Research report TULEA 1993:25, Univ. of 
Luleå, Sweden,(1993). 



18 

Appendix 

Calculation of radiation efficiency for small plates with baffled edges. 

Proposal for modified prediction model based on Vér and Holmer (1971), Maidanik 
and Novak (1994). 
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Where: f c = critical frequency 

die 
c = speed of sound in air 
P = plate perimeter (m) 
S = plate area (m 2) 
L = length of stiffeners (m) 

- A comment on the results obtained with the modified method: 
The estimations are improved when the peak around the critical frequency is eliminated. These 
results do not, however, capture the general shape of the radiation efficiency curve for 
irregularly shaped structures, like the transmission cover. Measurements show that there 
should be one or two slopes of 4-6 dB/octave below the critical frequency, instead of the 
horizontal part that in seen in the theoretical calculations. This can also be seen in measured 
results obtained by von Venzke et. al., 1973 , Macadam 1976 and Paul Sas. 
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Abstract. — When employing the SEA method, the linear space averaged response is usually used. It has however 
been found, that when applying the SEA method to a diesel engine, this type of averaging produces quite a number of 
invalid loss factors. This can be attributed to the fact that there are strongly correlated motions near the boundaries 
between some subsystems. If the drive points are located in these areas the mode localisation occurs with "enormously" 
large responses, which highly weight the linear space averaged responses in some non-driven subsystems. It will be 
even more serious at low frequencies where the modal densities for the subsystems are small. Thus a new averaging 
procedure, called the geometric average approach, is introduced in order to suppress the anomalous high values. By 
using it, the reasonable internal loss factors are obtained and the consistency and reciprocity relationships of the 
coupling loss factors are improved to some extent. The experimental verification shows that the loss factors obtained 
from the geometric average approach generally can predict the vibrational behaviour of the engine structure when 
damping and isolation are applied. Finally, an indirect coupling correction to the SEA model is examined but it does 
not seem to offer any advantages for the prediction. 

Pacs numbers: 43.40At. 

1. Introduction 

When using experimental Statistical Energy Analysis 
(SEA), the internal and coupling loss factors may be 
determined in situ by inversion of the linear system of 
power balance equations (Bies & Hamid, 1980; Lalor, 
1989). To ensure effective statistical independence of the 
modes, it is suggested that there is a need for injection 
power at three or more points of the system, chosen at 
random (Bies & Hamid, 1980). In general, averages of all 
the measurements are used for the determination of mean 
values (Bies & Hamid, 1980; Plunt et al., 1993). The use 
of a matrix inversion routine to provide loss factors for 
each drive point (Pollard, 1992) as well as the use of a 
least squares fit procedure to improve the effective preci
sion of the measurement (Bies k Hamid, 1980) are also 
mentioned in the literature. 

Good results may be expected when using a general 
averaging procedure, provided that the linear power equa
tions are well conditioned for inversion (Bies & Hamid, 
1980; Lalor, 1990a; Fahy 1993). But there are some dif
ficulties in obtaining these good results, due to the use 
of an inappropriate SEA model, ill-conditioned equations 
themselves (Lalor, 1989; Fahy, 1993), noise contamina
tion of measurement and some higher energy levels in 
non-driven subsystem, which may violate the SEA re
quirements (Pollard, 1992). 

A previous study was carried out on a fully assembled 
diesel engine in order to obtain good results for loss 

factors for SEA prediction. Using the power injection 
method and averages of all the measurements, the matrix 
inversion yielded quite a number of negative internal and 
coupling loss factors (Wu et al., 1991). This paper is an 
attempt to show that the problem results from some ill-
conditioned energy matrices and they are related to some 
higher energy levels in the non-driven subsystems. 

To improve the condition of the energy matrix in the 
linear power equations several methods may be consid
ered: 1) A matrix fitting technique (Hodges et al., 1987). 
This technique needs the energy matrix to be symmetri
cal and the modal densities for each subsystem have to 
be known in advance; 2) An experience method and a 
damping method (Fahy, 1993). In the first method the 
energies of all the subsystems that are not contiguous 
with the externally excited subsystems are set to zero. 
This will be effective, in cases of weak coupling, for the re
moval of the noise-contaminated estimation of the energy 
in remote subsystems. The latter method involves arti
ficially increasing the internal loss factors for achieving 
non-equipaition of modal energies distributed between 
subsystems. However, this procedure may actually al
ter the power transfer coefficients (Fahy & Mohammed, 
1992). 

There are no theoretical results available for the modal 
densities of complex structures such as the studied engine 
subsystems. The point mobility measurement method 
(Clarkson, 1981, 1986) has been applied to the stud
ied engine in order to determine the modal densities. 
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But these values, especially for the engine block, are of 
doubtful for use in the matrix fitting technique due to 
the complex characteristics of the structure of the engine, 
and instead the values are mainly used in order to check 
the SEA ground rules of high modal density as well as the 
consistency (Lalor, 1990a) and the reciprocity relation
ships. The number of SEA subsystems for the engine has 
been chosen to be four and it has been found that some 
parts of the engine structure are strongly coupled. Hence 
setting the energies in remote subsystems to zero will 
not be useful. It was suggested that, for strong coupling 
situations, grouping two strongly coupled subsystems, or 
parts of subsystems, as a single multi-modal subsystem 
could be a solution (Keane & Price, 1991). However, 
for the studied engine, it is of great interest to see the 
coupling effects in the present SEA model. 

The higher energy levels in some non-driven subsys
tems are found to be associated with the mode localisa
tion which has high response over some special surfaces. 
Traditional linear (arithmetic) space average is consid
ered to be inappropriate in such a case. In this paper, 
therefore, a new method, called the geometric average 
approach, is introduced in order to improve the condi
tions of matrix inversion and the accuracy of loss factors. 
It shows that by the geometric average approach more 
reasonable and usable loss factors can be obtained. 

In addition, the indirect coupling correction may need 
to be considered in the SEA model (Hodges & Wood-
house, 1986) as the strong coupling phenomenon occurs 
in the boundaries of some subsystems in the engine. This 
will also be examined in the study. 

2. Sea modelling and basic theory 

The fully assembled 9L diesel engine that has been stud
ied is arranged as a four subsystem model as shown in 
Figure 1. It consists of 1) the engine block; 2) the valve 
cover; 3) the timing cover and 4) the oil sump. This 
arrangement is in agreement with the previous studies 
(Stimpson, 1989; Lalor, 1990b) and in terms of the inter
est in the physical connections between the geometrically 
determined engine subsystems. 

The power injection method is applied in order to 
establish the linear power balance equations. The input 
data is the averaged result for one or two excitation 
points per subsystem. It is essential to have several drive 
points per subsystem to achieve uniform response for 
individual modes. In this study it is only possible to use 
two drive points for the engine block, the timing cover 
and the sump as well as one drive point for the valve 
cover. Figure 2 shows the excitation positions. There 
are 36 measurement points in the engine block and the 
sump, 30 in the timing cover and 6 in one of the six 
valve covers. It is assumed that when other subsystems 
are excited all the valve covers have the same vibrational 
energy and when a valve cover is driven, the energy on it 
is only taken into account as the total energy for the six 
valve covers. Both numbers for excitation and response 
measurement are strictly constrained by the structure 
surface conditions (as the engine is fully assembled) as 
well as by time consumption. It is also difficult to select 
drive and measurement points in the engine block as the 
input force decreases steeply after about 1250 Hz and the 
low vibrational response at high frequencies is observed at 
some remote points in the engine block. The interesting 
frequency range in the study is from 800 to 3150 Hz in 
the third octave bands where the noise radiation from 
the engine is dominant. 

x drive point 

valve cover 

cylinder wall x *>2 

/ uppef/Carjkcase 

- tower era nil 

cylinder head 

upper timing cover 

lower timing cover 

I sump front 

sump slope 

Figure 2. Sketch map of the engine with drive point location: 
(x) drive point; Shaded parts cover the areas for the running 
mode analysis. 

valve cover 

(subsystem 2) 

t iming cover b lock 

(subsystem 3) (subsystem 1) 

I 
sump 
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Figure 1. SEA subsystem model for a fully assembled diesel 
engine. 

The input power is measured with an impedance head 
and determined by integrating the imaginary part of the 
cross-spectral density of force and acceleration in each 
third octave band (Fahy, 1977), 

_J_ f h Im[G,.l 
d/ (1) 

where Gfm is a one sided cross-spectral density function 
of force and acceleration and Im[ ] denotes the imaginary 
part. 

The energy in subsystem t while subsystem j is excited 
is 

(2) 
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Pi 
uEu 

Figure 3. Typical running mode shapes in the regions of tim
ing cover and sump front as well as crankcase and sump side. 
Measurement areas in reference to Figure 2. 

where (Mt<l)i is the equivalent mass in subsystem i (Lalor, 

1989) and (v2} is the time and space averaged square 

velocity in subsystem t when subsystem j is excited, 
which is measured with PCB accelerometers. 

The equivalent mass is determined by 

{Mmq)i = Pi/0.23 • n • (y2^ (3) 

where P, is the input power to subsystem t and 7,- is the 
initial decay rate of subsystem i (dB/s) when the steady 
state power to it is suddenly switched off. 

The concept of equivalent mass is used to allow for 
non-homogeneous structures and the transmission of in-
plane vibration (Lalor, 1989). 

The internal loss factors can be directly calculated by 
considering the power balance of the total system, i.e. 
the input power to any one subsystem must be equal to 
the total power dissipated in all the subsystems (Lalor, 
1990a), viz.: 

(4) 

where ij< is internal loss factor. 
The internal loss factor determined by equation (4) 

will include the coupling damping (see Section 6.3.3) as 
the measurement is carried out in situ. 

Two equations are used for calculating the coupling 
loss factors. The first one is in the form: 
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(5) 

By this equation, the indirect coupling loss factors 
can also be obtained for non-physicaUy connected sub
systems. 

The second one is an approximate equation (Lalor, 
1990a) as below, 

—=(£)(£) 
It is derived on the fact of the energy in non-driven 

subsystems is significantly less than that in directly 
driven subsystems. The conditions for using this equation 
may not always be available. For example, if subsystem 
j has higher modal density than subsystem t and strong 
coupling exists between the two subsystems, Eji may be 
equivalent to 01 larger than Eu, and rtø may be incor
rectly estimated in terms of equation (6). However, this 
equation will always give positive coupling loss factors 
and enable calculations to be made using only those two 
subsystems, regardless of how many other subsystems 
there exist for the structure. This effectively avoids the 
error of matrix inversion. By using this equation, the 
coupling loss factors will be zero between non-directly 
connected subsystems. It is a direct deduction from the 
traditionally weak coupling assumption of SEA. Hence 
equation (6) will be used for comparison with equation 
(5) and to examine this weak coupling assumption and 
the indirect coupling effect. Additionally, equation (6) 
has to be used in order to verify the consistency relation
ship of the coupling loss factor (Lalor, 1990a), due to the 
many negative values obtained from equation (5) when 
linear averaging is applied. 

3. Analysis of the ill-conditioned energy matrix 

The internal and coupling loss factors determined by 
equations (4) and (5) show quite a number of negative 
values, especially for the internal loss factor (j?4) in the 
sump. This can be traced to the ill-conditioned energy 
matrices. Mathematically, a well-conditioned energy ma
trix should be diagonally dominant. This agrees with the 
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conventional SEA assumption of weak coupling, i.e. the 
power dissipated in a subsystem is always much larger 
than the power transmitted into the connected subsys
tems (Fahy, 1991). 

The investigation indeed shows that the negative in
ternal loss factors obtained from equation (4) are caused 
by some higher off-diagonal terms (Eij) in the energy 
matrix, which correspond to the energy levels in the 
non-driven subsystems. Their values are either close to 
or higher than the corresponding diagonal terms. This 
may indicate that the non-driven subsystems have higher 
modal densities and that modal equipartition occurs as 
strong coupling between the two coupled subsystems. 
One typical problem is that £ 4 4 is only weakly domi
nant or is smaller than Eu and £ 3 4 for all the frequency 
bands of interest. Since the modal density of the sump is 
in general much larger than those of the block and the 
timing cover (see Table 1), the above relationship looks 
abnormal. Similar but less serious problems also occur 
for E33 and Eu in some frequency bands. 

A running mode analysis around the engine gives evi
dence to support the above statement, although it is not 
as good a proof as modal analysis with controlled excita
tion. It shows that there exist shared modes between the 
lower timing cover and the sump front as well as between 
the low crankcase and the sump side from 800 Hz to 
about 2000 Hz. It indicates that a strong coupling exists 
between these subsets. Above 2000 Hz, the independent 
local modes are dominant in these subsystems. Figure 3 
shows some typical patterns of the mode shapes. 

The poor excitation positions can also be discerned 
by checking the condition numbers of the energy matrices 
and the corresponding positive and negative signs of the 
internal loss factors obtained by equation (4) for each 
combination of different excitation points as shown in 
Figures 4 and 5. The condition number indicates how 
sensitive the solution of a linear equation matrix (Ax = 6) 
to small changes in the input data. The smaller the 
condition number, the better conditioned the matrix (A) 
is. 

Table 1. Modal number per third octave. Ni is the modal 
number for subsystem i. 

«HZ> SOC 1000 1250 1600 2000 2500 3150 
N1 3.50(3) 5.54(2) 1346(6) 29.00(14) 39.01 192.56 475.96 

N2 0.(7 0.74 473 4.26 1.13 1.93 3-22 
to 3.7(4) 7.55(7) 6.21(4) 13.7200) 13.5« 40.95 25.90 
N4 14.24(8) 14.15(3) 16.91(10) 32.17(13) 

40 X 41.14 52.20 

The negative coupling loss factors obtained from equa
tion (5) can also be attributed to this cause. Furthermore, 
the higher energy levels in non-driven subsystems will 
yield higher coupling loss factors (see equation (6)). For 
weak coupling conditions the coupling loss factors are at 
least an order of magnitude smaller than the internal loss 
factors (Norton, 1989). Apparently the SEA method will 
not work well in such a situation as it looks as if the 
non-equipartition rule fails between some subsystems. 

Further investigations reveal that when the sump is 
excited the linear space averages of the responses in the 
timing cover and the block are highly weighted by the 
responses at the measurement points in the lower timing 
cover and in the lower crankcase. This leads to the higher 
energy levels of £ 3 4 and £ 1 4 . 

As illustrated in Figure 2, the sump is coupled to 
the block via the sump sides and is coupled to the tim
ing cover via the sump front. Compared to the compli
cated structure in the rest of the engine block, the lower 
crankcase has a simple structure and is low in lateral 
stiffness. In the timing cover, many ribs having a cross 
Section area of 15 x 5 mm2 are used to stiffen the upper 
part of the timing cover but have a relatively smaller 
cross section area, 7 x 5 mm2, in the lower part, not 
to speak of the area around the opening for the crank 
shaft. Thus the regions of relatively low stiffness in the 
timing cover and the block, together with the sump, will 
be favoured by some modes that have high responses and 
which respond more to the drive through the couplings 
when the sump is excited. Some excitation points located 
in these areas significantly enhance this mode localisation 
phenomenon. 

300 

bU2.s2 - • - bl.t2.si . * . 6l.tl.s2 bl.tl.sl 

bZt2.s2 - A - b2.t2.s1 -o- b2.t1.s2 .»•• bZtl .sl 

condition number 

800 1000 1250 1600 2000 2500 3150 

frequency(Hz) 

Figure 4. Condition numbers for the energy matrix in equa
tion (4) with different combinations of excitation points. Drive 
point vi in the valve cover is common for each combination. 

M,t2.s2 b1.t2.s1 b1.t1.s2 . bl.tt.si 
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Figure 5. Symbol matrices for positive and negative internal 
loss factors with different combinations of excitation points. 
For each matrix, the rows correspond to the subsystems of 
block, valve cover, timing cover and sump. The columns cor
respond to the third octave bands of frequency from 800 to 
3150 Hz. 
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For low frequency bands (800 and 1000 Hz) the drive 
point combination of S2 and ti gives the highest condi
tion numbers. For the high frequency band (3150 Hz), 
the high condition number seems to be more affected by 
the drive point combination of Si and b2- However as 
drive point t>2 is located in the high stiffness region in the 
block and the input force is very low in high frequency, 
the measurements on remote points could be contami
nated by noise. Figure 6 illustrates a typical vibrational 
response in a point of the block. It can be clearly seen 
that in the band of 3150 Hz, the noise background covers 
the signal. The response in the band of 2500 Hz is par
tially affected by noise. This agrees with the observation 
(Wang k Lalor, 1991) that the extraneous noise problem 
for a complex structure can often be significant in the 
remote measurement points. Figure 5 also clearly shows 
that the combination of the drive points t i , S2 lead to the 
most of negative internal loss factors in the sump from 
800 to 1600 Hz. The negative values at the bands of 2500 
Hz and 3150 Hz are considered to be related to the noise 
in measurement as the above discussion. According to 
the size of the condition numbers and the number of neg
ative internal loss factors, the poorest drive points can be 
listed in the sequence as s2 (at sump front), t j (at lower 
timing cover) and si (at sump side). This conclusion is 
in agreement with our previous analysis about the strong 
coupling and the mode localisation areas. 

-33. H 

-59. ?j 

— 1 — 1 — 1 — T ~ -

4-S2.ee Hz <.5488k 

Figure 6. Typical vibrational spectrum of a point in the 
block, which is far from the drive point, compared to back
ground noise. 

It can thus be concluded that because of the strongly 
coupled boundary regions and the excitation points lo
cated on them, the energy flows will not be diffused over 
the coupled subsystems. Instead, the vibrational energy 
will be mainly localised in these special areas in the low 
frequency. This situation is very unfavourable for the 
SEA method. 

Table 1 and Figure 7 show the modal number per 
third octave band and the modal overlap factor for the 
different subsystems of the engine. The point mobility 
measurement method is used to determine the modal 
density, and this will be discussed more in Section 6.2. 
The values in bracket in Table 1 are the modal numbers 
determined by counting peaks in a frequency response 
curve that is obtained by summing the output of many 
transducers. The modal overlap factor is calculated by 
(Fahy, 1991) to be 

M = TTtim(u)) (7) 

modal overlap factor 

valve timing 
block cover cover sump 

O.Oll , I , , , , u _ J 

BOO 1000 1250 1600 2000 2500 3150 

freouencyiHZ) 

Figure 7. Modal overlap factors for the subsystems. An as
sumed dissipation loss factor of 0.02 is used for the calculation. 

where n is the modal density; tj is the internal loss factor 
and is assumed to be in the order of 0.02 for qualitatively 
analysis. This is the value stated by Lyon (1975) for 
an aluminium built-up structure. Actually the finally 
determined internal loss factors for the subsystems do 
approximate to or are not so far away from this value. It 
is noted here that the material for the block is iron and 
for the valve cover, the timing cover and the sump it is 
aluminium. 

On the basis of the general fact that SEA requires at 
least 5 modes per band or a modal overlap factor larger 
than 1, the modal numbers (see Table 1) in the valve 
cover will never fit to the requirements, due to the small 
dimensions of the valve cover. The data in the band of 
800 Hz, for the timing cover and the block, will not really 
be valid. Probably the satisfaction starts from the band 
of 1600 Hz, where all the modal numbers for the block, 
the timing cover and the sump will be larger than 10. 
Figure 7 shows that the modal overlap factors for the 
valve cover are always smaller than unity. However, the 
modal overlap factors for the sump are larger than 1 in 
all the frequency bands of interest. For the block and 
the timing cover, the modal overlap factors exceed unity 
from the band of 1250 Hz and 1600 Hz respectively. 

Thus, a critical question arises here in that if there 
is modal coherent motion in the boundaries with dom
inant responses and the modal number or the modal 
overlap factor is lower than the SEA requirement, how 
do we make a correction so that the current SEA model 
applicable? 

4. Distribution of geometric averaging 

It was pointed out that the use of geometric (logarith
mic) space averaging is sometimes more appropriate for 
obtaining typical patters of behaviour of the structure 
(Hodges k Woodhouse, 1986; Hodges k Woodhouse, 
1989a, 1989b; Keane k Price, 1987). This is because 
the geometric averaging is less sensitive to the occasional 
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configurations with very large responses. In the litera
ture, the use of a geometric average process has been 
discussed for simple and ideal models such as a chain of 
several coupled oscillators and a beam with constrains. 
But there does not seem to be any further research on its 
SEA application. 

The geometric average for the measured responses 
at n points in a subsystem is defined by averaging the 
logarithm of the values, viz.: 

'«»lo(«?)-H°llo(»j) + •••+'"«lo('i) 
vt = 1 0 — « 

which can be equivalently expressed as 

Vg = (8) 

where u 2 is the time mean squared velocity at point i of 
the subsystem. 

There are four things to be concerned about when 
using the process of geometric averaging : 

1) The spatial uniformity of energy density is assumed 
to hold approximately in every driven subsystems even 
though there are only one or two excitation points for 
each subsystem in the experiment, which is far from the 
ideal situation of "rain-on-the roof driving". 

2) For the non-driven subsystems, the transmitted 
power will not be redistributed uniformly in space since 
two basic conditions for ensuring the uniformity fail, i.e. 
the modal forces will be coherent any way in the bound
ary and the equipartition of modal energy will not be 
exhibited in general. The blocked subsystem mode, with 
a higher weighting in the coupling regions, will respond 
more to driving through the coupling (Hodges & Wood-
house, 1986). 

This implies that the geometric average approach can 
be defined as follows: the linear spatial average is still 
used to estimate the energy level for driven subsystems 
(Eu) but the geometric average will be applied to the 
non-driven subsystems for energy level calculation (Eij). 

3) Some of the subsystems of the engine have been 
proved to have weak modal overlap and modal line-up 
occurs in the low frequencies. Thus, the coupling loss fac
tors may be overestimated and a high coupling loss factor 
may not mean that the energy flow is greatly increased 
(Hodges k Woodhouse, 1986). Geometric averaging of E,j 
(see equation (6)) will remove the dominant influence of 
a small taction of some pairs of blocked modes whose 
frequencies are close to one another. 

4) Mathematically, diagonal dominance provides a rel
atively simple method of guaranteeing the condition of a 
matrix (Ortega, 1987). It implies that reducing the high 
off-diagonal terms can improve the condition of the ma
trix. The geometric average distribution recommended 
above can realise this principle for the energy matrices 
in equations (4) and (5). 

5) Finally, the SEA technique works best under con
ditions of weak coupling and high modal density or large 
modal overlap factor. But this is hardly realised by the 
present studied engine in the lower part of the frequency 
bands of interest (from 800 to about 1250 Hz). The ap
plication of the geometric average approach could help to 

restrict the violation of those SEA assumption require
ments and could possibly give an approximate and useful 
engineering result even though not a perfect one. 

5. Results 

5.1. Equivalent mass 

Figure 8 shows the variation of 101og10 (M^/M^tuti) 
with frequency for the four subsystems, where Mutual is 
the measured total mass of a subsystem. The equivalent 
mass M«, will remain unchanged no matter whether the 
linear or geometric average approach is employed, since 
the velocity term in equation (3) is measured only in a 
driven subsystem and its linear space averaged value is 
always used in both averaging treatments. The variations 
of M«, for the different subsystems are usually within 
the range of ±5 dB with the exception of some values for 
the valve cover. It has been the experience of the authors 
that using equivalent mass reduces the amount of the 
negative loss factors by a significant factor. 

equivalent mass(Meq) 

valve timing 
block cover cover sump 

-10-1 - , , , , u _ 
800 1000 1250 1600 2000 2500 3150 

IreouencytHz) 

Figure 8. Variation of equivalent masses with frequency. 

5.2. Internal loss factor 

The internal loss factors determined by the two average 
approaches are displayed in Figure 9. In addition, the 
traditional energy method (Lyon, 1975; Bies & Hamid, 
1980) is used to calculate the internal loss factors of the 
sump and the timing cover when making a comparison 
with the matrix inversion method. The equation for the 
energy method is written as follows: 

The measurement is made on a freely suspended struc
ture. 

It can be seen that, in general, the values obtained 
from the linear and geometric average approaches agree 
very well for the valve cover, the block and the timing 
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cover. The missing values (which mean negative values) 
from linear averaging in high frequencies are renewed by 
the geometric averaging treatment. The worst case for the 
linear average approach occurs in the sump. By using the 
geometric average approach, the missing values in the low 
frequency bands are recovered and the new estimations 
for the high frequency bands seem to lie close to the 
mean level of the old data. The new values of internal 
loss factor for the sump and the timing cover agree well 
with the general statement - a loss factor of the order 
of 0.02 for structures constructed of aluminium (Lyon, 
1975). 

The energy method gives lower estimations for the 
internal loss factors in the sump and the timing cover. 
This can be attributed to the coupling damping loss for 
freely suspended structures. It has been much discussed in 
the literature (Lyon, 1975; Sun et al., 1987; Norton, 1989; 
Stimpson & Lalor, 1992) that for complex structures, the 
coupling damping may be dominant, especially for light 
structures. 

The condition numbers for the energy matrix in equa
tion (4) are illustrated in Figure 10. The geometric aver
age approach significantly improves the matrix condition 
at 800, 1000, 2500 and 3150 Hz. For the low frequency 
bands (800 and 1000 Hz) the high condition numbers 
with the linear average approach result from the strongly 
correlated motion in the boundary strengthened by some 
localised excitations and the weak modal overlap. For 
the high frequency bands (2500 and 3150 Hz) these are 
considered to be mainly due to the noise-contaminated 
data as shown in Figure 6. It implies that the geometric 
average approach can improve the results that are spoilt 
by both large response and extraneous noise. 

600 WOO 1250 VEO0 2000 2500 3S0 
taaancrM 

internal loss factor m the sump 

BMv a—I—bic «nargr vmngng iwiging matted 
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5.3. Coupling loss factor 
5.3.1. Between physically connected subsystems 

The coupling loss factors obtained from equations (5) 
and (6) are plotted in Figure 11. With the linear aver
age method, equations (5) and (6) generally give similar 

linear 
averaging 

geometric 
averaging 

condition number 

800 WOO 1250 1600 2000 2500 3150 

frtquencylHz) 

Figure 9. Internal loss factors obtained from the linear aver
age approach, the geometric average approach and the energy 
method. The missing points indicate the negative values. 

Figure 10. Comparison of condition numbers for the energy 
matrix of equation (4) between the linear and the geometric 
average approaches. 
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results for 7)13,7721 (except at 1250 Hz), 7)14,7141,7)3« and 
TJ43 from 800 to 2000 Hz. The missing values (negative 
data) determined by equation (5) at 2500 and 3150 Hz 
are compensated for by equation (6). For r) 1 3 and t ^ j , 
equation (6) seems to give more reasonable results. 

With the geometric average approach, both equations 
(5) and (6) yield very close and positive results. Some 
variations occur only for 7)13 and 7)31. This may be because 
the block and the timing cover are very difficult to excite 
each other as they are coupled at an angle of 90 degree 
and their structures are complex. The values obtained 
from the geometric average approach are generally lower 
than those from the linear averaging treatment. 

It can be concluded that equation (6) in general can 
replace equation (5), the results of which could be con
taminated by the noise term in the third subsystem, par
ticularly in complicated structure like the studied engine. 
However, using equation (6) will accordingly assume the 
coupling loss factors to be zero for non-physically con
nected subsystems. 

5.3.2. Between non-physically connected subsystems 

The coupling loss factors for non-connected subsystems 
can only be given by equation (5) and are displayed in 
Figure 12. It shows that the use of the linear average 
approach leads to almost no advantages in practice. 

6. Verification of loss factors 

6.1. Consistency relationship 

In the power injection method for a system including 3 
subsystems, and where any two of them are intercon
nected, there are consistency relationships that can be 
used as an independent check for coupling loss factors 
(Lalor, 1990a). This relationship states that the triple 
products of coupling loss factors in those subsystems, 
both clockwise and anti-clockwise, should show equality. 
This gives 

VijVjkVki = VjiVikVkj (10) 

The triple loop for the SEA model of the engine 
is the sub-l-sub-3-sub-4 (block-timing cover-sump). The 
dB value of the ratio between the clockwise and anti
clockwise products of coupling loss factors along the loop, 
are plotted in Figure 13. The geometric average approach 
shows that the improvement for the relationship is in the 
frequency bands of 800 Hz, 1000 Hz where there are low 
modal densities for the timing cover and the block and 
in the band of 2000 Hz. There are no significant changes 
for the relationship between the two approaches in the 
bands of 1250, 1600 and 2500 Hz. Finally, a negative 
effect from the geometric average approach displays in 
the band of 3150 Hz. The new average process does not 
show the improvement for the relationship as much as 
it is expected. This is probably because the sensitivity 
of the ratio of the triple products is influenced by six 
coupling loss factor values. 

It is no doubt that a general tendency can be dis
tinguished, that the higher the frequency the better the 

consistency relationship. This indicates the suitable fre
quency range for SEA application to the engine. Related 
to the modal number and modal overlap factor, it sug
gests that when the absolute value of the dB ratio for the 
consistency relationship is within 5 dB, the SEA basic 
requirement for high modal density is fulfilled for the 
subsystems. 

6.2. Reciprocity relationship 

The well known reciprocity relationship in SEA can be 
written as 

The modal densities in the subsystems are measured 
by the point mobility measurement method (Clarkson, 
1981; Clarkson & Pope, 1981; Brown, 1984; Clarkson, 
1986; Keswick & Norton, 1987; Norton, 1989) as there are 
no analytical results available for non-uniform structures. 
It is expressed as 

n = 4M(Re(y)> (12) 

where M is the total measured mass and (Re(V)) is the 
space and band averaged real part of the point mobility. 
The three channel technique (Keswick & Norton, 1987) is 
used to remove the interaction effect between the struc
ture and the excitor. The mass correction is neglected as 
it is found to have only a small influence on the results. 

Table 1 displays the measured modal number per third 
octave band for the four subsystems. The bracketed data 
is determined by the peak counting method. There are 
no measurements available for the frequency bands in 
and above 2000 Hz and nor for the valve cover. It shows 
that for the band of 800 Hz, the results from the two 
methods agree well for the block and the timing cover. 
Above it, the values from the peak counting method is 
smaller than those from the point mobility measurement 
method. The reason is that the latter technique is not 
able to distinguish so many individual peaks as the modal 
densities tend to be large. The similar conclusion can be 
drawn for the variations of the results between the two 
methods for the sump. 

The modal density ratios (the point mobility mea
surement method) are compared with coupling loss factor 
ratios as shown in Figure 14. For the sump and the tim
ing cover the reciprocity relationship is much improved 
by the geometric average approach, especially in the low 
frequency band range from 800 to 1250 Hz. The geomet
ric average approach also leads to a better agreement 
between the modal density ratio and coupling loss fac
tor ratio for the sump and the block from the bands of 
800 to 2000 Hz. Above 2000 Hz, the coupling loss fac
tor ratios from both average methods depart from the 
modal density ratio. Finally for the timing cover and the 
block, the geometric averaging treatment only improves 
the reciprocity relationship in the bands of 1250 and 2500 
Hz. 

It can be clearly observed that the extent of improve
ment for the reciprocity relationship, when using the 
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Figure 11. Coupling loss factors obtained from the linear and the geometric average approaches. Both equations (5) and (6) 
are used for calculation of coupling loss factors. The missing points indicate the negative values. 
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Figure 12. Indirect coupling loss factors obtained from the 
linear and the geometric average approaches. The missing 
points in the Figure indicate the negative values. 
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Figure 13. Consistency relationships obtained from the lin
ear and the geometric average approaches. The triple loop is 
within block, timing cover and sump. 

geometric average approach, is associated with the degree 
of structural complexity. At one extreme the combination 
of the very complicated engine block and the relatively 
complicated timing cover gives the worst case. The uncer
tainties could be due to both the determinations for the 
coupling loss factor and the modal density. There appear 
to be probably two errors in the mode count for the block 
in Table 1 at 2500 and 3150 Hz. The values quoted of 
192.56 and 475.96 respectively seem to be too high, which 
may lead to the large variations at 2500 and 3150 Hz for 
the reciprocity relationships between the sump and the 
block as well as between the timing cover and the block. 
The reasons for the errors are unclear at present and 
need to be studied further. However it can be seen in 
general that with decreasing complexity of the structure, 
the combination of the sump and the timing cover leads 
to the best improvement in the reciprocity relationship. 

6.3. Experimental testing 

The best way to validate the SEA parameter model is to 
test its ability to predict the effect of a structure change. 

6.3.1. Prediction procedure 

The general energy balance equations for a 4 subsystem 
model is as follows: 

[ i j i + »7i2 + Viz + »7i4 
-Vn 
- f i 3 — »tes 
-Vu -Vi* 

-»721 
% + »721 + V23 + »724 

- » 7 3 1 

- » 7 3 2 

»73 + »731 + »732 + »734 

- » 7 3 4 

- » ? 4 1 

—»742 

-» )43 

»)4 + »741 + »?42 + »743 J 

r s i i 
£2 p2 

£ 3 p3 

£ 4 . l P * . 

(13) 
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energies directly, viz: 

[E] = 1ML]-1[P] (U) 

The equation can then be used to assess the effects 
on the subsystem energies, [E], from internal damping 
and isolation/disconnection by varying the internal and 
coupling loss factors. Therefore, if the input powers for 
all the subsystems are known for certain engine operating 
condition, the prediction can be made. 

The operating input powers can be determined by 
the back estimation technique (Stimpson, 1989), i.e. once 
the loss factor matrix has been obtained, input powers 
exciting a structure can be obtained simply from mea
surements of surface vibration using the power balance 
equations, viz.: 

reciprocity relationship between the sump and the block 

04/0.41 CL14/CI41 
rvi/nl linear geometric 
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Figure 14. Comparison of modal density ratio and coupling 
loss factor ratio for reciprocity relationship. Both the Unear 
and the geometric average approaches are used. 

i.e. w[L)[E] = [P] 
For the prediction using SEA, the energy balance 

equation (13) can be rearranged to give the subsystem 

[•Plop.re.ting = U > [ L ] [ £ ] o p . r . , i „ g ( 1 5 ) 

where [E]oPer»ting >s the subsystem energy measured when 
the engine is operating normally (in this study, at a speed 
of 1900 rpm and with a load of 370 Nm) and [ P ] o p e r » t i n g 

is the estimated operating input power. 

6.3.2. Structure change design 

Four kinds of structural change are made. The corre
sponding vibrational behaviours in the timing cover and 
the sump will be observed as their noise radiations are 
dominant in the studied engine. Two of the changes are 
used to increase the damping in the timing cover by at
taching a 6 mm rubber sheet and a composite panel (a 
3 mm rubber layer plus a 1mm steel panel) to it. It is 
expected that these two panels will introduce large damp
ing to the timing cover in order to make the comparison 
easier. The other two changes are to vary the isolation by 
decoupling the timing cover/sump and the block/sump 
respectively. The corresponding coupling loss factors are 
assumed to be zero. The measurements on the engine 
with these changes are then compared to the predictions 
by the SEA model. 

6.3.3. Coupling damping consideration 

The varied internal loss factors in the timing cover, which 
are needed for prediction in equation (14), are determined 
by the energy method (see equation (9)). As shown in 
Figure 9(3), the internal loss factors, obtained from 
the energy method are smaller than those from the ma
trix inversion method in situ for normal timing cover. 
This is even true for the damped timing cover in some 
frequency bands. The difference can be reasonably at
tributed to coupling damping (Sun et al., 1987; Norton, 
1989) which is lost in the energy method when the tim
ing cover is freely suspended. It has been pointed out 
in reference (Stimpson &c Lalor, 1992) that engine cov
ers derive most of their damping from the gasketed joint 
with the block. Since the coupling damping mechanism 
acts independently to the structural damping and acous
tic radiation damping (Norton, 1989), the varied internal 
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loss factors in situ for prediction can be calculated in the 
following way: 

A t /= ^, n v - f/ne and J?c = Af? + Vde (16) 

where Art is the coupling damping in situ; 
tjinv is the internal loss factor determined by the ma

trix inversion method with the geometric average ap
proach in situ; 

T)„e is the internal loss factor of the normal timing 
cover, which is determined by the energy method; 

Tj c is the corrected internal loss factor of the damped 
timing cover; 

rfce is the internal loss factor of the damped timing 
cover, which is determined by the energy method. 

6.3.4. Prediction for isolation 

Figure 15 shows a comparison between the measured and 
the predicted responses in the timing cover and the sump, 
when the sump is physically disconnected from the timing 
cover and the block, respectively. The loss factors used 
in the SEA model are obtained from the linear average 
approach. As the internal loss factors have to be positive, 
the negative values are replaced by the positive ones from 
the geometric average approach. Additionally, both the 
coupling loss factors from equations (5) and (6) are used 
in order to identify the effects of indirect coupling. It can 
be seen that many predicted values are lost (this being 
related to negative predicted energy levels) no matter 
whether the indirect coupling is considered or not. It 
makes the SEA model almost useless in such cases. 

The same comparison but using the geometric aver
age approach is shown in Figure 16. The coupling loss 
factors obtained from equations (5) and (6) produce sim
ilar prediction results. Thus only one plot for prediction 
is exhibited. It shows that with the geometric average 
approach, the prediction capacity of the SEA model is 
much increased. Only two large variations occur in the 
bands of 800 Hz and 1000 Hz in Figure 16(4). The differ
ences between measurement and prediction are generally 
within 3 dB. 

6.3.5. Indirect coupling 

The indirect coupling shows no effect on the prediction. 
This may be attributed to the fact that, for the studied 
system, the encounted problem is due to the mode locali
sation dominant near the boundary and not to the "tun
nelling behaviour" (Hodges & Woodhouse, 1986) where 
the indirect coupling has to be considered. The tunnelling 
behaviour means that the energy flow between two os
cillators is influenced by the energies of all the other 
oscillators in the system. It favours a periodic chain type 
structure (Fahy, 1993) whereas the subsystems in the 
engine do not look like this. 

6.3.6. Operating input power estimation 

The estimated input powers in the operating condition 
are calculated from equation (15). In fact, the use of 
coupling loss factors from the linear average approach 
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Figure 15. Comparison between measured and predicted re
sponses in timing cover and sump with isolation treatments. 
The linear average approach is used. 
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results in many negative values of input power for the 
timing cover and the sump. This can be much improved 
by using the geometric average approach, in which only 
one negative value appears at 1000 Hz in the sump, as 
shown in Figure 17. 
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Figure 17. Input powers when the engine is operating at 
a speed of 1900 rpm and with a load of 370 Nm. The bade 
estimate technique is used. One missing value indicates the 
negative result. 
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Figure 16. Comparison between measured and predicted re
sponses in timing cover and sump with isolation treatments. 
The geometric average approach is used. 

The input powers in the subsystems, with the ex
ception of the block, may be caused by "noise floor" 
(Stimpson, 1989), i.e. the predicted components in the 
unexdted subsystems. The "noise floor" is due to errors 
in measured responses and to the loss factors in equation 
(15). The noise floor is probably dominant particularly 
when estimating the input power of the valve cover, be
cause some of its input power values are really high, they 
correspond with the large equivalent mass in Figure 8. 
As a result of the small size of the valve cover (around 
100 x 140 x 100 mm3 ), the point input power (see equa
tion (3)) for equivalent mass calculation may be strongly 
influenced by wave reflection from the boundary. How
ever, these estimated values could well be due to acoustic 
excitation from the "inside noise" of the engine and to 
mechanical impact. Figure 18 displays a numerical exam
ination by setting the input powers to zero for the valve 
cover, the timing cover and the sump. It can be seen that 
there exist large discrepancies between the predictions 
and measurements. 

6.3.7. Prediction for damping 

Predictions for damping treatments are compared with 
measurements in Figure 19. The loss factors obtained 
from the geometric average approach are used in the 
model. The varied internal loss factors for the tuning 
cover are determined by the energy method and com
pensated for by the coupling damping. The measured 
vibrational response for the normal timing cover when 
the engine is operating is also plotted in Figure 19, in or
der to observe the vibration reduction effect. It is clearly 
shown that, for both damping treatments, the predictions 
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Figure 18. Comparison made between setting and not setting 
tbe input values of valve cover, timing cover and sump to 
zero for measured and predicted responses in timing cover 
and sump with isolation treatment. 

and the measurements are in general in agreement with 
the maximum 3 dB variation. It is especially clear that 
with the 6 mm rubber sheet, both measurement and pre
diction show the damping effect to be dominant in the 
high frequency range. 

It should be noted here that even the coupling loss 
factors determined by the linear average approach are also 
used in the SEA model, the predictions are still similar. It 
indicates that the SEA prediction for damping treatment 
is less sensitive to the coupling loss factor values and 
mainly determined by the internal loss factors. 

7. Conclusions 

The negative loss factors of the four subsystem SEA 
model of an engine are investigated. The investigation 
reveals that some pairs of subsets, which are separated 
by their boundaries and thus belong to two different 
subsystems, exhibit a similarity in structure and stiffness. 
Candidates for the pairs of the subsets are the sump front 
with the lower timing cover and the sump side with the 

Figure 19. Comparison between measured and predicted re
sponses in timing cover with damping treatments. The upper 
case shows the effect of having a 6 mm rubber sheet attached 
to the timing cover. The lower case shows the effect of having 
a composite panel with a 3 mm rubber layer plus a 1 mm steel 
panel attached to the timing cover. 

lower crankcase of the block. All the subsets have a plate-
type structure and are couplecTby flanges at an angle of 
180 degrees. Using the running mode analysis a strongly 
correlated motion is observed in these areas from 800 to 
about 2000 Hz. This agrees with the findings of Carr & 
Lalor (1988) that the flanged plate joint moves in phase as 
a whoie body. Thus when the point excitation is located 
in these areas the vibrational energy will not diffuse 
over the whole subsystems but will instead primarily 
concentrate in the areas near the boundary. This will 
give a large contribution to the space averaged response 
for the subsystems when the linear averaging process is 
used. Furthermore, it is found that the abnormally high 
energy levels in the non-driven subsystems, compared to 
those in the driven subsystem, degrade the conditioning 
of the matrix inversion of the power balance equations 
and lead to invalid loss factors. 

It is thus assumed that the mode localisation near the 
boundary has significant weighting for the non-driven 
subsystems. Geometric averaging is used to suppress 
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these anomalous high values in only the non-driven sub
systems instead of in all the subsystems. It is shown that 
the condition of the energy matrix for the internal loss 
factor calculation is generally much improved. Accord
ingly, the obtained internal loss factors are reasonable 
and positive. 

The consistency and reciprocity relationships both are 
used to check the accuracy of the coupling loss factors. It 
shows that the consistency relationship can generally tell 
more about the suitable frequency range for SEA appli
cation and the reciprocity relationship can uncover more 
details of information about the coupling loss factors. 
It reveals that the main effect of the geometric average 
approach is in the low frequency bands (800-1250 Hz) 
and between the subsystems of the sump/timing cover 
and the sump/block. Some large diversities in some fre
quency bands, for the reciprocity relationship between 
the block and the timing cover as well as between the 
block and sump, seem to proclaim a fact that the struc
ture complex in the block has dominant effect on the 
measurement. Suitable mechanical exdtation(which can 
provide more input power in high frequency), more exci
tation and measurement points may be needed to over
come these problems. Additionally, the uncertainties may 
be particularly related to the errors in the modal density 
measurement in the engine block. All this needs to be 
investigated in a future study. 

It is of particular importance that the experimental 
verification suggests that the loss factors obtained us
ing the geometric average approach generally have the 
ability to predict the vibrational behaviour that is due 
to changes in the damping and the isolation in the en
gine structure. It is emphasised that the SEA prediction 
for isolation treatment is sensitive to the coupling loss 
factors rather than for damping case. However, all the 
predictions are based on the positive internal loss factors 
that are determined by the geometric average approach. 

The low modal density in the valve cover indicates 
that, in the current model, it is not appropriate to treat 
the valve cover as an independent subsystem. However 
it seems not to affect the predictions. This may offer an 
evidence to expand the conclusion (Mohammed, 1990) 
for the simple structure to the complex structure, i.e. the 
modal overlap factor of the large system (it is the block 
in the case) is more dominant than that of the small 
system and controls the actual power flow between two 
subsystems. Similarly, as the modal overlap factors for 
the sump always are larger than unity, it may govern 
the actual power flows between the sump and the timing 
cover as well as between the sump and the block. This 
may imply that the lowest frequency band (800 Hz) is 
still inside the range where the SEA method can apply 
with geometric average approach. 

High vibration in a subsystem means a high strain 
concentration and hence high levels of dissipation will be 
present in the subsystem. It is suspected that the geomet
ric average approach might underestimate the internal 
loss factors by suppressing the high vibration. However, 
as the geometric averaging is only applied to the non-
driven subsystems, the internal loss factors should not 
be underestimated. In fact, this is generally verified by 
checking the results. Instead of this, the geometric aver

age approach reduces the size of the coupling loss factors. 
This means that the typical energy flow between the 
subsystems is not as large as it looks near the boundary. 

The indirect coupling correction is examined in par
ticular, because of the strong coupling phenomenon. The 
examination shows that there is no improvement in the 
prediction for either the linear or the geometric average 
approach. This is because the strong coupling is really 
localised. The modal energy flow between two subsystems 
might not be affected by the third subsystem in the way 
that it does when the tunnelling behaviour occurs. It is 
also suggested that the approximate equation (6) is suf
ficient for coupling loss factor calculation for the engine 
structure. 

The drive points near the line coupling are one of the 
reasons for the high modal response localisation. They 
strongly biased the estimates of the coupling and internal 
loss factors. Mohammed (1990) also reported a similar 
finding but only for power flow and coupling loss factor 
for simple structure. They attributed this to the existence 
of near field waves close to the coupling line. Therefore, it 
is recommended that the drive points should be selected 
in places as far as possible from the coupling lines. 
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ABSTRACT 
To even further reduce the noise emissions from heavy vehicles it is necessary to achieve a better 
understanding of the noise sources. The sound intensity method is a powerful tool and widely 
used in the field of noise control engineering. In this study, the method is applied in order to 
investigate the noise radiating mechanisms within the torsional vibration damper area of a 9 litre, 
6-cylinder in-line diesel engine. To increase the accuracy and see the effect of coherent radiation 
inside and outside the control volume, an experimental series is performed in order to obtain a 
result suitable for multiple regression analysis. The damper, mounted at the front end of the 
crankshaft, reduce torsional vibrations in the shaft system. The damper contributes significantly 
to the noise radiation due to axial and bending vibrations in the crank shaft. A prediction model, 
derived by multiple regression analysis, describes the sound power radiation in the most 
important frequency bands. The model is verified by running mode measurements, tested by 
additional runs and finally used to predict the effect of a modification. A valid result is obtained 
and the noise radiation decreases with 4.2 dB(A). It is concluded that the radiation is dominated 
by structural modes in the timing cover. At some frequencies though, the damper in combination 
with the timing transmission cover behind it, causes the high radiation. The distance between the 
damper and the timing cover structure also has a significant effect on the radiated power due to 
coherent vibrations and resonance phenomena in the cavity between the structures. 

1 INTRODUCTION 

EEC legislation's regarding noise will come into force in 1995. This has led to work 
by truck manufacturing companies to make their vehicles less noisy. Today, it is necessary 
to use various types of cover to enclose the engine which is one of the main noise sources 
when driving at low speeds with heavy loads. Covers are expensive solutions because they 
cause difficulties with heat transfer, production and service. Furthermore, they probably 
have a limited efficiency in the long-time. A more cost-efficient solution would therefore be 
to reduce the effect of the engine noise source. 

The torsional vibration damper (TVD) is a substantial noise source, as has been 
shown in several papers (Attia, Weiler, 1985, Kinoshita, et al, 1989, Maetani, et al, 1993). 
Some previous experiments, (Göhler, Ågren, 1991; Johansson, Ågren, 1992) indicated that 
the lower front end area around the TVD is one of the main sources of noise due to some 
kind of interaction between the TVD and the behind located timing transmission cover 
(TTC) structure. The TVD has an important effect on the lifetime of the engine and on the 
overall noise level. This is because torsional vibrations in the engine shaft system causes 
reduction in timing accuracy between injection time and piston position and this leads to 
irregularities in engine performance (Baker, 1990). One problem though is that the TVD, 
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together with the lower part of the timing transmission cover (TTC), act as a noise 
source due too axial and bending vibrations in the crankshaft. This effect is especially 
marked in the 1/3 octave bands centred at 630 Hz and 1 kHz, which dominate the noise 
spectrum measured in front of the engine. For this type and size of engine the maximum 
radiation is often found at 1 kHz (Lalor, 1992) a frequency causing problem in the 
IS0362 legislation test procedure. 

The sound intensity method is widely used in noise control engineering in the 
automotive industry. This method is very sensitive and has to be applied with great care, 
though correctly used in suitable conditions, it is a powerful tool. This paper comprises 
an experimental investigation of the noise radiating mechanisms within the torsional 
vibration damper area in a 9 litre in-line 6 cylinder diesel engine. The aim of the trial was 
to combine the sound intensity method based on FFT with the conventional lead 
wrapping technique to improve the accuracy of measurements. The results were analysed 
using multiple regression analysis to improve understanding of the source mechanisms 
and to be able to predict the results of future modifications. 

The prediction model, describes the origin of noise radiation from the TVD area. It 
is verified by running mode analysis of both structure and damper, tested by additional 
runs and finally, used to predict the result of a modification. In order to validate the 
prediction model, a modification was tested. The result, a decrease of the sound power 
level with 4.2 dB(A), was found to be valid. 

2. MODEL DESCRIPTION 

2.1. Source definition 
The TVD, with diameter 280 mm, is mounted at the front end of the crankshaft and 

the distance between the TVD and the timing cover is 5 mm, see Figure 1, 

Timtut cower upper part 

Ttmimt corer lower part 

nloual Vibration Damper 

Figure 1 Model description of noise 
radiation. The source variables: X] = 
TVD radiation, X 3 = structure mode 
radiation from the TTC near and behind 
TVD, X 4 = oil sump radiation, X 5 = 
radiation from the upper part of TTC 
structure. The TVD position is described 
by: X 2 = distance between TVD and the 
structure behind, Xg= displacement of 
TVD. 

The TVD area contains contributions from 4 "sources" defined as: ( X j ) TVD radiation 
described as a source with monopole, dipole or quadropole character, (X3) radiation from 
the lower part of TTC structure behind the TVD, (X4) radiation from the oil sump and (X5) 
radiation from the upper part of the timing cover. As the radiation behaviour of the front 
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area is dependent on the TVD position, the location is described by two additional variables, 
where (X2) describes the distance between TVD and the structure surface and (X5) 
describes the displacement of the TVD. The displacement is defined as a forward move of 
45 mm. 

2.2 Vibration and theoretical radiation behaviour of the TVD 
In the beginning of this study it was assumed that axial and bending vibrations in 

the crankshaft would cause an axial or tilting rigid body motion behaviour of the TVD. 
To confirm this, a deflection mode measurement was carried out on the rotating TVD 
using an Ometron VS100 laser interferometer (Johansson, Ågren 1994). The result 
shows a rather more complicated modal behaviour than assumed, see Figure 2. Due to 
axial vibrations in the crankshaft the TVD vibrates mainly in a first order (800 Hz) and 
second order (1 kHz) circular mode shape. In the case of bending vibration in the crank 
shaft, a rigid body tilting motion of the TVD occurs (630 Hz). The levels of X i , as a 
function of frequency and vibration behaviour, are derived for four different cases, 
defined as follows: 1) baffled front (Figure 3b), 2) normal or translated position (Figure 
4b, 5b & 6b), 3) baffled back (Figure 4a, 5a & 6a), 4) covered TVD (Figure 3a). 

a) b) c) 

Figure 2. Examples of typical mode shapes of the TVD in running condition, a) tilting 
rigid body motion, 624 Hz b) first order circular mode shape, 808 Hz, c) second order 
circular mode shape, 1024 Hz. 

The TVD radiation ( X i ) near a reflecting or radiating structure with a complex 
modal behaviour is difficult to derive analytically. An approximative model of X i was 
developed based on the following assumptions: 

- As the wave length, in the frequency span of interest, is in the order of the TVD 
size the radiation can be described as a combination of idealised finite sources with 
monopole, dipole or quadropole character. 

- As the back area is 25 % smaller than the front area, no perfect dipole or 
quadropole radiation will occur. In the case of free radiation, the TVD radiation is 
described as a dipole or a quadropole source together with a monopole or dipole at the 
centre of the front surface. 

2.2.1 First order circular modes 
In the case of first order modes, the baffled TVD is described as a baffled piston (1) 

(Norton 1989). The back surface is described with an equivalent radius a eq=(ai2-bi2)72 
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In the case of free radiation, the source is described as a combination of a baffled piston 
(1) and a finite dipole (2) (Reynolds 1981). The far field expression is used as the SI 
method estimates the active sound power radiation. To combine equations (1) and (2), 
the latter is normalised by the ratio of (1) and half of the expression for a finite monopole 
(3) (Reynolds 1981). 

C v + P o c S Ä 7 { 2 * a } ] (1) 

r2 . „ * V n d p ( a ) = 1. SSnU^PoC—j-j (2) 

2 2 

Unpia) = 1. 33nUnnsp0c - \ - (3) 

where: ^rms ~ r m s pis*011 vibration velocity amplitude. 
C v = dissipated mechanical energy. 
p 0 c = characteristic acoustic impedance. 

S = piston surface area. 
Ri = radiation resistance, as a function of wave length and surface size, 

a = piston and sphere radius, 
k = wave number. 

I f C v is neglected combinations of equations (1) to (3) give the normalised 
relations between different TVD conditions, where (4) describes the ratio between the 
baffled back and front and (5) describes the ratio between the case of free radiation and 
baffled front 

(4) 

mp\ eg) = eg 

(5) 
Where: RjfxJ = x2 /(2-4) - x4/(2-42-6) + x6/(2-42-62-8) x = 2ka (6) 

rihp(ai) = radiated sound power from the baffled front of TVD. 
n.bpi.aeq) = radiated sound power from the baffled back of TVD. 

n^p(b) = radiated sound power from the centre area of TVD. 

^dp( aeq) = radiated sound power from the equal areas of the TVD. 
= outer radius of TVD = 140 mm. 

b j = inner radius of TVD = 70 mm. 

2.2.2 Second order circular modes 
For this mode shape the centre part of the TVD vibrates in opposite phase to the 

outer area. To describe the radiation in this case, modified versions of equations (4) and 
(5) are used. The baffled front condition is described as two baffled pistons of different 
source strength. The centre area is defined as a piston with radius bi and the outer area 
as a piston with radius agq. The expression describing the baffled back condition is 
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shown in equation (7) (modified version of (4)) and the case of free radiation is described 
by equation (8) (modified version of equation (5)). The expressions are normalised by 
the baffled front condition. 

-4 k2 K * 2 ) 

2.2.3. Tilting riff id body motion 
I f the TVD vibrates in a tilting mode behaviour the source is described as a dipole 

or as a combination of dipole and quadropole character. The far field sound power 
radiation from a finite lateral quadropole is described by equation (9) (Reynolds 1981). 

4% 2 k^a8 

The ratio between the baffled front and back of TVD (10) is derived by equation 
(2) and the case of freely radiating TVD (11) is derived as a combination of equations (2) 
and (9). 

ndp(aeq)_atq(4 +
 k 4 a l ) 

n>i)+2rv(%) »f(*+*V) 

(10) 

6a8 k 2 ( 4 + k4a4) 
(id 

2.2.4 Source strength due to mode shapes and test conditions 
The equations that describe the interrelated levels of X i are interpreted to give a 

rank order that corresponds to the different test conditions and mode shapes. The 
geometrical dimensions of the TVD give the result shown in Table 1, where the source 
strength is treated independently of reflections or coherent vibrations. 

Table 1: Rank order of the source strength of X i due to treatment 
Rank order Tilting motion l:st order modes 2:nd order modes 

1 baffled front baffled front baffled back 
2 baffled back baffled back baffled front 
3 free radiation free radiation free radiation 
4 covered covered covered 
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3. APPLIED METHOD 

3.1 Experimental design 
The experimental series is based on the design of a duplicated two-level quarter 

fractional factorial design (Box, Hunter, Hunter 1978). This allows the study of 
interactions between variables and allow all the data from the experiment to be used to 
study the effect of individual variables. The exrjerimental yield is the radiated sound 
power from the TVD area, see Figure 1, and for details of experiments (Johansson, 
Ågren 1993). The variation of the defined sources and the two position descriptors 
during the experimental series is defined in Table 2. 

Table 2: Variation of variables in experiment 
Variable Low (-1) High (+1) 
X I : TVD radiation * * 
X2: Cavity space [mm] 45 5 
X3: TTC rad. (lower part) covered normal 
X4: Oil Sump rad covered normal 
X5: TTC rad (upper part) covered normal 
X6: displacement of TVD 0 40 
* defined in chapter 4 

The practical realisation of the experimental series is shown and described briefly in 
Figures 3 to 6. 

Figure 3 a) Test 1, X 1 = 0, X 2= 1, X 3= -1 X 4= 1, X 5= 1, X 6= -1. A cyUndrical pot, 
made of plywood and chip board covered with a heavy viscoelastic material and absorbing 
material, is used to cover the TVD. This cover is bolted and sealed with silicone on to the 
timing cover, b) Test 2, Xj= 1, X 2 =l , Xya-l, X 4 =-l , X 5 =-l , X$= -1. The whole front of 
the engine structure, except the TVD is covered with a 2 mm lead plate. Around the TVD 
is mounted a chip board to a fine-fit. The space between the engine structure and the lead 
plate is filled with absorbing material. 
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Figure 4 a) Test 3, X1=(back rad.), X 2 =l , X 3 =-l , X 4 =-l , X 5 =l , X<5= 1. The TVD is 
moved 40 mm, by a spacer of steel material. The cyUndrical pot used in test 1, modified 
with a ring of chip board that fits perfectly around the TVD, covers the front. The lower 
part of the engine structure is covered with a 2 mm lead plate and absorbing material. 
Behind the TVD a 5 mm thick aluminium plate is mounted at a distance of 5 mm from the 
TVD back surface. To avoid absorption a rubber sealing is mounted between the plate and 
the crankshaft. This realise the standard conditions except that the structure, in this case 
the additional aluminium plate, is heavily damped, b) Test 4, Xj= (free rad.) X2=l, X 3 = 
4, X 4 = -1, Xg= -1, Xf3= 1. This test is identical to test 3 except that the TVD radiates 
freely and the upper part of the TTC is covered. 

Figure 5 a) Test 5, X 1 = (back rad.), X 2= -1, X 3= 1, X 4= 1, X 5= -1, X 6= 1. The 
cylindrical pot is fitted as in test 3. The TVD is moved 40 mm and the upper part of the 
TTC structure is covered with lead and absorbing material, b) Test 6, Xj= (free rad), 
X 2 = -1, X 3 = 1, X 4 = -1, X5= 1, X 6 = 1. The TVD is moved and the oil sump is covered 
with lead and absorbing material. 



Figure 6 a) Test 7, X^flaack rad.), X 2 =l , X 3 =l , X 4 = -1, X 5 = -1, X<5= -1. The TVD is 
in the original position and the front is covered. The oil sump and the upper part of the 
TTC is covered with lead and absorbing material, b) Test 8, X]= (free rad.), X 2 =l , 
X3=1X4=1, Xj= l , Xg= -1. This is the modified original condition, where the belts and 
pulleys are removed. 

3.2. Instrumentation and procedures 
The measurements were performed in a hemi anechoic engine test cell, with the 

reflecting plane 0.7 m below the centre of the crankshaft. Each test was duplicated and 
performed in randomised order at a constant speed of 1900 rpm +/-5rpm, load 370 
Nm+/-5Nm (half load) and temperature 8S°C +/-10°C. To be able to carry out this 
experiment, belts and belt pulleys were removed. 

For the SI measurement an intensity probe 4177 from Bruel & Kjaer fitted with 
1/2" microphones type 4165 was used, configured to give a positive residual intensity 
value in order to minimise the error of the sound power estimate (Jacobsen 1991). The 
probe was connected to a LMS(Leuven Measurement Systems) C ADA FFT based 
measurement and analysis system, with an HP(Hewlett Packard) Paragon 35650 front 
end and supplied with a HP 9000/360 computer. The indirect intensity method (FFT) 
gives a high degree of accuracy when the system is correctly calibrated and used in a 
stationary and not too reactive sound field (Gade 1986, Fahy 1989, Jacobsen 1989). 
With this system, intensity and sound pressure level may be measured simultaneously. 
This gives good control of the field indicators F2 and F3 (Hubner 1987 &1990, Fahy 
1989, Jacobsen 1990 ) and of the dynamic capability of the measurement system in the 
frequency range of interest (500 - 2500 Hz). The residual pressure intensity index (Gade 
1982) was checked by a coupler measurement (B&K3541) and lied in the interval of 19 
to 23 dB. This procedure is not suggested by B&K but it was shown to give accurate 
results by (Ren, Jacobsen 1992). 

The sound power level is measured over a hemispheric grid with a radius of 0.2 m, 
4 levels and 6 sectors (24 areas), see Figure 1. Over every single area 80 independent 
samples have been averaged together, which gives a reasonably stable spectrum. The 
probe was hand held during the whole sequence of measurement. Point measurements 
were made at the first two levels of the hemisphere grid. The two lower levels with 
larger areas were swept. The hemisphere measurement determines accurately the total 
sound power radiation from the TVD area where sources X i and X3 are of especial 
interest. I f there is no absorption within the control volume, stationary incoming sound 
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should theoretically be cancelled out using this measurement method (Gade 1985). X4 
and X5 are taken into account as coherent relation ship might interfere the estimate 
(Fahy, 1989) and as small areas of them are covered by the grid. 

4. RESULTS AND DISCUSSION 

4.1. Third octave band and Narrow band analysis 
An analysis by (Johansson, Ågren 1992) showed that the TVD area gives the 

greatest contribution to the total sound power level in front of the engine in the third 
octave bands 630 Hz, 800 Hz and 1000 Hz. This study emphasises that the TVD area is 
an important source at these frequencies, as the sound radiation shows large variations 
and is very sensitive to modifications, see Figure 7a. Values obtained of the global pl-
index for the experimental series are also relatively low at these frequencies, see Figure 
8b. The results shown are averaged values of the duplicated tests except in tests 4, 6 and 
7 where the requirement of repeatability was not satisfied (AL >1.5dB). These variations 
are discussed in 4.3. 

Figure 7. a) Measured sound power levels over the hemisphere in synüiesised third octave 
bands, referred to test 8. b) Measured sound power levels of test 8 and test 11 in both third 
octave bands and narrow bands, testå, testi 1. 
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The narrow band spectrum shows a harmonic relation to the fundamental frequencies 
of the engine at 1900 rpm, i.e. to the firing frequency (96 Hz), revolution frequency (32 Hz) 
and individual cylinder firing frequency (16 Hz). Each of the third octave bands studied 
contained four or five dominating peaks, see Figure 7b, which were found in the following 
narrow bands: 568, 600,616, 632, 664,760, 800, 808, 896,912,960,1008, 1088 and 1112 
Hz. The amplitude variations of these peaks are significant and very large in this 
experimental series. Relations among the 1/3 octave band levels were studied in order to see 
any pattern and to interpret results more easily. 

Lu re rest a I dB! Ao/ IdBl 
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Figure 8. a) Three different shapes in the 1/3 octave spectra of radiated power from the 
TVD area. Shape 1: test 6, test 4, Shape 2: test 7, test 1, test 2, Shape 3: test 5, test 3. 
b) Global pressure intensity index F 3 for the experimental series 

Figure 9. Three typical structure modes obtained by running mode analysis within the 
third octave bands of interest a) undeformed structure, b) 664 Hz, c) 808 Hz, d) 1024 Hz. 

In Figure 7a, it is possible to see three different parallel shapes in the 1/3 octave 
spectra for radiated sound power, see Figure 8a. A general interpretation of Figure 8a is 
that covering the lower part of the TTC structure (X3) gives a consistent decrease in sound 
power level. The fact that covering the engine structure is more efficient than covering the 
TVD area, indicates that the surrounding sources X4 and X5 influence the sound power 
estimate. A comparison of test 2 and test 4 though shows that the TVD is a much more 
efficient radiator (800 Hz & 1kHz) when it is in normal position than when the front is 
baffled. The more detailed information in narrow frequency bands though, see Figure 10, 
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shows some interesting phenomena. In the narrow band spectra the greatest variation of the 
sound power estimate are found at 560; 664,760, 808, 1008 and 1104 Hz. 
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c) 
Figure 10. Associated narrow band spectra related to test 8, a) Shape 1: test 6, test 4. b) 
Shape 2: test 7, test 1, test 2, c) Shape 3: test 5, test 3. 

The results for the experimental series are, within the third octave bands of main 
interest, interpreted in detail as follows: 

630 Hz band: An increase of radiated power (related to test 8) is found in test 5 and 
7. During these two tests the TVD front and the upper part of TTC were covered (X5). 
This increase is due to various phenomena. In test 7 is the increase mainly seen at 560, 600 
and 648 Hz and in test 5 the increase is found at 648 and 664 Hz. These frequencies, 
especially 560 Hz and also 664 Hz, are found as important structure modes in a running 
mode analysis, see Figure 9. At these frequencies modes of dipole character occur, which 
means that covering the upper part of the timing cover changes the "source" from a dipole 
to a monopole. 

A decrease of radiated power is found in all the other tests. The decrease is 
emphasised in test 4 and test 2 (>-9dB). At these tests the whole engine front structure with 



12 

the exception of the TVD is covered. The even more pronounced decrease in test 4 is 
expected as the TVD is assumed to be a poor radiator in this frequency band due to a tilting 
mode behaviour, see Table 1. The TVD contributes to the radiation at 560 Hz and the 
important frequency range of 600 to 632 Hz. In 600 to 632 Hz an almost equal reduction 
was found in test 1, 2 and 3. This is somewhat confusing as it was expected that the 
reduction would be related to an interaction effect due to the close distance between the 
TVD and the structure. The global pl-index (F3) in narrow bands within this range shows a 
clear increase due to displacement of the TVD. This means that the complexity of the 
radiation increases which indicates a change from monopole radiation to a more inefficient 
noise radiation. Due to this it is concluded that the noise comes from the cavity between the 
structures, probably due to resonance phenomena excited by the TTC structure. This 
phenomena is verified by a repetition of test 8 with high resolution (Johansson 1994), where 
the global pl-index is close to zero at the specific frequency 616 Hz. Further evidence that 
the cavity acts as a noise source is obtained when comparing test 7 with test 1 and test 2. 
The significant reduce in sound radiation and increase of the F3 indicator when the TVD is 
closely mounted to the damped additional A l - plate (Figure 4a & 4b) could be expected as 
a resonator acts as an absorber if it is excited by the surrounding sound field (Mann HI, 
Tichy 1988) 

800 Hz band: An increase of radiated power is found in test 5, 6 and 7 (related to 
test 8). There is no simple explanation to this phenomena except that the cover behind the 
TVD is freely radiating and the remaining structure is more or less covered (X4 and/or X5). 
The found increase is probably due to coherent vibrations in the lower part of the TTC and 
the TVD that is shown in the simultaneous RMA measurement (Johansson, Ågren 1994). 
The mode shapes are slightly out of phase and due to the displacement of the TVD the 
sources will radiate in phase which explains the great increase in radiated power. In the 
important narrow bands 760 and 808 Hz a first order mode shape is found in both TTC 
structure (X3) and TVD. The increase is especially emphasised in test 5 where 720 Hz and 
760 Hz are very much amplified. At 720 Hz, this is mainly related to a change of source 
character of the TVD. 

A clear decrease of radiated power is found in test 1 and 2. The narrow band results 
show that 760 and 808 Hz are just slightly affected by the TVD cover (test 1). When the 
engine structure with exception of the TVD is covered (test 2), the radiated power 
decreased with 7 dB. The TVD radiation is strongest at 720 Hz where a first order mode in 
the TVD occur. 

The radiated power is almost unaffected in test 3 and 4. This is a little bit hard to 
explain as the TTC behind the TVD is covered in these tests, though it indicates that the 
damper is an important source in this frequency band. 

1000 Hz band: A decrease of radiated power is obtained for all tests. This decrease 
is emphasised in test 1 to 4. These tests have in common that the TTC behind the TVD is 
covered. This is expected as the running deflection mode measurement of the front structure 
shows strong 2nd order panel modes of the TTC coupled to the oil sump in this frequency 
band. The very low radiation in test 2 is what would be indicated by the second order 
circular mode shape shown in Figure 2c. 

A study of the narrow band result of test 7 shows some slight increase at 936, 1024, 
1080 and 1120 Hz. 1120 Hz is also increased in test 6 which indicates that the sump cover 
increases the radiation from the TTC area (X3), which could be explained as a change of 
source character from dipole to monopole. 
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4.2. The radiation behaviour of the torsional vibration damper 
The intensity patterns (in narrow bands and third octave bands) for test 2 (baffled 

front) have been studied, see Figure 11, in order to verify the vibration behaviour of the 
TVD obtained by the laser interferometer measurement shown in Figure 2 (Johansson, 
Ågren 1994). At 630 Hz a dipole radiation pattern can be seen which verifies a tilting rigid 
body motion of the TVD. The expected monopole radiation pattern at 800 Hz can not be 
seen clearly, it might be interfered by a sound coming from outside the control volume. At 1 
kHz a very narrow radiation pattern can be seen which is expected for a circular surface 
where the inner area vibrates in anti-phase with the outer area. 

In the case of axial vibrations (800 Hz) the use of equations (4) and (5) gives the 
linear relations of X i for the different treatments of the TVD. When tilting motion occurs 
(630 Hz) X i is given by equations (7) and (8). In 1 kHz, the vibration behaviour is 
described as two baffled pistons in anti-phase (10) or a baffled piston combined with a 
dipole (11). The baffled front condition is used as the reference level and the covered 
condition is set to zero. The interrelated levels of X i as a function of frequency and 
treatments are shown in Table 3. 

Table 3: Estimated source strength of TVD 
treatment \ freq 630 Hz 800 Hz 1000 Hz 

baffled front 1 1 1 
free radiation 0.07 0.52 0.66 
baffled back 0.56 0.66 1.24 

covered 0 0 0 

a) b) c) 

Figure 11. Intensity maps in third octave bands for test 2 (baffled front), a) 630 Hz, 
dipole radiation pattern, b) 800 Hz, monopole pattern, disturbed by sound passing 
through the control volume, c) 1kHz, a narrow monopole pattern. 

A comparison of test 2 and test 4 shows that the TVD source strength is affected by 
the structure behind it. The explanation might be that the back radiation is amplified by 
reflection and a phase shift occur when the TVD comes very close to the reflecting 
structure. The amplification can be expected as this effect is found when point sources come 
close to a rigid surface (Reynolds 1983). The phase shift of the back radiation in case of 
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axial motion has been observed in a previous study ( Johansson, Ågren 1992) where the 
back radiation of a loud speaker was studied. The result of a simultaneous operating 
deflection mode measurement of both TTC structure and the TVD (Johansson, Ågren 
1994) shows mainly coherent vibration behaviour. Two hypotheses of the TVD radiation 
behaviour (X]) was investigated and described as; (HI) X i is correlated with the engine 
structure (the back radiation, see Table 3, is given a negative sign) and the TVD back 
radiation is amplified two times by reflection (Reynolds 1983). (H2) As (1) but the back 
radiation also changes phase in the case of circular modes when X2=l . 

This means that X i has to be recalculated in the case of baffled back and in the case 
of free radiation. The former case was done by direct multiplication and the latter case is 
calculated by (12), where the front and back radiation is summed in a normalised manner, 

n » , = ( n ^ + q i O (i2) 
" f r o n t + *^Back 

where, q = 2 (monopole) or 2.3 (dipole). When the phase shift occur the TVD radiation is 
assumed to be descnbed as the sum of front and back radiation. The recalculated levels of 
TVD source strength is shown in Table 4. 

Table 4 Adjusted estimate of TVD source strength 
treatment \ freq 630 Hz (HI) 800 Hz (H2) 1000 Hz (H2) 

baffled front 1 1 1 
free radiation -0.10 -0.73 or 2.32* -0.96 or 3.48* 
baffled back -1.12 -1.32 or 1.32* -2.48 or 2.48* 

covered 0 0 0 
•When X 2 = l 

4.3. Discussion 
To facilitate interpretation, additional measurements were performed and a prediction 

model was developed using multiple regression analysis. Some of the measurement 
uncertainties need to be straightened out to make more accurate estimations and predictions 
of the complex noise radiation. 

A comparison of the narrow band results for each of test 4, 6 and 7, showed 
frequency shifts and bias errors. These were probably due to (i) an unstable source and (ii) 
limited averaging time. The fact that the frequency lines are roughly centred around the 
fundamental and harmonically related peaks in the spectra, indicates that speed variations 
can cause bias errors. Other problems that can arise are; (iii) difficulty in maintaining 
identical measurement and test conditions due to the complex modifications; (iv) severe 
measurement conditions due to relatively high global PI index, see figure 8; (v) variations 
due to bias and random error of the measurement method (Gade 1985, Jacobsen 1988, Fahy 
1989); (vi) the problem of correct spatial averaging of the hemispheric surface with a hand
held intensity probe; (vii) interference from sources surrounding the TVD area and (viii) the 
lack of real time performance. 

For test 4 it is mainly point (iii) that gives rise to the poor result. In test 7(b) a shorter 
averaging time has been used by mistake and the poor repeatability in test 6 is mainly due to 
point (i). In order to straighten out some of the sources of error mentioned, test 8 and the 
additional test 11 is repeated 8 times (Johansson 1994). The result shows that points (i) and 
(iii) are of importance and that (vi), (vii) and (viii) are of little or no importance. 
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5. PREDICTION MODEL BASED ON REGRESSION ANALYSIS 

Multiple regression analysis might facilitate the explanation of the physical behaviour 
at each 1/3 octave band. This method must be applied with great care as regression models 
easily produce erroneous results and must therefore be verified by additional measurements 
before being used as a predictor of a modification. The model proposed is a combination of 
the defined variables, second order interactions and the third order interactions related to 
X i ; see equation (13). Interactions of higher order are assumed to be negligible. 

Yij=V0+V1X1+$2X2+..+Vl2XlX2+-+V5^ ij 
(13) 

where: Y i j = sound power level from the TVD area relative test 8. 
i = 1/3 oct bands 630 Hz, 800 Hz and 1 kHz. 
j = test number, 

ßn = weighting coefficient for each variable, 
e = normal distributed error term, with a mean equal to zero and 

constant variance. 

The software Statgraphics (Statistical Graphics Corporation, 1987) is used for 
multiple linear regression analysis and it follows the theory described in (Draper, Smith 
1981, Montgomery, Peck 1992). To find the best fitting models, the first step is to test all 
possible combinations of main effects and second and third order interactions. It gives 
several models for each of the third octave bands that could be explained physically and that 
fulfi l the requirements of high R^adj (goodness of fit), significant coefficients, correct 
residuals and low correlation. To test these models some additional measurements are 
performed, see Figure 12. 

a) b) c) d) 

Figure 12. Three additional tests to verify the models, a) Test 9: The TVD is displaced 
and the upper part of TTC is covered, b) Test 10: Normal conditions except that upper 
TTC is covered, c) Test 11: Normal conditions except that the TVD is translated, d) 
Sound power levels referred to test 8. 

The models that predict the results of the additional tests within +/- 1 dB for each test 
or 3 dB as the total absolute error are studied further. The result of a running deflection 
mode analysis over the structure and the torsional damper facilitates checking of the 
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physical reliability. The rigidity and reliability of the models that remain of interest are then 
checked by adding all available data from the experiment and a new estimate of the 
coefficients and a check of the residuals is made. This final test enables rejection of some of 
the data as outliers and verifies that the normalised prediction models shown in equations 
(14) to (16) are the most reliable. 

Y630 = S-4 - 5-3X] + 4.0X3 - 2.5X6 + 1.5X3X6 - 1.9XjX2X6 (14) 
[R2adj = 96.99c, S.E. (standarderror) = 0.9} 

Y800 = -°-6+ 0.7X]+ 6.2X3 - 1.9XjX3 - 1.7X3X5 - 1.2XjX4 (15) 
[R2adj = 9 8 - 2 % - S E- = °-7' 

Ylk = -7-3 + !-3xl + 5.8X3 + IJX4 - 0.9XjX3 + 1.3X3X4 (16) 
(R2adj = 9 7 - 5 % - S E- =°-8l 

At 630 Hz the variables X i X 3 and Xgare the most significant and explain 88% of the 
result; at 800 Hz X 3 , X i X 3 a n d X 3 X 5 explain 88% of the result; and at 1 kHz X 3 alone 
explains 89% of the result 

Test 12 predicted upper UM lover UM 

0 \ a) 

«03 1000 

1/3 octtvt bins 

1400 

Figure 13. a) Proposed modification of the TVD area. A ring of cast iron with a u-profile 
cross-section surrounds the TVD. It is filled with absorbing material and covered with a thin 
metal sheet. The inner volume has open connections to the cavity, b) Predicted results at a 
significant level of 95% descnbed with mean intervals. Results for the first prototype (referred 
to test 8) measured at five different speeds and constant load, c) Verifying test of the noise 
trap at 5 different speeds, referred to test 8. 

5.1. The use of the prediction model results 
The prediction models are used to estimate the sound power radiation of different 

modifications of the TVD area. The models are developed and verified for a constant speed 
and load. The fact that the spectral distribution seems to be mainly dependent on resonance 
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phenomena, the models are expected to give valid predictions for the speed range 1200 to 
2000 rpm. Interpretation of the models indicates that a suppression of the TVD back 
radiation and structural radiation from the TTC area will be efficient, at least in 630 Hz and 
1 kHz. This is realised with a noise "trap" around the TVD, see Figure 13. At a significance 
level of 95 % the predicted results are described by mean intervals, see Figure 13b. This was 
tested and found to be valid, with exception for 1 kHz. The error is probably due to the 
problem of creating a correct model, but it might be due to a inefficient attenuation by the 
noise trap. 

6. CONCLUSIONS 

The method used was successful in improving understanding and the accuracy of 
predicting the results of a modification when regular measurement techniques do not fully 
describe the radiation conditions of a source. The main disadvantage of the method is that it 
require much time. The use of a statistical method facilitated analysis of the limited data in 
the example of the TVD (torsional vibration damper). There is though, a need for 
complementary methods such as running deflection mode analysis and additional intensity 
measurements which would prove a satisfactory verification of the prediction models. On 
the basis of this investigation and the suggested modifications the following conclusions 
may be drawn: 

630 Hz band: The TVD in normal position contributes effectively to the noise 
radiation as an interaction effect occurring between the TTC (timing transmission cover) 
structure and the TVD. A probable explanation is that the cavity between the TVD and 
TTC acts as a volume source in resonance. The cavity is mainly excited by the TTC 
structure and is described as a quarter wave length resonance in the radius direction of the 
TVD around 616 Hz. The damper is vibrating in a tilting rigid body motion of high 
amplitude, but the sound power contribution is low as the radiation efficiency of this mode 
shape is low. 

800 Hz band: Running deflection mode measurements show that the main excitation 
is from a first order panel mode shape (806 Hz) over the timing cover behind the damper 
and the sump front. I f there is a small distance between the damper and the cover a 
significant reduction of the radiation is obtained. A large distance leads to a significant 
increase (+7dB). The phenomena at 800 Hz might be explained as a combination of 
coherent vibration between the lower TTC structure and the TVD, and a change of source 
strength of the TVD. The laser measurement shows a clear first order mode behaviour of 
the TVD at 760 and 808 Hz where the TVD front vibrates out of phase with the TTC 
structure. Maximum source strength of the TVD is obtained when it is freely radiating close 
to a structure, probably due to a phase shift of the back radiation. The phase difference 
between these sources explains why the sound radiation is sensitive to displacement of the 
TVD. In normal position a cancellation effect occur between the sources and due to the 
displacement the sources radiates in phase. 

1000 Hz: It is shown both from the prediction model and running mode 
measurements that the radiation in this frequency band comes from the TTC and oil sump 
structure behind the TVD. The main excitation is from a second order panel mode over the 
timing cover behind the damper and the oil sump front. The contribution from the TVD to 
the total radiation is low except when the lower part of TTC is covered. 
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ABSTRACT 

When investigating the 2D or 3D intensity of complex 'real life' noise 
sources, rather than the intensity normal to a surface, to obtain more 
detailed information about the radiated sound field great care has to be 
taken both in measuring and in interpreting the results. In this study it is 
shown that in measurements of 3D intensity for fixed points and in narrow 
frequency bands, large errors can be expected for a well-defined simple 
source if the positioning is imprecise and for a complex source even if the 
positioning device and the probe are of highest quality. Comparisons have 
been made between a two-microphone and a six-microphone probe, hand
held and robot-controlled. The comparisons show that, except for the case 
of an ideal measurement with a simple source and a high-precision robot, 
significant errors can be expected for all the tested measurement cases. 
The measurements also show that the positioning of the microphone is of 
major importance for the repeatability accuracy. The accuracy obtained 
with a 3D-probe is notably better than with a ID-probe. The errors when 
measuring the complex source with a robot-controlled 3D-probe, however, 
are still so high, especially for the non-dominant directions, that interpre
tations have to be made with great care. Under non-ideal measurement 
conditions, the errors are found to be exponentially dependent upon the 
sound field pressure/intensity relationship (the ^i-index). 

1 INTRODUCTION 

The possibility of measuring and displaying sound intensities as vectors has 
rapidly improved due to the access of inexpensive commercially available 
or 'home-made' software packages. Measuring 2D or 3D intensity gives 
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us far more detailed information about a radiated field than just measur
ing intensity in a plane. Using complementary methods such as 3D re
active intensity1 or studying various field indicators (see, e.g., Refs 2 and 
3) will give even further information about the radiated field and the 
expected measurement errors. However, the amount of input data and 
measurement time will increase and it is of prime importance to stress 
that the quality of data has to be good since the possible errors will also 
increase. The results from measured 3D intensity are generally graphic
ally presented for a fixed point in what appear to be deterministic and 
exact vectors summed from components in the x-, y- and z-directions. In 
measurements of 3D intensity on complex real life noise sources, how
ever, the results are not always as accurate. In most publications about 
errors in intensity measurements data is obtained from ideal sources and 
treated in 1/3-octave bands or wider. In this paper we investigate how the 
complexity and instability of a source, how the low levels of weak com
ponents and how the sparse sampling of a field with approximately fixed 
measurement points will influence the errors in 3D-intensity measure
ment in narrow bands in an engineering situation. A two-microphone 
probe (ID-probe) and a six-microphone probe (3D-probe) are used on a 
simple and a more complex source, i.e. a loudspeaker and an automotive 
engine. 

2 MEASUREMENT ERRORS 

Ideally the components of a 3D-vector should be measured with 4-6 
phase-matched, small and non-scattering microphones arranged to give 
the X-, y-, and z-components simultaneously. However, as these phase-
matched microphones are expensive and must be used together with a 
4-6 channel analyser or a multiplexer, this is an expensive set-up, far 
more expensive than a simple PC software package with two input 
channels. More feasible is to use one single pair of phase-matched 
pressure microphones that can be turned in the three directions needed. 
The 3D-vector is then calculated as the vector sum of the three com
ponents. There are several possible errors involved that can arise as 
erroneous angles and magnitudes. A short summary of the errors that 
can be expected in such cases is given below: 

2.1 Error 1: Non-steady acoustic centre: Imprecise positioning and shaking 

One major possibility for error with the 3D-method is that fixed measure
ment points are normally used as the 3D-vectors graphically represent 
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radiation through a point in space. This will give sparse sampling of the 
field and high sensitivity to irregularities in the field. When the probe is 
used in three directions, an acoustic focus or centre has to be chosen. 
The centre must be an imaginary point in space as it will be in the middle 
of the microphone spacer (with a face-to-face probe). The precision in 
finding this centre for all three directions will be extremely important 
when measuring complex sources in narrow bands. Otherwise it is 
an obvious risk that the measurements will pick different levels of the 
radiation lobes or even capture different sources for different direct
ions. Hand-holding the probe during averaging (for complex sources 
and low to mid frequencies often around 60 s or more) will furthermore 
create variations through hand-shaking. Uncontrolled space averaging 
will be the result. A traditional microphone stand could improve the 
repeatability but is not practical for multi-point grids; a manual or 
step-motor-driven xy-positioner or a high-precision robot is to be pre
ferred. The ABB 1500 robot used in this study is specified for a position
ing precision of ± 0 1 mm. 

2.2 Error 2: Non-stationary source and environment conditions 

Most engineering noise sources are not stable over time. Measurements 
should be performed during a short period to minimise the influence of 
these variations. With a two-microphone measurement each direction will 
be measured during different periods and will therefore be more sensitive 
to time variations. In the example of an engine running in a laboratory, 
the speed and load conditions are controlled by an electric or hydraulic 
dynamometer and a computer-based control system. All systems have a 
finite accuracy in holding a steady level during the measurement period. 
Temperature is an important factor too as there is considerable heat 
radiation from an engine and there can be air-temperature variations 
during the measurement period. 

2.3 Error 3: Reactivity and directivity dependent errors arising from large 
differences between sound pressure and intensity 

Various pressure-intensity indicators have been defined (see, e.g., Refs 2 
and 3) for sound power measurements. One such indicator is the Lp -
Lm = pl-index, using the absolute intensity. It is mostly used for sound 
power measurements in the normal to a radiating surface; it is then a 
measure of the reactivity of the sound field and of the relative com
ponent strength in the measured direction. In 3D-measurements the indi-
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cator's importance as a measure of the relative component strength will 
be stressed compared to its measure of reactivity. This is because at least 
one or two components will normally be measured in low-radiating 
directions and show higher /»/-indices than measurements done in the 
normal to the source. A high /»/-index can then be expected for the 
directions of low sound intensity even though the field is not being 
reactive in the sense of oscillating and time-averaged non-radiating 
power flow, or contributions from an external source as defined in Ref. 
4. The main physical indication from a high pressure-intensity relation
ship for a 3D-component is that there is a low power flow in this direc
tion. Such a direction with low power flow but high sound pressure can 
be expected to give poor measurements from random errors and from 
bias errors caused by the weak components approaching the residual in
tensity 'floor' of the probe. Equally, for a measurement in a direction 
with a high power flow and low /»/-index, the errors can be expected to 
be small. 

One comment worth making about the influence of residual intensity 
on weak components, is that the repetition errors will decrease as the 
intensity levels approach the residual intensity level, while the absolute 
errors will increase. 

To distinguish the /»/-index in 3D-measurements, with its higher sensi
tivity to relative component strength, from the /»/-index in ID-measure
ments, a directional /»/-index is used in this article called the /?/dir-index. 
It is the difference between the measured average sound pressure level Lp 

and the measured average sound intensity per direction, L{tnV 

Phi, = Lp - L m where n = x, y, z 

The /»/d i r-index has the interpretation that a high index for 3D intensity 
components does not necessarily indicate a reactive sound field but 
mainly indicates a weak component in that direction. 

2.4 Error 4: Instrumentation errors: microphone errors, phase errors, 
random errors, scattering, etc 

Errors when measuring ID-intensity with a p-p probe are treated in 
numerous other articles (see, e.g., Refs 1-5) and are not treated further 
here. One important result that should be mentioned, however, is that 
random errors in measurements of the intensity normal to a surface are 
strongly dependent upon the pressure/intensity relationship and indepen
dent of frequency and bandwidth4. Furthermore, when measuring 3D 
intensity additional considerations have to be made to the inherent phase 
errors as a complication will be introduced due to the low relative levels 
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of non-dominant components. Even though the reactivity of the actual 
sound field can be low, an increased error will normally appear in at 
least one or two low-radiating directions. This will lead both to the 
above-mentioned increase in random and bias errors and to an increase 
in phase-introduced errors. Kjaergard7 has derived expressions for angle-
and magnitude errors derived from instrumentation phase errors in 3D 
measurements. The results emphasise the great influence of the reactivity 
of the sound field, especially on the angle of the vector. I f there are free-
field conditions, the errors will be similar to ID-measurements, but as the 
reactivity increases the errors will rapidly increase as well. It is shown 
that an increase in reactivity of 3 dB, measured as the /?/-index, will 
approximately double the angle errors (in degrees) and the amplitude 
errors (+3 dB). The errors due to phase decrease with frequency to 
become very small from 1 kHz and upwards. 

3 CHARACTERISATION OF THE SOURCES 

This study has been performed on the front side of a 9-litre diesel engine 
and on a 3-way loudspeaker (Fig. 1). The loudspeaker is a relatively sim
ple and well-defined source, which has two in-phase radiating woofers 
and a tweeter and is driven by a white-noise generator. 

Noise radiation from the front side of the engine is relatively complex 
and can be seen as an example of an engineering situation with its atten-
dent complications. The noise radiation and deflection mode shapes of 
the front side of the engine were investigated in earlier studies.8'9 1 0 The 
structural radiation generally originates from whole body modes around 
500-800 Hz, low-order panel modes around 800-1100 Hz and local panel 
modes from 1200-4000 Hz. 

Fig. 1. Measurement positions in front of the loudspeaker (two identical in-phase 
woofers and one tweeter) and on the front side of the engine (shaded) with timing cover, 

oil sump front, torsional damper and measurement grid. 
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960 Hz 1024 Hz 1088 Hz 

Fig. 2. A n example o f the differences in vibration mode shapes and noise radiation for 
three close frequency lines wi thin the 1 kHz 1/3-octave band for a t iming transmission 

cover coupled to an oil sump front, (9-litre diesel engine). 

Narrow-band analysis has been chosen as in earlier engine measure
ments it was found to be necessary to separate some of the engine 
sources that are close in frequency. In Fig. 2 such an example is shown, 
where three close-frequency lines within a one-third octave band show 
such differences in their radiating vibration mode shapes that they will 
give important variations in intensity vectors as well. 

A repetition of the measurements and analysis have been performed in 
three positions chosen out of 15 in a measurement grid (Fig. 1). The 
three positions represent three different sound fields. Al l measurements 
have been performed in a hemi-anechoic laboratory with the engine close 
to a reflecting floor. The complexity of the sound field for each position 
and direction is evaluated from measurements of the directional pldil-

Fig. 3. Directional p/ d i r - index as a function of measurement position and frequency 
(numbered 1-12) for the loudspeaker (left) and the engine (right), hand-held probe. 
Along each vertical line the average p/-values for the three directions x, y, z are shown as 

small squares. 
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index. To give a picture of the sound field complexity of the sources, an 
overview of the measured relative /?/dir-indices for the engine and the 
loudspeaker are plotted in Fig. 3 as a function of measurement position 
and frequency. One example of interpretation of the figure is the effect of 
monopole radiation in position 2 for the loudspeaker, giving a low 
/>/dir-index in one direction for all frequencies. No such simple radiation 
pattern is seen for the engine. 

4 MEASUREMENT PROCEDURE 

For the repeatability test, three positions representing different radiation 
conditions have been chosen. The acoustic focus has been chosen to be 
350 mm (on average) from the source surface. Great care was been taken 
to hold the microphone steady during sampling, although some hand
shaking is inevitable. The body of the person holding the probe was out 
of the z-axis to prevent unwanted reflections. Measurements with the 1D-
probe have been made in the following order: z-direction first in all three 
positions, then the ^-direction and lastly the x-direction. This order was 
chosen to benefit a more stable and repeatable positioning of the probe; 
the disadvantage is a greater influence of variations with time within each 
measurement position. Each measurement was made with 120 indepen
dent averages, 10% overlap and a frequency range of 400-4000 Hz with a 
resolution of A / = 8 Hz. The temperature in the lab varied around 
22-27°C. The surface temperatures of the engine front varied around 
60-70°C. The speed and load of the engine were held constant at 1900 rpm/ 
370 N m with variations ±0-3% with a hydraulic brake. 

The measurements have been carried out with an LMS CADA test 
and analysis system and HP Paragon front-end. A phase-matched micro
phone pair B&K 4177 with 12 mm spacer was powered by a B&K 2804 
microphone power supply and a B&K 0447 3D-probe with 20 mm spacer 
powered by a B&K 5953 microphone power supply. The dynamic capa
bility, Lp-Lltei-1 dB, ( L / r e s = the residual intensity) for the system with 
the 3D probe was tested with a B&K 3541 calibrator and found to be 
around 18 dB from 600 Hz to 1-5 kHz and around 26 dB from 1-5 kHz 
to 4 kHz and for the I D probe it was found to be from 12-
16 dB in that frequency range. 

The repeatability analysis for the engine measurement has been 
performed for 12 frequency lines that were chosen for their predomi
nant levels and for their importance for the overall noise levels. These 
were: 568, 600, 760, 808, 1000, 1088, 1776, 2232, 2296, 2800, 3248 and 
3576 Hz. 
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5 MEASUREMENT ERROR ANALYSIS 

The measured data from the selected frequency bands have been treated 
as independent samples. The dB-average and population standard devi
ation over the four measurements of sound intensity levels are calculated 
for each position, direction and frequency from the following expressions: 

Sound intensity avg.: L | / | a v g = ( L m , + L m + L m + Lm)'
4 

Intensity standard deviation: an = V - L\n)
2/n 

where 

L m = measured sound intensity levels for single frequency lines 
n = 4 = number of repeated measurements 

An evaluation of the obtained intensity levels in the repeated measure
ments shows that there are large individual variations in level. In some 
examples individual variations have been found to be up to 20 dB per 
direction and frequency, although these are extreme values, arising mainly 
from a few components of low level. 

A comparison of repetition errors measured as the average cr„ per 
direction for the hand-held I D probe and the robot-controlled 3D-probe 
is given in Fig. 4. Average <t„ shows very low values, with the simple 
source measured in the z-direction for both measurement techniques, but 
errors seriously increase in the x- and v-directions with the hand-held 
technique. The high-precision robot with the 3D-probe gives very good 
repeatability for the simple source, as can be expected from theory, with 

Average intensity std.deviation 

30/fWLtp 10/H/Up 3DjWEng 1D/H/Enj 1D/H/Ubct 

Std.deviation dB 

Measurement direction 

Fig. 4. Average standard deviations rr„ for measured sound intensity levels in the three 
measurement directions (z-direction is normal to the surface) summed over 12 frequency 
lines. Comparison between hand-held ID-probe and robot-controlled 3D-probe, loud
speaker and engine measurements. The standard deviation from a 1/3 octave band transfer 

of the ID-probe loudspeaker measurement is also shown. 
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a„ around 0-4 dB even for the x- and ^-directions. When the source is 
non-ideal, however, as for the engine, large errors occur even when the 
measurement system has high positioning precision and good probe 
quality. When the hand-held ID-probe is used, the standard deviation 
increases with approximately 0-5 dB in all directions. 

A regression analysis has been carried out in order to investigate 
whether a relationship can be found between the standard deviation and 
the /»/d i r-index. Calculations of linear and exponential relationships were 
performed. Ideally there should be a clear relationship between measure
ment error and pl-index as shown in Ref. 11, where an exponential rela
tionship between /»/-index and measurement errors is derived theoretically 
and verified under ideal measurement conditions due to phase errors, and 
in Ref. 4 due to random errors. 

In Fig. 5 the resulting standard deviations are plotted as a function of 
/»/d i r-index for the four measurement cases. Evidently the repeatability is 
very good under ideal measurement conditions (d) with a stable source, 
precision robot and 3D-probe. Somewhat surprising though is that a is 
nearly constant with increasing /»/-index; this could possibly be explained 
by the emphasised influence from the low relative level of the non-
dominant vectors. When comparing all the non-ideal measurements 
(parts (a), (b) and (c)), it can be seen that there is an exponential increase 
in measurement error with increasing /»/-index. The steepest gradient is 
with the 3D-probe on the engine. The patterns of the plots have a more 
random look for the ID-probe measurements, especially in (b) when it is 
used on the engine. One conclusion that can be drawn is that the errors 
become very hard to predict when a ID-probe is used on a complex 
source such as the engine. 

Regression analysis on the standard deviation as a function of the pldk-

index gave the best regression parameters with the exponential regression 
model (1) below, for a 3D-probe, engine measurement. The resulting 
regression expression gives an estimate of the standard deviation of the 
measured sound intensity level as a function of the /»/d i r-index and is 
plotted in Fig. 5: 

<r=exp(-0-3 + 01/» / d i r ) (1) 

The statistical reliability of this regression expression is not fully satisfy
ing for predictions since the variations are too large, but it gives a picture 
of the measurement errors' exponential relationship to the /»/ d i r index. 
With the wide spread of the measured values, the significance level for 
predictions is low, even for the 3D-probe. This can be seen in Fig. 5, where 
the dotted lines show the 95% confidence limits and the 95% prediction 
limits. 
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Fig. 5. Sound intensity standard deviation plotted with an estimated exponential regres
sion line as a function of /»/d i r-index for (a) hand-held ID-probe, loudspeaker, (b) hand
held ID-probe, engine, (c) 3D-probe, robot-controlled, engine and (d) 3D-probe, 
robot-controlled, loudspeaker. The dotted lines show the 95% confidence limits (close to 

the regression line) and the 95% prediction line (far from regression line). 

TABLE 1 
Average Measurement Standard Deviations Divided into Three /?/dir-Index Intervals 

pldirindex intervals (dB) Average standard deviation (dB) 

0-30 31-100 >100 

3D-probe, robot, loudspeaker 0-36 0-36 0-45 
ID-probe, hand-held, loudspeaker 0-55 0-92 2-7 
3D-probe, robot, engine 102 1 56 50 
ID-probe, hand-held, engine 1 49 1-76 3-7 
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Dividing the /?/dir-index into three intervals, strong component/low re
activity (0-3 dB), weak component/medium reactivity (3-10 dB) and very 
weak component/strong reactivity (> 10 dB) gives a simplified view of the 
relationship between <x„ and the /?/dir-index (Table 1). For both sources 
the 3D-probe gives the best results, with an exception for the >10 dB 
interval, where there are only a few samples with high deviations. It 
is also very clear that there is a significant difference between the ideal 
measurement and the 'engineering case'. 

Fig. 6. Plotted 3D sound intensity vectors for 568 Hz, A / = 8 Hz, for four repeated 
measurements. Measured sound intensity averages and standard deviations per direction 
are: 
Position 1: Llx = 76 dB, L,, = 82 dB, Lh = 83 dB, ax = 1 dB, cry - 1-3 dB, er. = 0-9 dB, 
Position 2: Llx = 78 dB, L,y = 79 dB, L,, = 81 dB, <rx = 0-6 dB, o-,. = 1 dB, a\ = 1-7 dB, 
Position 3: Llx = 72 dB, L,, = 81 dB, L,. = 85 dB, o-r = 5 3 dB, ay = 1 dB, a. = 0-4 dB. 
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6 INFLUENCE ON 3D-INTENSITY VECTOR PLOTS 

One conclusion from the results is as expected, that the largest repeat
ability errors are obtained when measuring the weakest components and 
that the predominant direction will have the smallest repeatability errors, 
resulting in large variations in the estimated intensity vectors. In Figs 6 
and 7, two examples of the variations in vector plots are shown. They 
have been obtained when repeating one measurement four times with a 

Fig. 7. Plotted 3D sound intensity vectors for 3248 Hz, A / - 8 Hz, for four repeated 
measurements. Measured sound intensity averages and standard deviations per direction 
are: 
Position 1: LIx = 63 dB, Lly = 55 dB, LI: = 69 dB, ^ = 41 dB, ay = 9-2 dB, o\ = 1-2 dB, 
Position 2: Llx = 66 dB, Lly = 69 dB, L,2 = 72 dB, o~x = 2 dB, cry = 1-5 dB, o\ = 12 dB, 
Position 3: L,x = 55 dB, Lly = 74 dB, Llz = 76 dB, <rx = 116 dB, q> = 1-1 dB, o-, = 0-6 dB. 
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Estimate of angle errors 
For various relative component levels and measurement error 

LUIt=OdB L*fl=3dB LdM=SdB l.*(=W4B 

0 0.5 1 2 4 S 16 

Measurement error, log, (dB} 

Fig. 8. Estimation of angle error between two vectors as a function o f measurement 
error e and relative level o f components L \ j ^ . 

hand-held ID probe on an engine. The examples show the two narrow 
bands of 568 Hz and 3248 Hz. The figures are accompanied by the mea
sured intensity levels and the resulting standard deviations. The vectors 
are scaled to the same reference levels within each frequency band so that 
the amplitudes are comparable. In Fig. 6 the intensity vectors for 568 Hz 
are shown. The largest differences are for the magnitude of the vectors, 
especially in positions 1 and 2. The source can be characterised in this 
frequency as large global radiating modes over the whole engine front 
side, plus an approximate monopole radiation from the circular torsional 
damper in front 1 2 . 

In Fig. 7 the intensity vectors for 3248 Hz can be seen. This frequency 
shows large variations both in angle and magnitude. The source can be 
characterised as local panel modes over the whole front side. 

The influence the measurement errors have on the angle of the 
summed vector is dependent upon the relative level of each component. 
Figure 8 illustrates how the angle error Ad> between two vectors, the 
normal / n and a tangential vector is dependent upon the measurement 
error s (dB) and the relative intensity level of a component, L | / | d i f f - The 
calculations have been performed for four relative component levels, 
L u m = 0 dB, -3 dB, - 6 dB and -10 dB. 

The angle between the vectors will be 

<p = arctan IJIX (2) 

The angle error will be approximately 

±A(b = arctan 10 e / 1° - arctan IJIt (3) 
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Fig. 9. Average narrow-band spectra per direction for position 3; four superimposed 
plotted repetitive measurements. 

> . . . . i • • • • ' • • • • » . . . . i . . . . . . . . . . . . t 

2.15k Hz 2_35k 3.15k Hz 3.35k 

Fig. 10. Average narrow-band spectra for the z-direction in position 3; engine measure
ment, hand-held ID-probe. The spectra are zoomed for better resolution. Four super 

imposed repetitive measurements. 
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7 INFLUENCE ON NARROW BAND INTENSITY SPECTRA 

A good way of demonstrating repeatability errors is also to compare 
superimposed spectra for the repeated measurements. One representative 
example of average narrow-band spectra per direction is shown in Fig. 9 
(position 3, ID-probe, hand-held engine measurement). The plots give a 
picture of the spread in measurements and it is obvious from the figure 
that the spread is largest for non-dominating directions such as the x-
direction in position 3 and that the smallest spread is for dominating di
rections such as the z- and j-directions. 

A closer look into the spectra through a zoom in Fig. 10 (same mea
surement as above), reveals that where there are only a few predominant 
radiating modes, at frequencies up to around 1 -2 kHz, the repeatability is 
quite good. At higher frequencies the radiation origins from a multitude 
of panel modes and the repeatability errors increase, though not as a 
continuously increasing function of frequency, more as a function of 
complex radiation. It can also be seen that the non-stationary condition 
of the source during the measurement creates a slight frequency shift, es
pecially for the peaks around 1 kHz. This is probably caused either by 
excitation of closely lying modes or by an unstable shift between two ad
jacent frequency lines. 

A method of improving repeatability in the calculation of the intensity 
vector for a single frequency line, is to use double cursors around the 
frequency of interest, including 3-4 frequency lines and using the maxi
mum level within this band. This has been found to be particularly useful 
in directions that have low intensity levels, but also at some frequencies 
in the predominant direction, e.g. around 970, 1000 and 1060 Hz as in 
Fig. 10. 

Using wider bands such as 1/3 octave bands will also improve the mea
surement accuracy by reducing some of the instability effects from the 
source and the positioning. The same measurement data for loudspeaker 
and hand-held ID-probe has been transferred into synthesised 1/3 octave 
bands and calculations of average standard deviation have been per
formed. The comparison is shown below: 

narrow band: ax = 10, cry = 1-7, trz = 0-5 dB 
1/3 oct band: ax = 0-8, <ry = 0-9, <r2 = 0-3 dB 

8 CONCLUSIONS 

When investigating 3D intensity on complex 'real life' noise sources 
instead of ordinary I D intensity, great care has to be taken both when 
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measuring and interpreting the results. The study shows that 3D intensity 
measurements in narrow bands performed under engineering conditions 
can give significant errors. This can be expected if the source is complex, 
not perfectly stable, and if the positioning is not precise. Large errors 
have been found both when using a hand-held I D probe and a robot-
controlled 3D probe. Measurement errors have been analysed through 
standard deviations of sound intensity per direction. For strong vector 
components, the standard deviation was found to be around 04 dB in 
the ideal measurements, around 0-6 dB in the lD-probe/hand-held/loud-
speaker measurement, around 10 dB in the 3D-probe/robot/engine 
measurement and around 1-5 dB in the worst case with the ID-probe/ 
hand-held/engine measurement. 

In non-ideal measurement cases the errors have been found to increase 
exponentially with increasing /»/-index, an increase which to a great 
extent includes the uncertainties originating from unsteady positioning, 
complex radiation patterns, random errors, bias errors and errors arising 
from long measurement times combined with a non-stable source. To 
distinguish the pressure-intensity indicator in 3D measurements, where 
the influence from the relative component strength is generally empha
sised, from the ordinary /»/-index, a directional indicator is used called 
the /»/d i r-index. 

In summary, measurement of 3D-intensity is a useful tool for evalu
ating the noise radiation from a source. When there is a need for fixed-
point measurements in narrow bands, however, it is not recommended to 
use a hand-held two-microphone probe, especially i f the source is com
plex and not perfectly stable. To minimise the errors, a four- or six-
microphone probe should be used together with a high-precision 
positioner. The resulting plotted vectors for an engineering source should 
even then not be interpreted as exact and deterministic in magnitude and 
angle, merely as fair approximations of the true sound field. I f the source 
has some degree of frequency shift, lower errors can be expected i f the 
measurements are performed in wider bands such as 1/3 octave bands or 
by using a double-cursor technique. Choosing wider bands instead of 
narrow bands gives better repeatability, especially in the non-dominant 
directions. 
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ABSTRACT 

A low-cost hemi-anechoic laboratory for study of diesel engine emissions has 

been constructed. The laboratory has been equippedfor research in acoustics 
as -well as on exhaust emissions. The facilities for acoustic research are 
described. A low-budget wall absorber with durable, inexpensive and easily 
exchangeable wedges has been designed. Various ways of evaluating the 

acoustic properties of hemi-anechoic rooms are investigated. Finally, 
measurements are presented that show sound level decay with distance from a 
source and the standard deviation for sound level when the source and 
microphone are rotated in a so-called carousel measurement. For sound level 
decay measurements a special extremely low loudspeaker must be used to 
avoid interfering floor reflections. Carousel measurements give good results 
even for a standard loudspeaker. Our carousel measurements show that the 

absorbers are as appropriate as other more expensive absorbers for 
measurements up to 2 m from a sound source. 

INTRODUCTION 

The problem of exhaust and noise emissions from combustion engines is a 
topic of great concern in society. As road traffic increases and the pressure on 
people and on the environment becomes more severe, the question of 
regulation and control becomes more urgent. There is also a great need for 
knowledge on the development of technology to lower emissions and on the 
prediction of the effects of changing from one fuel to another. 

As a result of the importance of this topic we obtained support from 
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Fig. 2. Design of separated foundations for engine room and dynamometer room. 
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industry, national research funds and local funds to build a laboratory at 
Luleå University for noise and exhaust studies; this is the first independent 
research laboratory in Sweden for both noise and exhaust research. The 
laboratory has now been inaugurated and most of the research equipment is 
installed. In this paper we describe the construction and the equipment of the 
laboratory, and present an evaluation of its acoustic performance. 

DESIGN AND CONSTRUCTION 

The laboratory is divided into three rooms (Fig. 1): 

—a control room for analysis equipment and engine control; 
—an engine room with anechoic walls; 
—a room for dynamometer and exhaust measurements. 

The floors in the engine room and dynamometer room have separate 
foundations and are separated from the walls by a joint with a resilient seal 
to prevent propagation of structure-borne sound and vibrations to the walls 
and between the rooms (Fig. 2). 

CONTROL ROOM AND INSTRUMENTATION 

The control room is 8-6 m by 2-6 m. There are two working stations, one for 
engine control and acoustic analysis equipment and one for exhaust 
analyses. The front wall is highly sound insulated. It is made of 0-2 m thick 
concrete hollow blocks and an extra surface isolation layer of 12-mm 
gypsum board on 65-mm ribs and 50 mm mineral wool in the cavity. For 
monitoring there is a 0-9 m by 0-9 m window in the front wall. It is 
constructed to give crash security and a high sound transmission loss. The 
window has a two-layer construction, with the outer sheet being a 'Ripost 50' 
safety glass 38-mm bullet-proof laminate. At a distance of 0-27 m there is an 
inner sheet of 6-mm hardened glass. For communication with the engine 
room there are two separate 30 dB doors of 58-mm thickness. The distance 
between the doors is 180 mm with the doors shut and the inner lining between 
the doors is covered by a 20-mm thickness of mineral wool. In total, the 
whole wall construction, including windows and doors, gives a 45-dB(A) 
sound level difference between the engine room and the control room when 
driving a 9-litre turbo diesel engine. The window between the dynamometer 
room and the control room does not have the same sound isolation or safety 
demands. It is therefore of less expensive construction, and is made of 
16-mm Ripost 40 and 6-mm hardened glass. To obtain a good acoustical 
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climate inside the control room 50-mm mineral wool absorbers were placed 
in the ceiling, at a distance of 300 mm from the hard upper ceiling, to create 
an 'inner ceiling'. 

The measurement equipment of acoustic measurements and analyses is 
based on an HP 8ch input/4ch output front end connected to an HP 9000/ 
360 computer. Software is by LMS and is their complete set-up of modal, 
modal modification, signature and sound intensity programs. For engine 
control we have an AVL Test Assistant control system controlling the 
engine and a Schenk dynamometer. The dynamometer has a maximum 
break power of 630 kW and momentum of 3000 N m. For exhaust measure
ments and analyses there is a complete set-up of dilution tunnel, gas 
analysers for CO, C 0 2 , NO x and HC, mass spectrometers and liquid 
chromatographs. 

DESIGN OF SOUND-ABSORBING WALLS I N ENGINE ROOM 

In a fully equipped engine laboratory there should be both an anechoic 
room and a hemi-anechoic room with a hard reflecting floor at a fixed 
distance from the engine crankshaft. For example, at SAAB Scania 
Södertälje this distance is 700 mm. In our case we were obliged to have only 
one room, as we had a very limited amount of money. We therefore designed 
a room and an engine test-stand that give us both the properties of a hemi-
anechoic room and some of the possibilities of an anechoic room at a 
comparatively low cost. 

The engine room is designed as a hemi-anechoic room and is a rebuilt 
laboratory of 11-9 m x 5-8 m x 7-5 m. The room is much bigger than normal 
for engine test cells. Our budget was limited and the room was very big, 
therefore we could not use any expensive solution with prefabricated 
anechoic walls. There are a number of wall absorbers on the market. We 
visited several laboratories and studied descriptions in the literature.1 ~ 4 We 
then developed our own 'low-budget' wall absorbers (Fig. 3(a)). We used 80-
mm glass-wool sheets folded as wedges. The sheets were standard absorber 
sheets covered with glass-fibre cloth where parts of the glass-wool was cut 
out, thus making it possible to bend the sheet into a ' V and fold fibre cloth 
around the corners of the sheet (Fig. 3(b)). The sheets were then bent over the 
V-shape and fixed by long screws and washers. Thus we could obtain low-
cost, smooth, durable and easy replaceable wedges with a minimum of 
sound-reflecting surfaces. 

The wall-absorbers are fixed to a V-shaped frame construction (Fig. 4). 
The frames were pre-made and then mounted to the walls. Because of the 
great height of the room, we found that it was only necessary to cover two-
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r ^ 

Fig. 3. Design of the folded glass-wool wedges. 

thirds of the height with wedges. Above that level the walls are covered by 
80-mm glass-wool at 100-mm distance from the walls. The same type of 
absorber covers the ceiling, at a 200-mm distance from it. 

A limitation of the room is that one of the short walls contains large doors 
with windows. This wall could not be covered with absorbers. In general 
cases, the absorption here has to be designed as a large absorbing door that 
can be opened to take engines in and out. This would be both complicated 
and expensive. However, as we have a rather large distance between engine 
test stand and the doors (8 m), we could choose a less expensive solution. A 

Fig. 4. Frame construction for mounting of folded absorbers. 
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curtain of Baracustic three-layer plastic tarpaulins with a 20% perforated 
skin facing the engine, a standard skin on the back and a 45-mm thickness of 
mineral wool between was placed 1-65 m from the glass doors. 

The curtain is even more folded than the wall absorbers, to compensate 
for the fact that it is not 100% absorbing in the frequency area of interest. A 
simple calculation with 50% absorption at the curtain and the engine seen as 
a point source gives a reflected sound 27 dB below the direct sound measured 
1 m from the engine. Even if the engine is seen as a line source, the reflected 
sound will stay well below (-18 dB) the direct sound. Thus contributions 
from the reflections will be of no significance. 

ENGINE TEST-STAND 

The engine test-stand (Fig. 5) is constructed in three parts—a stand for the 
engine mount, a frame with extra suspension and visco-elastic dampers and 
a supporting frame that raises the engine slightly. This construction places 
the engine 0-73 m higher than with a standard (SAAB Scania) test-stand. 
This increases the distance between the engine sump and the floor, so that it 
is possible to put 0-3-0-5-m absorption under the engine, thus making it 
possible to measure sound intensity around the oil sump. 

As in a standard hemi-anechoic engine room, it is sometimes interesting to 
be able to measure sound levels around the engine with a hard reflecting 
floor at a specified distance under the engine. We therefore installed a heavy 
and highly damped plate on the test-stand, 0-7 m from the crankshaft. The 
plate has a sandwich construction, with three layers of 12-mm gypsum board 
and two layers of heavy 8-mm rubber. It is constructed to give a high 
reflection above 100 Hz (losses at reflection are less than 1 dB) and a 
minimum of distorting vibrations such as vibration modes and coincident 
effects. 

(a) (b) 

Fig. 5. Engine test-stand with (a) removable reflecting surface and (b) absorption 
underneath the engine. 



Design of a hemi-anechoic engine test room 157 

MEASUREMENTS OF ACOUSTIC PROPERTIES I N THE 
HEMI-ANECHOIC ROOM 

A hemi-anechoic room should theoretically give a sound propagation that 
acts like free propagation over a hard reflecting ground. In practice, 
however, we have a finite limit in size and absorption efficiency. The former 
gives problems at low frequencies and the latter at both high and low 
frequencies if the measurement positions are too close to the walls. This 
leads us to set two practical limits on the function of a hemi-anechoic room: 
(1) there is always a lowest frequency below which the room will not work 
properly; (2) there is always a closest distance to the walls below which 
reflections will distort the results. Our aim when designing the room was to 
be able to measure the sound pressure at 1-m distance from engine surfaces 
at frequencies down to 100 Hz. 

For evaluation of the performance of the room we made the following 
measurements: 

(1) sound pressure level (SPL) decay with distance from a loudspeaker; 
(2) carousel measurements with rotating loudspeaker and microphone. 

SOUND PRESSURE LEVEL DECAY WITH DISTANCE 

An interesting measure in a room that should be anechoic is the variation of 
sound level with distance from the source. This method will both detect 
pregnant reflections and find an average of the performance of the wall 
absorbers. We have measured along two lines with 0-5-m intervals between 
measurement positions as well as continuously along two lines. In the 
continuous measurement the speed of movement was 0-3 m/s. The 
loudspeaker was placed at the engine position (see Fig. 1) and measurements 
were performed along two lines starting at the engine position and angled 
towards the corners between the curtain and the walls. Ideally, the SPL 
decay from a point source should follow the inverse square law for a free 
field, which gives a decrease of 6 dB per distance doubling. In a hemi-
anechoic room with a reflecting floor, however, there will appear large 
deviations as a result of reflections at the floor. 

In our test we used a B & K 4224 sound source with a loudspeaker in a 
40-litre cabinet. Both the source and the microphone were at the height at 
which the engines will be, that is, approximately 1-4 m above ground. With 
this kind of arrangement there will be severe interference from the reflected 
sound superimposed on the direct radiated sound. The interfering reflections 
will act as an image source (Fig. 6) and give results that are typically like 



Fig. 6. Image source interferences from floor reflections. 

those shown in Fig. 7. The decay slope will be more disturbed for lower 
frequencies and narrower bandwidth. 

To overcome this problem and make it possible to measure the decay 
slope, various solutions have been suggested. For instance, the loudspeaker 
could be put as close to the floor as possible; ideally, using a half-sphere 
point source mounted in a hole in the floor. That is generally not possible; 
therefore, use of an omni-directional, extremely low wide-band loudspeaker 
cabinet is recommended. In Ref. 5, such a loudspeaker, with a height of only 
9 cm, was used. In the cabinet, the loudspeaker is mounted pointing upwards. 
This showed very good results in tests with pink noise. Another method, 
using an open-back loudspeaker driver placed with its back up on the floor, 
was tested with good results in Ref. 6. Otherwise, there are no really good test 
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Fig. 7. Interference pattern for sound level decay as a function of distance from a 
loudspeaker placed l-4m above the floor for the ^-octave bands 315 Hz and 3-15 kHz. 
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sources for draw-away tests in hemi-anechoic rooms. The sources 
recommended in ISO 3745 have shown to give poor results.5 

CAROUSEL MEASUREMENTS 

An alternative to the methods mentioned above is the carousel method.1 

This gives a qualitative measure of the performance of a hemi-anechoic 
room by measuring the variation of the SPL with angular rotation of the 
microphone and the sound source (Fig. 8). The greater this variation, the 
greater is the influence of the wall reflections on the sound field. A way of 
quantifying this variation is to compute the sample standard deviation s of 
the SPL about the mean value:7 

N 

{Lt-L)2f(N-l)j 
i= 1 

where L is the average SPL from all measurement points, L, is a single SPL 
measurement and TV is the number of measuring points. 

We took measurements with the centre of the carousel at two locations— 
the engine position and in the middle of the room. The measurements were 
performed at 1-m and 2-m radius. These radii include all relevant measuring 
distances for engine measurements. An advantage of this method for 
evaluation of the engine test room is that all sound pressure measurements 
will be performed around the engine, mostly at 0-5-1-5 m. The results for 
practical SPL measurements will then have errors less than those for the 
measurements at 2 m radius. 

The results can be seen in Fig. 9(a) and (b). It is evident that the room 
performs very well for measurements at 1-m radius from the source. The 
standard deviation is then < 0-7 dB for both loudspeaker positions in the 

'ÉNGWEPÖSmÖN POS 2 = 

Fig. 8. Carousel measurements in engine room. 
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(a) (b) 

Fig. 9. Sound pressure level standard deviation for (a) engine position and (b) middle 
position, measured at 1-m and 2-m radius. 

frequency range from 100 Hz to 8 kHz. For 2-m radius problems arise at 
lower frequencies. For an acceptable standard deviation of < 1-5 dB the 
performance is acceptable only down to 160 Hz at the middle loudspeaker 
position and down to 200 Hz for the engine position. However, in that case, 
the greatest contributions to the standard deviation come from the two 
positions closest to the wall. I f these two are excluded the standard deviation 
will be < 1-5 dB down to 100 Hz. 

In Ref. 1, carousel measurements were carried out in three different hemi-
anechoic rooms. One room (volume 474 m 3) had conventional wedges with a 
wire mesh cover, one room (volume 92 m 3 , measurement radius 4-2 m) had 
resonators covered by a 9-cm soft glass fibre blanket and one room (volume 
344 m 3 , measurement radius 0-9 m) had 15-cm fibre-glass on Tectum and 
10 cm mineral wool mounted 28 cm from the wall. In Fig. 10 comparisons 
with our wall absorbers measured at 1-cm radius are made. All constructions 
show about equal behaviour for measurements close to the source. The 
room with the wedges shows problems at higher frequencies, probably as a 
result of the large measurement radius and reflections in the wire mesh. 

Fig. 10. Comparisons of carousel measurements for our room and for three other hemi-
anechoic rooms described in Ref. 1. — • — , folded glass-wool sheets; — • — , conventional 

wedges; — O — , fibreglass-faced resonators; — x —, mineral wool with Tectum. 
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CONCLUSIONS 

The paper describes a low-cost design for a hemi-anechoic room built inside 
an old laboratory. The total cost for construction of wedge-shaped and fiat-
mounted absorbers and rebuilding of the control room was 400 000 SEK 
(1988). An acoustic evaluation shows that for carousel measurements the 
standard deviation is well beyond acceptable levels, < 0-5 dB for a 
measurement radius of 1 m. At 2-m radius the standard deviation increases 
to 0-5-1-5 dB for frequencies < 200 Hz. Measurement positions should not 
be closer than 0-5 m to the wall absorbers to avoid reflections. 
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