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“We simply must balance our demand for energy with our rapidly shrink-

ing resources. By acting now, we can control our future instead of letting

the future control us.”

- Jimmy Carter, 1977





Acknowledgements

This work has been carried out at the Division of Machine Elements at
Luleå University of Technology. I would like to thank my supervisors
Professor Roland Larsson and Associate Professor Andreas Almqvist for
valuable discussions and guiding during the project.

I would like to thank Scania, AB Volvo, Energimyndigheten, and the
Energy Efficient Vehicle programme for funding this work.

I also want to thank my industry supervisors, Dr. Hubert Herbst
and Dr. Andrew Spencer at Scania and also Dr. Robert Ohlsson and
Bengt Olsson at AB Volvo for their valuable input and discussions.

My former colleagues at Volvo Technology deserves gratitude, espe-
cially Staffan Johansson for introducing me to the subject and helping
me develop my critical thinking.

I also want to express my gratitude to my friends and colleagues at
the Division of Machine Elements for providing an enjoyable and very
developing work place. Especially Patrik Isaksson for sharing his wisdom
and helping me with the modelling.

I would off course like to thank my friends and family especially my
parents, brothers and grandparents for always supporting me.

Finally I would like to thank Elin for at the end of the day making
it all worth wile.

Markus Söderfjäll, Luleå, November 2014

7





Abstract

With today’s striving towards reduction of fuel consumption it is more
important than ever to understand how different components in the
internal combustion engine function. There is a need for tools that can
be used to investigate and predict the result of specific design changes
made on the components. In this work, the mechanics and the tribology
of the power cylinder unit and more specifically the operation of the
twin land oil control ring (TLOCR) is investigated. In heavy duty diesel
engines (HDDE), TLOCR are typically used. The TLOCR plays a very
important role in the engine since it is supposed to distribute the correct
amount of oil on the liner to lubricate the other rings. It is important
that the TLOCR does not leave too much oil on the liner for the two
top rings since it could lead too high oil consumption. In a HDDE the
piston assembly is the largest contributor to frictional losses where the
piston ring pack accounts for the major part of this. The oil control ring
has the largest contribution to frictional losses in the piston ring pack
therefore making it very interesting to study from a fuel consumption
perspective. The objective of this thesis is to develop a simulation tool
that can be used to quantify design changes to the TLOCR. Such as the
dimensions of the ring itself but also ring tension, running land profile
and out of roundness of the cylinder liner.

The model developed in this work accounts for the tribological inter-
face of the TLOCR against the cylinder liner and piston ring groove as
well as the elastic deformation of the ring and the ring dynamics within
the piston ring groove. The actual ring cross section is modelled in order
to account for the full three dimensional elastic deformation of the ring.
By solving all of these problems as a coupled system it is believed that
the entire operation of the oil control ring could be understood in a bet-
ter way than earlier and open up new optimisation possibilities for the
TLOCR. The full ring is modelled in order to account for out of round
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cylinder liners. Since the cylinder liner in an engine will always have
some deviation from perfectly round this is important. The model can
therefore be used to investigate the effect on oil distribution by reduced
ring tension which will affect the frictional losses of the system.
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Nomenclature

α Cavitation model parameter

β Transition zone cavitation model [Pa]

η Dynamic viscosity [Pa·s]

η00 Oil viscosity parameter [Pa·s]

μ Friction coefficient

μb Boundary friction coefficient

ρ Density [kg/m3]

ϕ Phase shift [rad]

A Element area

A0 Poiseuille correction factor matrix

ai Poiseuille correction factor [m3]

An Fourier coefficient [m]

B0 Couette correction factor matrix

bi Couette correction factor [m]

Bt Oil viscosity parameter [◦C]

c11/d11 Correction factors for viscous friction

F Friction force [N]
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f Scaling polynomial for cavitation model

Fc Boundary friction force [N]

Fh Hydrodynamic friction force [N]

g Boundary friction scaling function

N Load [N]

n Order of out of roundness

Pc Contact pressure [Pa]

Rt Ring normal load [N]

T0 Oil viscosity parameter [◦C]

ulim Boundary friction scaling parameter [m/s]

Ω Element

h Film thickness [m]

p Pressure [Pa]

Ps Axial load [N]

T Lubricant temperature [◦C]

t Time [s]

U Piston sliding speed [m/s]

x Space coordinate [m]

y Space coordinate [m]

Acronyms

BDC Bottom dead centre

COF Coefficient of friction

EHL Elastohydrodynamic lubrication

HDDE Heavy duty diesel engine



JFO Jakobsson-Floberg-Olsson

MOFT Minimum oil film thickness

OCR Oil control ring

PCU Power cylinder unit

TDC Top dead centre

TLOCR Twin land oil control ring
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Chapter 1

Introduction

Reducing fuel consumption and consequently CO2 emissions is of top
priority in automotive industry today. In a UK based trucking operation
the cost for fuel accounts for about 30% of the operational cost [1].
Reducing friction and wear in engine and drive train components are
also highly prioritised and according to [2] it could save the US economy
as much as US$120 billion per year.

This chapter contains information about the power cylinder unit
(PCU) in a heavy duty diesel engine (HDDE). It describes the different
components in the PCU and their purpose. It also contain information
on how to reduce the frictional losses and the effects that needs to be
considered when reducing the losses. It briefly highlights some previous
work done in the field and some research gaps are identified.

1.1 Components in the power cylinder unit of

a heavy duty diesel engine

The PCU consists of a cylinder liner and a piston assembly. The cylinder
liner of a HDDE is typically a loose part made out of cast iron that is
mounted in the engine block by clamping it between the engine block and
the cylinder head. There are two main mounting techniques for cylinder
liners, top stop and mid stop mounting, these mounting techniques can
be seen in Figure 1.1. The different mounting techniques affect the liner
in different ways. The mid stop mounting will result in more distortion
of the liner since a larger part of the cylinder liner is compressed. The
advantage of the mid stop mounting is that it gives the opportunity to
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22 Chapter 1. Introduction

Figure 1.1: Schematic view of different cylinder liner mounting techniques.
Left: top stop mounting, right: mid stop mounting.

cool the liner closer to the top. The cylinder liner is typically plateau
honed resulting in a smooth load bearing area of the surface with deep
valleys. The deep valleys can act as a reservoir for lubricant. Plateau
honing decreases oil consumption, risk of scuffing and wear on both liner
and piston ring [3].

The piston assembly consist of a piston with piston rings. In most
HDDE there are three piston rings mounted on the piston. Figure 1.2
shows a schematic view of the PCU components in a typical HDDE.

1.2 Operation of the PCU

The piston assembly moves in a reciprocating manner against the cylin-
der liner while engine is operating due to combustion. The combustion
chamber needs to be sealed from the crank case. The main purpose of
the piston rings are to seal the combustion chamber. During the com-
bustion stroke the high pressure combustion gases should act on the
piston thus generating mechanical work. If not adequately sealed, ex-
cessive amounts of combustion gases will leak through the ring pack and
this would reduce the efficiency of the engine. The piston and the piston
rings needs to be supplied with oil in order to lubricate the tribological
interfaces but also as cooling for the piston. This means that the piston
ring pack should also act as a seal preventing the lubricant from enter-
ing the combustion chamber. The piston rings also helps to remove heat
from the piston to the cylinder liner.

The compression ring is loaded against the cylinder liner by both
internal spring force from fitting in the liner but also from combustion
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Figure 1.2: Schematic view of the components in the PCU.
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gases acting on the back of the ring to increasing the sealing capability
when needed. The main function of the top compression ring is to seal
the combustion chamber.

The scraper ring should both act as a seal for the combustion pres-
sure but also scrape oil downwards along the liner thus keeping the oil
consumption at a minimum.

The oil control ring (OCR) act as a first barrier facing the crank case
from which the oil is supplied to the PCU. It is constantly supplied with
oil from the crank case either sprayed with nozzles or thrown up by the
crank shaft. The OCR distributes oil onto the liner for the other two
rings. It is a crucial component for restriction of oil consumption. If
the OCR leaves too much oil the oil consumption will be high when the
scraper ring flutters. In a typical HDDE the OCR has two lands and
is therefore called twin land oil control ring (TLOCR). The TLOCR is
loaded against the liner with a loose spring on the back side of the ring.
The spring tension is constant throughout the engine operation and this
usually leads to that the TLOCR carries highest average load in the
piston ring pack.

1.3 Out of roundness

A cylinder liner will never be perfectly round. Even if the deviations
from round, from the machining itself is small, deformations will occur
during engine operation. The deviation from perfectly round can occur
for several reasons:

• Imperfections in machining

• Mechanical stresses from clamping the liner in the engine block

• Thermal deformation

• Combustion gas forces

• Piston slap

The out of roundness is typically defined with a Fourier series as:

Δr(θ) =
N∑

n=0

[Ancos(nθ + ϕ)] , (1.1)
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Figure 1.3: Illustrations of out of roundness amplitude and order.

where n represents the order of out of roundness, An is the Fourier
coefficient, θ is the polar angle of the bore and ϕ is the phase shift.
Illustrations of out of roundness amplitude and order can be seen in
Figure 1.3.

The out of roundness is not constant throughout the stroke in the
axial direction. The cylinder liner wall will also deviate from a perfectly
straight axial line.

1.4 Friction losses in the PCU

The PCU accounts for the largest part of the frictional losses in a HDDE
and the piston rings accounts for the largest part of the losses in the PCU
[4]. In the piston ring pack the OCR is responsible for approximately
50% to 75% of the frictional losses [4,5]. The peak friction force caused
by the top compression ring is by far the largest especially around TDC
during combustion stroke. But the piston velocity is very low when
this occur resulting in low contribution to the power losses. Since the
TLOCR operates with constant high ring tension the total power loss
due to friction becomes larger than for the other rings [6].

1.5 Possibilities for friction reduction

The friction force can be defined as:

F = μ · N (1.2)
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Where μ is the coefficient of friction and N is the load. This gives two
possibilities for reduction of friction. Either by lowering the coefficient of
friction (COF) or the load. The COF can be reduced in many ways, e.g.
by viscosity reduction or by modifying the surface roughness. Either
of these have been assessed in this work, even though they are very
interesting topics to study.

The other way to reduce friction would be to decrease the force with
which the piston ring is loaded against the cylinder liner. This could,
however, cause problems with conformability and thus the sealing of the
piston ring against the cylinder liner. If the piston rings are unable to
conform to the liner, both oil consumption and blow-by could become
unacceptably large. It is therefore important to characterise the effects
of low load on the piston rings in combination with different amount of
out of roundness. If the benefits are large enough, improvements to the
entire engine design fulfilling the requirements can be motivated.

1.6 Lubrication regimes

The lubrication regimes are often illustrated by the Stribeck curve, an
example can be seen in Figure 1.4. Even though the Stribeck curve
was originally developed for journal bearings it is considered applicable
to other lubricated system [7], since it is a good representation of the
lubrication regime dependence. Due to the reciprocating motion of the
piston varying the speed from 0 up to over 10 m/s the piston rings are
subjected to the major part of the Stribeck curve.

When focusing on friction reduction it is important to keep in mind
what will affect the frictional losses in terms of power. Even though
boundary friction might occur around the reversal zones with large fric-
tion force as a result, the power losses is often dominated by the mixed
and hydrodynamic losses at higher speeds. According to floating liner
engine tests performed by Wakuri et al. [8], most of the frictional losses
occurs during hydrodynamic lubrication. In [3], Johansson also con-
cluded that the majority of the frictional losses occur in hydrodynamic
lubrication.
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Figure 1.4: Example of a Stribeck curve

1.7 Existing simulation models

It exist many simulation models that has been developed in order to
study the piston ring - cylinder liner interaction. This contact is one of
the most simulated contacts in tribology. This section is not intended to
be an extensive summary of all models that exist in the literature. It is
only meant to highlight a few studies which provides the basis for most
of the modern models that are being developed today. A few modern
models of special interest for this work are also mentioned.

Most of the simulation models has one thing in common; they use
the Reynolds equation to describe the hydrodynamic flow in the contact.
Most of the models that consider asperity interaction uses the model
developed by Greenwood and Trip [9]. For consideration of roughness
effect on hydrodynamic flow most models uses the flow factor model de-
veloped by Patir and Cheng [10]. The model developed by Dowson et

al. in 1979 [11] is a friction model with Reynolds’ boundary conditions
for hydrodynamic lubrication to study film thickness, lubrication trans-
port and viscous friction in the PCU, this is very similar to most of the
models developed today. Dowson et al. [12] later investigated whether
elastohydrodynamic effects are apperent in lubrication of piston rings
and relatively strong effects close to top dead centre was observed. In
the afore mentioned models the surfaces of the ring and the liner where
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assumded to be smooth. In 1980 Rhode et al. [13] developed one of the
first models which includes surface roughness, the Patir-Cheng flow fac-
tors and Greenwood-Trip contact model. It shows that surface roughness
significantly affect the results.

Most of the existing simulation models focus on the top compression
ring. One of the first models studying the TLOCR in detail is the one
developed by Ruddy et al. [14]. The lubrication of the ring lands and
the twist of the TLOCR was coupled. Later Tian and Wong [15] de-
veloped a model including interaction between TLOCR and piston ring
groove. None of the models developed by Ruddy or Tian did however
consider the deflection of the cross section itself, the ring was also as-
sumed to perfectly conform to the cylinder liner during the full cycle
and no consideration to the ring gap was taken.

Most models presented in literature does not include out of round
cylinder liners. In situations where the loading of the ring is large enough
to make the ring fully conform to the liner, it is not necessary to include
the out of roundness. But in order to fully optimise the PCU for low
friction it is an important feature that must be studied.

Some investigations on piston ring conformability has been con-
ducted. Two frequently used conformability criteria are those suggested
by Hill and Newman [16] and Tomanik [17]. These conformability crite-
ria defines the maximum amplitude for a specific order of out of round-
ness that a piston ring can conform to.

In a study by Ma et al. [18] the Hill and Newman conformability
criteria was adopted to study influence of out of round cylinder bores.
In [19], Rahmani et al. tested both Hill and Newman criteria and the
Tomanik criteria, and it was concluded that the Tomanik criteria is a
better representation of conformability. When using the conformability
criteria it is typically assumed that the ring takes a shape for a specific
out of roundness according to the criteria and never deflect from this.

In [20] Liu and Tian developed a model to study conformability of
piston rings by applying beam theory to model the deformation of the
piston ring. In a later publication by Tomanik [21] the simulation model
developed by Liu is used to develop a formula for conformability against
several orders of out of roundness at once.

A lot of the existing models that deal with conformability of the
rings against out of round cylinder liners uses the beam theory for elas-
tic deformation of the ring, two examples are the models developed
by Ejakov [22] and Liu and Tian [20]. In a study by Dunaevsky and
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Alexandrov [23] a three-dimensional conformability model for split-less
rings with theory for thin curved rods was developed. A split-less model
means that no consideration to the ring gap is taken and the ring is
seen as a closed circular component. It was concluded that this type
of model does not provide any information about the behaviour of the
piston rings, other than the critical amplitude of out-of-roundness to
which the piston ring can conform. It was also concluded that it should
mainly be used when comparing different piston ring design effects on
conformability.

Two similar models considering the full circumference of the piston
ring are developed by Hu et al. [24] and the earlier mentioned model de-
veloped by Liu and Tian [20]. Both models calculate the hydrodynamics
of the piston ring - cylinder liner interface with a one-dimensional (1D)
hydrodynamic pressure solver based on the Reynolds equation. Due to
the 1D representation, the model does not account for any circumfer-
ential flow of the lubricant. The effect of surface roughness and mixed
lubrication are considered with the Greenwood and Tripp contact model
and Patir and Cheng flow factors. In the study by Liu and Tian [20]
the effects of ring twist and piston tilt motion on lubrication and oil
transport were studied. Fourth order out-of-roundness was studied with
an amplitude of up to 10 μm, and it was concluded that both up and
down scraping of oil by the top ring are increased with increased out-
of-roundness. However, investigation showing how the oil control ring
conforms to the liner were not presented by Liu and Tian but it is was
assumed that the oil control ring would conform well to distorted bores
due to narrow land width, low bending stiffness and high tension. If
the goal is to decrease the friction losses from the oil control ring by
decreased ring tension, the conformability needs to be investigated, and
there is a need for a model that can characterize these effects.

A drawback with most of the existing models is the use of the Green-
wood and Trip contact model which is based on the assumption that the
asperities on a surface are hemispheres with the same radius. This means
that the surface roughness needs to be described in this way by statis-
tical properties. It is difficult to accurately describe the surface in that
way and the contact stiffness curve might be incorrect. Another draw-
back of the Greenwood-Trip contact model is that it does not consider
the effect of contact on an asperity on neighbouring asperities.

In the existing research in the field, no model has been found that
investigates the full cross section of the TLOCR, including surface rough-
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ness. Neither is there any existing model for TLOCR which couple the
dynamics, elastic deformation (conformability) and tribological inter-
faces of a complete ring.

1.8 Objectives of this thesis

In this work the focus has been on development of a piston ring - cylinder
liner simulation tool. A model for the TLOCR has been developed due
to the earlier mentioned large portion of friction losses from this com-
ponent. The model should be used as a development tool to investigate
effects from design changes of the system. Design changes could include
change in load on the TLOCR, the geometry of the TLOCR, the out
of roundness of cylinder liner and the surface roughness. The model is
built so that out of roundness of the cylinder liner can be implemented
from an external measurement or simulation and this makes it possible
to investigate the effect of real liner distortion.

The primary objective of this work is to investigate the effect of
cylinder liner out of roundness on friction and in the extension also the
fuel consumption and CO2 emissions. This means that elastic defor-
mation of the TLOCR has to be included in the model to capture the
sealing capability of the ring. The sealing capability of the ring must
be sufficient in order to motivate a design change leading to reduction
of friction. Therefore the TLOCR is modelled fully in 3D meaning that
the model considers not only conformability against the cylinder liner
but also the deformation of the ring cross section.

There are four tribological interfaces that are considered in the model,
i.e.,

• The two ring lands against the cylinder liner.

• The two axial surfaces against the piston ring groove in the piston.

The roughness of the cylinder liner is considered in the model and it in-
clude consideration to boundary, mixed and hydrodynamic lubrication.
The ring is free to move axially within the piston ring groove and there-
fore it is necessary to include the contact between the ring and the ring
groove in the model. The dynamics of the ring is also included when
studying the full engine cycle.



Chapter 2

Method

In this chapter the methods used for developing the simulation tool
is presented. Throughout this work the commercially available multi-
physics software COMSOL has been used. This is a finite element soft-
ware and the reason for choosing such a tool is the relatively straight
forward implementation of complex geometries. It also provides a sim-
ple coupling of different physics which came in handy when building this
model. For most of the post processing for visualisation of the simulation
results MATLAB has been used.

2.1 Twin land oil control ring geometry

The TLOCR is modelled fully in 3D, all design features of a real ring
cross section are not included in the geometry in order to simplify the
mesh needed. An image of the modelled cross section compared to the
one of a real ring can be seen in Figure 2.1. The cross section is revolved
almost 360 degrees leaving a gap in the ring and meshed around its
circumference to be able to implement effects of out of round liners in
the model. In Paper B only a small segment of the ring is used and
the entire mesh in circumferential direction consist of one element. By
modelling the full cross section of the ring it is possible to capture the
relative twist between the ring lands. The cross section studied in this
work is of a typical TLOCR, this ring is very stiff and will not have a
large internal deflection of the cross section. If the lands on the TLOCR
are flat the twist of the ring itself and the internal twist between the
lands is the only thing generating a converging gap for hydrodynamic
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Figure 2.1: Illustration of modelled cross section geometry.

pressure generation. Also if the tool is going to be used for investigation
of effects from different cross sections this is an important feature.

2.2 Hydrodynamic lubrication

The model primarily solves for the tribological interface between the
piston ring and cylinder liner. The hydrodynamic pressure generation is
solved for by using the well known Reynolds equation. When solving for
the full ring the Reynolds equation needs to be expressed in 2D. With
time dependence and the motion of the surfaces only in x-direction it
can be written as:

∂

∂x

(
ρh3

12η

∂p

∂x

)
+

∂

∂y

(
ρh3

12η

∂p

∂y

)
=

U

2

(∂ρh)

∂x
+

(∂ρh)

∂t
, (2.1)

where x and y is the space coordinates, ρ is the density, η is the dynamic
viscosity, p is the pressure, U is the piston speed, h is the separation of
the two surfaces and t is the time. The left hand side of the equation
describe the Poiseuille terms which is the pressure driven flow. The first
term on the right hand side shows the Couette flow, and the second
term on the right hand side is called the squeeze term. For the interface
between the TLOCR and the piston ring groove the Reynolds equation
is also solved. It should however be noted that the velocity of the ring
in radial direction is not considered in this interface and therefore the
Couette term vanish. Left is only a description of how the pressure
depends on the varying separation as a function of time, which is the
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damping effect of the oil in the interface when the ring moves axially
within the groove.

To account for surface roughness the Luleå Mixed Lubrication Model
(LMLM) is implemented. The LMLM calculates correction factors with
a homogenization method applied on the Reynolds equation. This is
done in order to correctly solve for the fluent flow on a rough surface
without adding the complex local scale roughness directly in the global
model. If the local scale roughness would be applied to the global scale
model the mesh would have to be much finer than what is practically
possible to solve for in an acceptable time frame. The LMLM is a result
from previous work at the Division of Machine Elements at Luleå Uni-
versity of Technology by A. Almqvist [25] and Sahlin [26]. The LMLM
solves local scale cell problems for a real surface measurement and out-
puts the correction factors:

A0 =

(
a11 a12

a21 a22

)
, B0 =

(
b12

b22

)
, c11 and d11, (2.2)

where a12 and a21 are the cross flow terms describing the pressure in-
duced flow perpendicular to the piston sliding direction. For a texture
that is perfectly symmetric in both the x- and y-direction, these are
identical to zero [27]. For the surface of investigation in this work, the
cross flow terms are not identical to zero but much smaller compared to
the diagonal terms a11 and a22. Similarly b22 is much smaller than b12.
Therefore a12, a21 and b22 are omitted in this work. This is the same
strategy as used by Spencer [28] since the cross flow terms do not affect
the solution by any significance but it will cause convergence problems
for the model due to the increased complexity. c11 and d11 are the fric-
tion correction factors which are described in detail by A. Almqvist [29].
With the correction factors implemented the equation used for solving
the hydrodynamic pressure in the piston ring - cylinder liner interface
takes the following form:

∂

∂x

(
ρa11

12η

∂p

∂x

)
+

∂

∂y

(
ρa22

12η

∂p

∂y

)
=

U

2

∂ρb12

∂x
+

∂ρh̄

∂t
, (2.3)

where h̄ is the average separation with consideration to surface rough-
ness.
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Figure 2.2: Typical TLOCR running land profile.

2.3 Cavitation

Cavitation is a complex phenomena which occurs when the lubricant
pressure falls below the cavitation pressure. The low pressure of the
lubricant typically occurs when the gap which the lubricant is flowing
through increases in size, i.e. diverging gap. The low pressure act as a
tensile pressure on the lubricant which it cannot sustain and therefore
cavitation occurs. If the negative pressures are allowed in the solution
when solving for a typical piston ring geometry the predicted load carried
by the ring would be wrong. For visualisation Figure 2.2 shows a typical
TLOCR land profile. The gap is symmetric around the centre of the
ring land resulting in an equally large converging and diverging zone.

Figure 2.3 shows the pressure result for the Reynolds equation so-
lution with different boundary conditions. As can be seen if there is
no consideration to cavitation, using the full Sommerfeld solution, the
negative pressure would cause the integration of pressure (load carried)
to equal zero, this is not physically correct and therefore there is a need
for treatment of cavitation.

The easiest way to treat cavitation is to apply the half Sommerfeld
assumption which means that the negative pressure is discarded from
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Figure 2.3: Hydrodynamic pressure with different treatment of cavitation
for one land of a typical TLOCR land profile.

the pressure solution. This is the method used in Paper A in this work.
The drawback of using that method is that the load carried by the ring
is underestimated and mass continuity of flow is not fulfilled. A better
way to treat the cavitation is to apply the JFO (Jakobsson-Floberg-
Olsson) boundary conditions developed in [30] and [31] which say that
∂p/∂x = 0 at the cavitation rupture boundary. Several methods has
been developed to incorporate cavitation in the Reynolds equation. The
commonly used method developed by Elrod [32] used a switch func-
tion for terminating pressure gradient in the cavitated region with a
variable describing the fractional film content. A similar model with a
different more rigorous derivation of the fractional film content variable
was presented by Vijayaraghavan et al. [33]. A more refined cavitation
model similar to Elrod [32] was developed by Sahlin et al. [34] which
included measured lubricant properties in the fractional film content
variable. In [35], Giacopini et al. formulated a linear complementarity
problem (LCP) for the cavitation problem based on the incompressible
Reynolds equation. Another derivation of the LCP formulated problem
was performed by A. Almqvist et al. [36]. Their model extended the one
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developed by Giacopini et al. to consider fluids obeying the constant
bulk modulus model of compressibility. Moreover, the derivation was
made from the expression of the mass flow instead of directly imple-
mented in the Reynolds equation. The LCP formulation of the problem
makes the solution much more stable around the cavitation boundary
but according to Spencer [28] it increases the computational time un-
fortunately, it is also difficult to implement an LCP model coupled with
deformation and dynamics. The LCP problem can be solved separately
in an iterative process with the other physics but this would further
increase the computational time.

Another method to deal with cavitation is a density modification
scheme which is similar to the method suggested by Elrod [32]. This
method has been used in tribological simulations before, some examples
are work by Kumar and Booker [37], T. Almqvist et al. [38] and Isaksson
et al. [39]. As the method in [32], it is assumed that the density of
the lubricant is reduced in the cavitation zone, which is also physically
reasonable. In [38] and [39] the density of the lubricant in the cavitated
zone is described with a polynomial in terms of the lubricant pressure.

In [40], Häggström introduced an extension of the density modifi-
cation model. More precisely, in that work it was assumed that the
viscosity of the lubricant reduces at the same rate as the viscosity in
the cavitated region. This turned out to be a very effective way of mod-
elling cavitation in a multi physics model. The strategy used by Häg-
gström [40] is therefore used in Paper B in this work. The cavitation
model is based on the assumption that when the solution for lubricant
pressure becomes negative the density and viscosity will be reduced and
therefore the negative pressure will be avoided. This is a good way to
deal with cavitation since this somewhat physically correct assumption
means that the model will be mass conserving and fulfil the JFO rup-
ture and reformation boundary conditions. To apply this to the model
a scaling polynomial for density and viscosity is formulated as:

f(p) =

⎧⎪⎪⎨
⎪⎪⎩

1 p > 0

3
(

p
β

)2

− 2
(

p
β

)3

0 p ≤ −β

−β < p ≤ 0 , (2.4)

where β is the factor for the transition zone of the scaling parameter
which is then implemented as:
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ρ = (f(p) + α) ·
ρ0

1 + α
(2.5)

η = (f(p) + α) ·
η0

1 + α
(2.6)

The parameter α is set to 0.01 and is used to avoid zero density and vis-
cosity and therefore improve convergence of the model. As a validation
of this cavitation model, it is compared to the LCP formulated model
by Giacopini [35]. Figure 2.4 shows the hydrodynamic pressure for a
double parabolic slider, enabling comparison between the two methods
for treatment of cavitation. The sliding velocity was set to 10 m/s, the
dynamic viscosity was set to 0.01 Pa·s and the β parameter was set to
2 · 105. It can be seen that the Häggström model gives the same solu-
tion as the LCP model in the region where no cavitation occurs. The
Häggström model allows for small negative pressure to occur in the cav-
itated zone but it still fulfils mass continuity and captures the second
pressure increase as well. If these negative pressures are discarded in the
load balance it will provide good accuracy for the hydrodynamics of the
model. It should be noted that if the β-parameter is set to a lower value
there will be less negative pressure allowed for in the solution but it will
cause more difficulties in the convergence of the model. The influence of
the β-parameter on the pressure solution is discussed in detail in Paper
B.

2.4 Mixed lubrication

Since direct asperity interaction between the surfaces will occur during
piston ring - cylinder liner lubrication there is a need to include a load
sharing model for the load carried by the hydrodynamic- and the as-
perity contact pressure. The Luleå Mixed Lubrication Model employed
in this work includes a contact model for calculating the asperity con-
tact pressure. The model is based on a Boussinesq-type, elasto-plastic
contact mechanic model. This model uses the same surface topography
measurement as for the correction factors in the modified Reynolds equa-
tion to calculate the contact pressure. Since the contact model takes real
surface topography into consideration, there is no need to characterise
the surface with average asperity parameters, which is the typical way
it is done in piston ring simulation models. The output of the model is a
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Figure 2.4: Comparison of the pressure solutions obtained with the LCP
formulated model and the Häggström model, for a double parabolic slider
bearing.
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Figure 2.5: Mean asperity contact pressure as a function of average sepa-
ration.

contact stiffness curve as a function of the average interfacial separation,
h̄. A typical contact stiffness curve for a cylinder liner surface against
a perfectly flat surface can be seen in Figure 2.5. In reality, the piston
ring surface is much smoother than the liner and this configuration is
therefore used throughout this work.

2.5 Friction

Assuming the thin film approximation to be valid, the hydrodynamic
friction can be calculated as:

F =

∫
Ω

h

2

∂p

∂x
+ ηU

(
1

h

)
dA, (2.7)

where the domain of integration, Ω represents an element and A is the
area of this element.

The LMLM model builds on the assumption the the component ge-
ometry scale and the surface topography scale are separable. That is,
it is a so called two scale model where the global scale represents the
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component geometry and the local scale the surface topography. In this
case the hydrodynamic friction is modelled by:

Fh =

∫
Ω

(
h

2
− d11

)
∂p

∂x
+ ηU

(
1

h
+ 6c11

)
dA, (2.8)

where c11 and d11 are two of the earlier mentioned correction factors for
hydrodynamic friction calculated with the LMLM.

The boundary friction component is for most of the stroke calculated
by multiplying a boundary friction coefficient μb with the integrated
contact pressure, Pc.

Since the ring is free to move axially in the ring groove the reversal
zone makes it difficult to find convergence for the load balance. If the
half Sommerfeld assumption is applied instead of the Häggström model,
the complexity of the model is still low enough to achieve a converged
load balance. But in order to include the more physically correct JFO
boundary condition a relaxation of the friction force around the reversal
zone turned out to be necessary. More precisely it was found that by
introducing a scaling of the boundary friction force close to the reversal
zone, convergence could be achieved with the JFO rupture and reforma-
tion boundary conditions. A similar technique is used in the EXCITE
Power unit software developed by AVL [41]. In the present model a
parameter ulim is introduced to specify in which piston speed interval
the boundary friction component should be scaled. In terms of the ulim

parameter the scaling function for the boundary friction is formulated
as:

g(U) =

{
1
U

ulim

|U | > ulim

|U | � ulim

. (2.9)

By means of g(U) the contact friction can be calculated as:

Fc = g(U) · μb

∫
Ω

PcdA, (2.10)

where the boundary coefficient of friction μb is set to 0.1 in this study.
The scaling function g will affect the dynamics of the ring close to re-
versal since it affects the forces on the ring there. The motion pattern
of the ring is however not lost and the friction estimation is not affected
other than by the scaling itself, fortunately, this has a negligible effect
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on the frictional power loss. The effect of the scaling g is discussed in
detail in paper B.

2.6 Forces acting on the ring

A schematic view of the ring cross section and the forces acting on it can
be seen in Figure 2.6. The ring tension from the spring on the back of
it is applied as normal a force equally distributed on the backside of the
ring. The friction forces, hydrodynamic pressure, contact pressure and
and axial load are applied element wise on the ring. The axial load on
the piston ring Ps consists of two components, the mechanical contact
between the piston ring groove and piston ring and the hydrodynamic
pressure, caused by piston ring movement within the groove. The rough-
ness of this interface was not measured and the contact stiffness curve
for this particular interface was calculated on an upside down cylinder
liner surface. The reason for this was to obtain a contact which is less
stiff than the contact against the cylinder liner since this facilitates con-
vergence of the model.

The piston ring groove height is specified to be 100 μm larger than
the piston ring, meaning that the piston ring will be free to move inside
the groove only restricted in axial direction by the ring groove contact.
The axial gap between the piston and piston ring is assumed to be
filled with oil and by solving the Reynolds equation for the squeeze in
this interface the viscous damping in the contact is accounted for. The
negative pressures encountered when the ring is moving away from the
groove are neglected and only the pressures from compression of the oil
are considered. This damping is required to achieve a converged solution
of the model close to reversal zone. Including the viscous damping in the
axial contact between the piston ring and the piston groove also makes
the model more physically correct. The assumption that the gap is fully
filled is assumed to be correct for the reversal of the ring at BDC, since
the oil control ring in a HDDE is typically supplied with a constant
oil spray from the crank case. At TDC the assumption might not be
completely valid but it is believed that there is a substantial amount of
oil in the contact to make the assumption reasonable. Friction in the
axial interface with respect to radial motion of the ring is not considered
in the model.
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Figure 2.6: Schematic view of the twin land oil control ring and the forces
acting on it. Fh and Fc are hydrodynamic friction and contact friction
respectively, Ph and Pc are hydrodynamic pressure and contact pressure
respectively, Rt is normal force on the piston ring, Ps is the axial load from
the ring groove and U is the piston velocity.
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2.7 Lubricant properties

The lubricant viscosity is an important parameter for the hydrodynamic
pressure generation. The temperature of the cylinder liner is varying
throughout the stroke and will therefore affect the viscosity of the lubri-
cant. The temperature of the lubricant in the contact is assumed to be
the same as the liner temperature at the specific stroke position. The
viscosity is modelled with the well-known Vogel equation which describes
the temperature viscosity dependence as:

η0 = η00 · exp

(
Bt

T0 + T

)
, (2.11)

where η00, Bt and T0 are oil specific parameters and T is the lubricant
temperature.

2.8 Boundary conditions

The boundary conditions for the pressure is constant throughout the
stroke on all of the TLOCR boundaries. The cavitation pressure is
assumed to be the same as the ambient pressure at the boundary of the
solution domain which is a general assumption in piston ring simulation
models [42].

The ring lands are assumed to be fully flooded at all time due to the
constant supply of oil from the crank case.

The ring is constrained in such way that is is not allowed to rotate
since it would give the model to many degrees of freedom and finding
convergence would be much to difficult.





Chapter 3

Results

In this chapter a short summary of the results from the simulation model
is presented.

3.1 Model inputs

For all of the results presented in this chapter the same cylinder liner
temperature variation is used, Figure 3.1 shows the temperature as func-
tion of stroke position. The lowest temperature is located around mid-
stroke, this is because of the water cooling jacket being located in this
region. The ring lands are 250 μm wide with a parabolic profile and has
a change in height of 1.2 μm, this profile was showed earlier in Figure
2.2.

The engine parameters used for all simulations presented here can
be seen in Table 3.1.

The correction factors and the stiffness curve for contact pressure
are calculated on the plateau for a surface measurement from an actual
cylinder liner surface, seen in Figure 3.2.

Table 3.1: Engine parameters used.

Stroke length 160 mm

Bore diameter 130 mm

Con rod length 255 mm

45
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Figure 3.1: Cylinder liner temperature as function of stroke position.

Figure 3.2: Surface used for calculation of correction factors and contact
stiffness curve.
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3.2 Stationary results for out of round cylinder

liner

The model has been tested for stationary conditions close to mid stroke
at 1100 RPM against out of round cylinder liners. The mid stroke po-
sition is chosen since most of the friction power loss occur around this
point. With a typical HDDE oil the dynamic viscosity is 0.0104 Pas at
this point. It should be noted that the treatment of cavitation in these
results are done with the half-Sommerfeld assumption thus underesti-
mating the hydrodynamic load carrying capacity.

The out of roundness data used to create these results is based
on “AVL glide user’s manual ” [43] maximum recommended out-of-
roundness, seen in Table 3.2. All of the orders with respective amplitude
are added to the cylinder liner out-of-roundness. A circumferential dis-
placement between the different orders are also added to separate them
and not add up the peaks and by that getting unrealistically large am-
plitudes of out-of-roundness. The simulation is then performed with a
scaling factor at a six different fixed values (0 to 1 in increments of 0.2),
which is multiplied with the maximum recommended amplitudes of out-
of-roundness. The tangential force is varied in four steps, 56 N, 46 N, 36
N and 26 N where the highest load represent what is used in a typical
HDDE.

Table 3.2: Maximum recommended amplitude for the different orders of
out-of-roundness [43]

Order 2 3 4 5 6 8

Maximum amplitude (μm) 32.5 20.8 15.6 7.8 5.2 3.9

The results are presented as friction integrated over both ring lands.
Average minimum separation, meaning the minimum separation across
the ring lands in the piston sliding direction is averaged around the
circumference. The results from this test can be seen in Figure 3.3.

The results show that the friction is not very much affected by the
different scaling of the out of roundness but there is a clear trend of
reduced friction with less amount of out of roundness. The separation is
highly affected by the out of roundness, as expected separation decreases
with increased load and decreased out of roundness. If it is assumed that
the current state of a heavy duty diesel engine is the point with 100%
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Figure 3.3: Total friction force and average minimum separation for the
scaled maximum recommended out-of-roundness.

Table 3.3: The tangential force required to maintain an average separation
of 1.5 μm and the corresponding friction force with the different scaling of
the maximum recommended out-of-roundness.

Scaling 100% 80% 60% 40% 20% 0%

Required tangential force (N) 56 47.7 40.7 35.3 32 31

Total friction force (N) 16.4 13.9 11.9 10.4 9.4 9.2

of the maximum recommended out-of-roundness and the maximum tan-
gential force investigated. This tangential force is very close to the actual
tangential force used in the engine. It can then be assumed that it is of
interest not to decrease the ring conformation to the liner and maintain
the amount of oil passing the oil control ring at the same level. This
means that the average minimum separation must be maintained un-
der 1.5μm. By studying the results in Figure 3.3 the tangential force
required for achieving this for the different scaling of the maximum rec-
ommended out-of-roundness can be extracted. By studying the results
for friction force it can be seen how much this reduction of tangential
force could decrease friction. In Table 3.3 a compilation of the possible
friction reduction by out-of-roundness reduction is shown. Even though
the numbers predicted with the model might not be exact it shows that
the model captures the expected trend and also that it can be beneficial
to have low out of roundness.
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Figure 3.4: Difference in load carrying capacity for the two positions tested
as a function of the β parameter.

3.3 Implementation of cavitation and full en-

gine cycles

The cavitation model used in this work, described in Section 2.3 has a
parameter β that needs to be decided since it will affect the results. A
low value on the β parameter is wanted since it will give a more accurate
solution. However a low value on the β parameter will make it harder
for the model to converge and therefore a trade-off has to be made. To
illustrate the effect of the β parameter two stationary conditions are
investigated. One at mid stroke and one close to the reversal zone. For
a reduction of the computational time the ring geometry is reduced to
only a small segment of the ring with periodic boundary conditions thus
reducing the Reynolds equation to 1D. The results from this parameter
study can be seen in Figure 3.4. The error in load carried by the ring
refers to the load carried with the lowest β parameter value. It can be
seen that a low value of the β parameter is more important close to
reversal zone. This is because the total load carrying capacity is lower
around this position and therefore the relative error becomes larger.
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The objectives of the work was to include dynamics, elastic deforma-
tion of the full ring, the tribological interfaces and simulate the entire
engine cycle for the TLOCR. This makes the model rather complex and
it is difficult to find convergence especially around the reversal zone. It
was found that a method for achieving convergence around reversal zone
was implementation of the scaling of boundary friction which is men-
tioned in Section 2.5. Investigations in how to select the ulim parameter
and its impact on the result was performed. In order to vary this pa-
rameter the density and viscosity modification was switched off and the
half Sommerfeld boundary conditions was applied, making it possible to
solve the case without any scaling of the boundary friction. ulim was
varied from 0 to 0.5 with increments of 0.1. A full engine revolution was
simulated with an engine speed of 1200 rpm. No effect on the friction
results can be noted other than the scaling itself. However the scaling
of the friction does affect the dynamics of the ring close to the reversal
zones. Figure 3.5 shows the minimum separation for both ring lands
close to TDC. It can be noticed that there is a big spike for the case
where ulim = 0 this is because of the sudden change in force direction
at reversal. This spike is not seen for the cases where the boundary fric-
tion is scaled. The spike is not something that would occur in an actual
engine during operation. The reversal of the ring is slower than that
due to that the space in the piston ring groove is larger than the width
of the TLOCR. It is therefore assumed that a value for ulim > 0 is a
better physical representation of real engine conditions than ulim = 0. A
schematic step by step image with numbered boxes for the reversal zone
can be seen in Figure 3.6. The film thickness drastically changes around
the reversal point, the twist of the ring forced by the moment caused by
the friction force and the axial force from the piston ring groove changes
direction and the ring is twisted in the other direction (box 1-2 in Figure
3.6). Since the scaling of the boundary friction makes the force direction
switch occur over a larger interval the twist change will start earlier and
end later. The bump occurring after the reversal of the ring is caused
by the sudden moment change on the piston ring. It is not damped
enough due to the low viscosity of the oil in this region, approximately
0.0067 Pa·s at BDC and 0.0036 Pa·s at TDC. The ring is over twisted a
small amount (box 3 in Figure 3.6) before it sets against the liner (box
4 in Figure 3.6). It can in Figure 3.5 also be noticed that the bump in
the film thickness which is positive for the land that becomes trailing
has almost the exact same shape in negative direction for the land that
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Figure 3.5: Minimum oil film thickness close to TDC as function of crank
angle degree for upper land (solid lines) and lower land (dashed lines) with
different values on the ulim parameter.

becomes leading after the reversal. This suggests that this is mainly due
to twist of the entire ring. The internal elastic deformation of the ring
is very small for this set up. The value on the ulim parameter affect
this bounce of the piston ring which needs to be taken into considera-
tion when studying the reversal zone in detail. However when studying
effects on friction loss and oil left on the liner for the entire cycle this
will have an insignificant effect on the results.
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Figure 3.6: Schematic step by step view of ring twist close to reversal zone
with highly exaggerated twist amplitude for clarification purposes.



Chapter 4

Conclusions

The work done in this licentiate thesis was focused on finding methods
for simulation of TLOCR in a HDDE. The main purpose of the model
was to predict frictional benefits from reduction of out of round cylinder
liners in order to reduce fuel consumptions.

First a simplified model was developed which captured the effects of
out of round cylinder liners for stationary conditions.

Consideration to cavitation is done by implementing a model that
has not been seen in piston ring simulation before. This model showed
to be a very effective way of implementing cavitation by fulfilling the
JFO boundary conditions as well as mass continuity. The trade off that
has to be made in load carrying accuracy and convergence stability of
the model has been discussed in the thesis.

When simulation of the full engine cycle and the dynamic effects
occurring close to reversal zone problems with convergence was found. In
order to achieve convergence a relaxation of the boundary friction forces
was implemented. The largest influence is close to reversal and mainly
moves the location at which the change in ring twist occur which is an
obvious effect from scaling the forces with different intervals. It can also
be concluded that a small relaxation of boundary friction around reversal
is more physically correct than not having a scaling at all. This is
because it is convenient to model the velocity of the system as velocity of
the cylinder liner and not the ring itself. When the ring change direction
there will be a time span when the ring has no force by the piston since
the piston ring has a clearance inside of the piston ring groove. This
does not affect the results for friction or separation for most part of the
stroke meaning that it is a good method to use for studying the effect
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on fuel consumption. As long as caution is taken when analysing the
results close to reversal zone this is seen as an acceptable method to
use.



Chapter 5

Future work

Some of the research issues that need further attention will be described
in this section. In order to fully understand the possibilities to reduce
fuel consumption, all of the three rings needs to be modelled. It is
important to get an idea of the sealing capability of the two top rings
since that will affect oil consumption and blow by. Even though the oil
left by the TLOCR affects the oil consumption, the oil has to pass the
top rings to be consumed. In order to simulate the two top rings some
oil availability model needs to be implemented and there is a definitive
need to consider the high pressure in the ring lands.

The model needs to be validated with physical experiments in a
component test rig. Work on designing and building a component test
rig has been done simultaneously during development of the simulation
model. Figure 5.1 shows an image of the current status of the test rig.
The rig is based on the floating liner technique. A piston ring holder with
piston rings are attached to the piston of a six cylinder engine without
the cylinder head called base engine. The base engine are rotated with
an electric motor and the piston test assembly is reciprocated against the
cylinder liner. The cylinder liner is only supported by force transducers
which will then measure the friction of the contact between the piston
test assembly and the cylinder liner.
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Figure 5.1: Test rig under development
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Abstract

This paper describes a numerical simulation model for prediction of the
tribological effects of an oil control ring running against an out-of-round
cylinder liner in a heavy duty diesel engine. The model considers the
full 3D geometry of the oil control ring and includes the effect of both
surface roughness and global deformation. Results that test the models
ability to do this under stationary conditions are presented. Further-
more, stationary results for prediction of the friction reduction possible
by reduced ring tension in combination with reduced out-of-roundness
are given. The model predicts the friction for the oil control ring at mid
stroke to be 78% larger in an out-of-round cylinder liner compared to a
perfectly cylindrical one.

Keywords

Piston ring, Cylinder liner, Bore distortion, Out of roundness, Heavy
duty diesel engine
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A.1 Introduction

Reduction of fuel consumption is of top priority in the automotive in-
dustry today. The power cylinder unit is responsible for 1-6% of the
total losses in a heavy duty diesel engine [4]. The oil control ring is re-
sponsible for 50-75% of the total ring pack friction under some operating
conditions [4]. It is therefore of interest to study the operation of the oil
control ring. The cylinder liner in an operating heavy duty diesel engine
is not perfectly cylindrical. This will affect the rings ability to conform
to the liner and by that the performance of the system will be different
from a system where the liner is perfectly cylindrical. One of the most
fundamental ways to reduce friction in the power cylinder unit is to de-
crease the ring tension. However, if the liner is not sufficiently circular
the rings will then not be able to conform and this could result in un-
wanted effects such as increased oil consumption and blow-by. This will
also affect the generation of hydrodynamic pressure in the lubricated in-
terface between the ring and the liner. Compared to a perfectly circular
liner the separation between piston ring and cylinder liner, in an out-of-
round liner, will vary around the circumference and this will influence
the lubrication regime that the system operates in. In this work these
effects are investigated by means of numerical simulations. A model has
been developed that considers the effects of an out-of-round cylinder
liner. The model considers not only hydrodynamic and contact pressure
in the interface between piston ring and cylinder liner but also piston
ring deformation to investigate the conformability to the cylinder liner.
Similar models have been developed before but have typically been used
to study the top compression ring and these use a conformability factor
for ring deformation [18, 19]. Investigations made in [44] showed that
the shape of the cylinder liner will affect the lubrication and friction of
the system even at very small amplitudes of out-of-roundness. In [23], a
3D conformability model for split-less rings with theory for thin curved
rods was developed. It was concluded that this type of model does not
provide any information about the behaviour of the piston rings other
than critical amplitude of out-of-roundness to which the piston ring can
conform and should mainly be used when comparing different piston
ring design effects on conformability. Another example of a model in-
vestigating the entire piston ring is an FEM model describing the ring
deformation with beam elements, coupled with a 1D hydrodynamic pres-
sure solver [20]. Due to the 1D hydrodynamic solver the model does not
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account for any circumferential flow of the lubricant. The investigations
in [20] were made on the two top piston rings and to model the effect
of surface roughness and mixed lubrication the Greenwood and Tripp
contact model was used. The model was tested with parameters for a
light duty diesel engine and effects of ring twist, bore distortion and pis-
ton tilt motion on lubrication and oil transport were studied. 4th order
out-of-roundness was studied with an amplitude of up to 10 μm and it
was concluded that both up and down scraping of oil by the top ring
are increased with increased out-of-roundness. No investigations on how
the oil control ring conforms to the liner was performed in [20] but it is
claimed that the oil control ring will conform well to distorted bores due
to narrow land width, low bending stiffness and high tension. However,
if the goal is to decrease the friction losses from the oil control ring by
decreased ring tension the conformability needs to be investigated and
there is a need for a model that can characterise these effects. In this
study, investigations are performed on how different orders and ampli-
tudes of out-of-roundness on the cylinder liner in the heavy duty diesel
engine affects friction and sealing capability of the twin land oil con-
trol ring. Furthermore, investigations are made with consideration to
by industry acceptable out-of-roundness. Possible friction reduction by
reduced ring tension are investigated. To maintain the sealing capabil-
ity this is investigated in combination with reduction of the acceptable
out-of-roundness.

A.2 The model

The model in this work is designed to enable investigations of the con-
formability and frictional losses between the oil control ring and cylinder
liner in a heavy duty diesel engine. The model is built in the commercial
finite element tool COMSOL Multiphysics. The entire ring is modelled
and studied since it gives the opportunity to include real measurements
of cylinder liner distortion in the simulation. It also makes it possible to
study the effect of the ring gap. Also, since the entire ring is modelled
in 3D instead of using beam elements it is possible to investigate twist
and deformation of each land separately. The deformation is modelled
by linear elasticity theory. Influence of cylinder liner surface roughness
is included. The surface of a piston ring is typically much smoother
than the cylinder liner surface [45]. In [46] it is claimed that the friction
between the oil control ring and the liner are affected mainly by the liner
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micro geometry and the ring face macro geometry. However, the macro
geometry of the cylinder liner, i.e., out of roundness, also affects fric-
tion, since it determines the piston ring’s ability to conform to the liner.
This is the aim of this study and, therefore, the piston ring is assumed
to be perfectly smooth during the simulations. Both the generation
of hydrodynamic pressure in the oil film and asperity contact pressure
are included. In order to do this, the Luleå Mixed Lubrication Model
(LMLM) is implemented in the model. With the LMLM the local effects
due to surface roughness, may be incorporated in the global model with-
out adding complexity. So called flow factors are calculated, hereafter
called correction factors. These are used to calibrate the Reynolds equa-
tion for accurate hydrodynamic pressure according to asperity effects.
The correction factors originates from a homogenization method applied
to the Reynolds equation. The LMLM also includes an asperity contact
pressure model which is based on a boussinesq-type elasto-plastic contact
mechanic model. This is used to generate a stiffness curve for average
asperity contact pressure as a function of average interfacial separation
between the mating surfaces [47]. This model takes into account the
real surface topography instead of statistical properties of the asperities
which is typically used in these types of simulation models.

The LMLM is described in detail in [48]. The homogenized, iso-
viscous, Reynolds equation can be written as

∇A0∇p0 = 6ηU∇B0, (A.1)

where p0 is the homogenized film pressure, η is the dynamic viscosity,
U is the speed and A0 and B0 are the correction factors.

A0 =

(
a11 a12

a21 a22

)
and B0 =

(
b12

b22

)
(A.2)

The correction factors a12 and a21 are the cross flow terms describing
the pressure induced flow perpendicular to the piston sliding direction.
For a texture that is perfectly symmetric in both the x- and y-direction,
these are identical to zero [27]. For the investigated surface, the cross
flow terms are not identical to zero but much smaller compared to the
diagonal terms a11 and a22. Similarly b22 is much smaller than b12.

The friction consists of two different components, boundary contact
friction and hydrodynamic friction. The contact friction is calculated
with
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Figure A.1: Schematic view of the twin land oil control ring and the forces
acting on it at an arbitrarily position on the stroke. Fh and Fc are hydrody-
namic friction and contact friction respectively, Ph and Pc are hydrodynamic
pressure and contact pressure respectively, Rt is normal force on the piston
ring, Ps is contact pressure from the ring groove and U is the piston velocity.

Fc = μb

∫
Ω

PcdA, (A.3)

where μb is the boundary coefficient of friction, taken as 0.1 in these sim-
ulations. Pc is the average asperity contact pressure. The hydrodynamic
friction is calculated with

Fh =

∫
Ω

(
h

2
− d11

)
∂p

∂x
+ ηU

(
1

h
+ 6c11

)
dA, (A.4)

where h is the film thickness, p is the oil film pressure and d11 and c11

are the friction correction factors described in [29].

The ring is constrained in such a way that it is not allowed to rotate
around the axis in line with piston velocity direction, however it is free
to move, deform and twist in all other directions. A schematic view of
a cross section of the ring together with the forces acting on it is shown
in Figure A.1.
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It is assumed in the model that both lands on the oil control ring
are fully flooded at all times due to the large amount of oil continuously
supplied at the bottom of the cylinder liner.

The pressure on the ring lands boundaries are assumed to be atmo-
spheric.

Cavitation is dealt with by the half-Sommerfeld condition meaning
that all pressures in the oil film lower than saturation pressure are dis-
carded. Compared to a more physically correct assumption such as
the JFO boundary conditions this simplifies the model and reduces the
computational time. The absolute value of the hydrodynamic pressure
is affected but not the relative comparison of different out-of-roundness.
The general assumption [42] that the cavitation pressure equals the at-
mospheric pressure is adopted here.

A.2.1 Model inputs

The engine simulated is a typical heavy duty diesel engine with a bore
of 130 mm and a stroke of 160 mm.

The ring lands modelled are 250 μm wide with a parabolic profile
and a change in height of 1.2 μm as shown in Figure A.2. In this study
a static calculation for one single operating point is performed with
varying cylinder liner out-of-roundness and ring tension. The operating
point chosen is at mid-stroke with an engine speed of 1100 RPM, typical
for a truck at cruising speed. This gives a piston speed of 9.6 m/s. The
mid-stroke position is chosen for the analysis. It is around this point that
most of the frictional power losses occur. The Vogel equation is adopted
to model the dynamic viscosity of the 10W30 oil typically used in heavy
duty diesel engines. The temperature is typically 95oC at mid-stroke
which gives the oil a dynamic viscosity of 0.0104 Pa·s. The density of
the oil used in the study is 888 kg/m3

By studying the effects of different orders and amplitudes of out-of-
roundness and ring tension on friction and ring-liner separation at this
operating point, conclusions on the effect on fuel consumption and oil
passage can be made. Even though separation does not fully describe
oil passage, it will give a good idea of how it is affected.

The correction factors and the contact pressure are calculated for a
surface measurement from an actual cylinder liner surface, seen in Figure
A.3.
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Figure A.2: Shape of oil control ring lands.

Figure A.3: Surface used for correction factors and contact pressure calcu-
lation.
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Figure A.4: A schematic description of the order of out-of-roundness in-
cluding the definition of the amplitude, Δr.

A.2.2 Simulated parameters

The effect of out-of-roundness is studied in two steps.

First a parameter study of second, third, fourth and fifth orders
with amplitudes up to 50 μm is performed. The ring tangential force is
varied in four steps where the highest load is corresponding to typical
load used in truck engines. A schematic description of the order of
out-of-roundness including the definition of the amplitude is depicted
in Figure A.4. The maximum amplitudes investigated are much larger
than what is expected in a heavy duty diesel engine especially at the
higher orders. These large values are however interesting to study since
it tests the models capability to capture effects of out-of-round bores. It
can also give better understanding of the out-of-round effect by studying
highly exaggerated values.

The second step is based on the “AVL glide user’s manual” [43] max-
imum recommended out-of-roundness, seen in Table A.1. In this step all
of the orders with respective amplitude are added to the cylinder liner
out-of-roundness. A circumferential displacement between the different
orders are also added to separate them and not add up the peaks and
by that getting unrealistically large amplitudes of out-of-roundness. The
simulation is then run with a scaling factor at a six different fixed values
(0 to 1 in increments of 0.2) and the tangential force varied in the same
interval as for the first part of the study. The scaling factor is multiplied
with the maximum recommended amplitudes of out-of-roundness.
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Table A.1: Maximum recommended amplitude for the different orders of
out-of-roundness [43].

Order 2 3 4 5 6 8

Maximum amplitude (μm) 32.5 20.8 15.6 7.8 5.2 3.9

A.3 Results and discussion

The results are presented as ring friction and average minimum sepa-
ration, meaning the minimum separation across the ring lands in the
piston sliding direction averaged around the circumference. It is impor-
tant to consider the effects on separation between the piston ring and
cylinder liner since it will have an effect on how much oil is left behind
for the scraper ring. If the oil control ring is not able to conform well
to the bore it will lead to increased oil consumption [49]. It must be
remembered that the piston ring systems main function is to act as a
seal and therefore the focus should be to secure a high sealing capability.

In Figures A.5 and A.6 results from the first part of the study are
showed. Here only the amplitude of out-of-roundness was varied for the
different loads and orders of out-of-roundness. The results are plotted
as function of amplitude of out-of-roundness.

It can be seen that neither total friction force or average minimum
separation is significantly affected by amplitudes of second order out-
of-roundness lower than 50 μm. However, the expected reduction in
friction and the increased separation with decreased ring tension can
be seen. The results in Figures A.5 and A.6 shows that the average
minimum separation is nearly unaffected by the change in amplitude for
the second order type of out-of-roundness. In other words, this means
that the ring will conform very well to a cylinder liner with second order
out-of-roundness amplitudes up to 50 μm. Friction can be significantly
reduced by lowering the ring tension, but the increase in separation
between the piston ring and cylinder liner must be taken into account
when doing this.

For third order out-of-roundness both the total friction force and
average minimum separation are affected by the amplitude of out-of-
roundness, but not to any great extent. Only a minor increase in sepa-
ration and total friction force is noticed, and the results are very similar
to second order out-of-roundness.

Fourth order out-of-roundness affects the results much more than
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(a) Second order out-of-roundness
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(b) Third order out-of-roundness
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(c) Fourth order out-of-roundness
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(d) Fifth order out-of-roundness

Figure A.5: Average minimum separation for second, third, fourth and fifth
order out-of-roundness for the different tangential forces.
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(a) Second order out-of-roundness
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(b) Third order out-of-roundness
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(c) Fourth order out-of-roundness
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(d) Fifth order out-of-roundness

Figure A.6: Total friction force for second, third, fourth and fifth order
out-of-roundness for the different tangential forces.
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(a) Boundary friction component
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(b) Hydrodynamic friction component

Figure A.7: Friction force components for the different loads as a function
of amplitude for fifth order out-of-roundness.

the third and second order. A significant increase in average minimum
separation is seen, especially for lower tangential force. And the total
friction force is increased for all of the simulated tangential force.

From the results for the fifth order out-of-roundness it can be seen
that the amplitude effects both friction and average minimum separation
to an even higher extent. The change in the average minimum separation
grows faster as the load decreases which implies that the ring conforma-
tion is less with higher order out-of-roundness. The total friction force is
increased with increased amplitudes especially at high tangential force.
This is due to the increase in boundary friction force with increased am-
plitude. As can be seen in Figure A.7 the hydrodynamic friction force
decreases and the boundary friction force increases with increased am-
plitude of out-of-roundness. As the ring loses conformity to the cylinder
liner the hydrodynamic friction is decreased due to the local increase in
film thickness at the concave regions of the distorted bore. At the same
time the boundary friction is increased due to the local decrease in film
thickness at the convex regions of the distorted bore.

The results based on the scaled maximum recommended bore dis-
tortion can be seen in Figure A.8. The total friction force is not that
much different for the different scaling factors but it is shown that fric-
tion is increased with larger amplitude of out-of-roundness and increased
tangential force as for the results from the first part of the study. The re-
sults for average minimum separation shows that the ring conforms less
to the liner with decreasing tangential force and higher amplitude of out-
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Figure A.8: Total friction force and average minimum separation for the
scaled maximum recommended out-of-roundness.

Table A.2: The tangential force required to maintain an average separation
of 1.5 μm and the corresponding friction force with the different scaling of
the maximum recommended out-of-roundness.

Scaling 100% 80% 60% 40% 20% 0%

Required tangential force (N) 56 47.7 40.7 35.3 32 31

Total friction force (N) 16.4 13.9 11.9 10.4 9.4 9.2

of-roundness. To interpret the results in a useful sense, it is assumed
that the current state of a heavy duty diesel engine is the point with
100% of the maximum recommended out-of-roundness and the maxi-
mum tangential force investigated. This tangential force is very close to
the actual tangential force used in the engine. It can then be assumed
that it is of interest not to decrease the ring conformation to the liner and
maintain the amount of oil passing the oil control ring at the same level.
This means that the average minimum separation must be maintained
under 1.5μm. By studying the results in Figure A.8 the tangential force
required for achieving this for the different scaling of the maximum rec-
ommended out-of-roundness can be extracted. By studying the results
for friction force it can be seen how much this reduction of tangential
force could decrease friction. In Table A.2 a compilation of the possible
friction reduction by out-of-roundness reduction is shown.
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A.4 Conclusions

A model that considers the effects of oil control rings against out-of-
round cylinder liners has been developed. The model takes into account
the effects of surface roughness and ring deformation. The model seems
able to capture the expected trends caused by out-of-round cylinder lin-
ers. Friction reduction can be achieved by reducing the tangential force
on the oil control ring. The results have shown that the ring will conform
well to a cylinder liner with lower order out-of-roundness. When the or-
der of out-of-roundness is increased the conformability of the piston ring
decrease, especially at low loads. This means that if the tangential force
on the ring is lowered, then the amplitude of out-of-roundness must also
be lowered in order to achieve an equal degree of confirmation. More
boundary friction will occur locally with larger amplitudes and higher
order out-of-roundness and this probably increase the wear. At the same
time the maximum separation will increase locally, reducing the hydro-
dynamic friction but also the sealing capability.

The model predicts that the friction is 78% (16.4 N against 9.2 N)
higher for the oil control ring at midstroke with today’s standard accept-
able out-of-round bore compared to a perfectly round one. This increase
in friction is a result of the increase in the tangential force required to
achieve a 1.5 μm average separation between the ring and the liner, i.e,
to maintain the assumed wanted conformability of the ring.
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Abstract

A simulation model for predicting performance of a twin land oil con-
trol ring (TLOCR) in a heavy duty diesel engine (HDDE) has been
developed. The simulation model takes into account the tribological in-
terfaces of the TLOCR both against the cylinder liner and the piston
ring groove. It also accounts for the elastic deformation of the ring cross
section as well as the dynamics of the TLOCR. This work describes
the model and discusses the challenges and compromises that had to be
made. Included are also examples of the models capability to quantify
design changes of the TLOCR.
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B.1 Introduction

With today’s striving towards reduction of fuel consumption it becomes
more important to understand how components function in the internal
combustion engine. There is a need for tools that can investigate and
predict the outcome of specific design changes on the components. In
heavy duty diesel engines (HDDE) twin land oil control rings (TLOCR)
are typically used. The TLOCR plays a very important role in the en-
gine since it is supposed to distribute the correct amount of oil on the
liner to lubricate the other rings. It is important that the TLOCR does
not leave too much oil on the liner for the two top rings since it could
lead too high oil consumption. In a HDDE, the piston assembly is the
largest contributor to frictional losses where the piston ring pack ac-
counts for the major part of this. The oil control ring has the largest
contribution to frictional losses in the piston ring pack [4, 5] making it
very interesting when focusing on reduction of fuel consumption. Much
work has previously been made on trying to understand the piston ring
operation. Much of the focus has, however, been on the sealing capa-
bility which is the main function of the piston ring pack and therefore
most of the earlier models are focusing on the top rings. One of the first
models of the TLOCR is the one developed by Ruddy et al. [14] which
includes twist and radial force equilibrium coupled with a hydrodynamic
model. Later a more extensive model including dynamics and interac-
tion between TLOCR and the piston ring groove was developed by Tian
and Wong [15]. The model developed by Tian and Wong included tor-
sional stiffness of the ring by estimating the torsional stiffness of the
cross section to be the same as for a rectangular ring but with a scaling
parameter for correction of the assumption of a solid rectangular. Tian
and Wong concluded that the torsional stiffness of the ring might be as
critical as the ring tension for bore sealing which means that there is
a need of including the elastic deformation of the ring as accurately as
possible. Earlier models have not fully considered the deformation of the
ring cross section with all reaction forces coupled to it and including the
earlier mentioned effects. The model developed in this paper accounts
for the tribological interface of the TLOCR against the cylinder liner
and piston ring groove as well as the elastic deformation of the ring and
the ring dynamics within the piston ring groove. The actual ring cross
section is modelled in order to account for the elastic deformation of the
ring cross section and is therefore capable of capturing the relative twist
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difference of the two running lands. By solving all of these problems as a
coupled system it is believed that the entire operation of the oil control
ring could be understood in a better way than earlier and open up new
optimisation possibilities for the TLOCR.

There are many types of axial ring land geometries for the TLOCR.
On some TLOCR the geometry of the ring lands are curved, when new,
but as the lands wear the curvature can be reduced and the lands become
more flat. In some engines the ring land is close to perfectly flat. On
the global scale a flat running land would not be able to generate any
hydrodynamic pressure. The twist of the ring and the individual twist
of the ring lands are therefore important to study since it will affect
the hydrodynamic pressure generation between the land and cylinder
liner. By modelling the full ring cross section the model will also take
consideration of the global scale EHL effects which were proven to be
important close to the reversal zone by Dowson [12].

Consideration to lubricant cavitation in the piston ring contact is
also important [42]. The JFO (Jakobsson-Floberg-Olsson) boundary
condition should be fulfilled in order to predict the correct pressure gen-
erated in the oil film and ensure mass conservation. Several methods has
been developed to incorporate cavitation in the Reynolds equation. The
commonly used method developed by Elrod [32] used a switch function
for terminating pressure gradient in the cavitated region with a variable
describing the fractional film content. A similar model with a different
more rigorous derivation of the fractional film content variable was pre-
sented by Vijayaraghavan et al. [33]. A more refined cavitation model
similar to Elrod [32] was developed by Sahlin et al. [34] which included
measured lubricant properties in the fractional film content variable.
In [35], Giacopini et al. formulated a linear complementarity problem
(LCP) for the cavitation problem based on the incompressible Reynolds
equation. Another derivation of the LCP formulated problem was per-
formed by A. Almqvist et al. [36] Their model extended the previously
developed one in [35] to encompass fluids obeying the constant bulk
modulus model of compressibility. Moreover, the derivation was made
from the expression of the mass flow instead of directly implemented in
the Reynolds equation. The LCP formulation of the problem makes the
solution much more stable around the cavitation boundary but accord-
ing to Spencer [28] it increases the computational time unfortunately, it
is difficult to implement an LCP model coupled with deformation and
dynamics. The LCP problem can be solved separately in an iterative
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process with the other physics but this would further increase the com-
putational time.

Another method to deal with cavitation is a density modification
scheme which is similar to the method suggested by Elrod [32]. This
method has been used in tribological simulations before, two examples
are work by T. Almqvist et al. [38] and Isaksson et al. [39]. As the
method in [32], it is assumed that the density of the lubricant is reduced
in the cavitation zone, which is also physically reasonable. In [38] and
[39] the density of the lubricant in the cavitated zone is described with
a polynomial in terms of the lubricant pressure.

In [40], Häggström introduced an extension of the density modifi-
cation model. More precisely, in that work it was assumed that the
viscosity of the lubricant reduces at the same rate as the viscosity in
the cavitated region. This turned out to be a very effective way of
modelling cavitation in a multi physics model. The strategy used by
Häggström [40] is therefore used in the model presented in this paper.

B.2 Method

A small segment of the ring is modelled in the multiphysics finite element
software COMSOL. In this study the ring lands are assumed to always
be fully flooded with oil. The pressure on the ring land boundaries in
the axial direction are assumed to be atmospheric. Since only a segment
of the ring is modelled the ring is assumed to be axisymmetric. Periodic
boundary conditions are used which means that the ring gap is not con-
sidered. In the tribological interface both the hydrodynamic pressure
and the contact pressure are considered. The hydrodynamic pressure
is calculated with the well known Reynolds equation. To account for
surface roughness the Luleå Mixed Lubrication Model (LMLM) is im-
plemented, this model is described in detail by Sahlin et al. in [48].
The LMLM calculates correction factors with a homogenization method
applied on the Reynolds equation. This is done in order to correctly
solve for the fluid flow on a rough surface without adding the complex
local scale roughness directly in the global model. The LMLM also
includes a contact mechanics part which is based on a Boussinesq-type
elasto-plastic contact mechanic model. This model calculates the correc-
tion factors as well as the contact stiffness curve for a measured surface
roughness. The advantage of this contact model compared to others
is that it uses the actual surface roughness for the calculation and not
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statistical parameters based on it. The contact mechanics model output
is a contact stiffness curve that describes the average contact pressure
for the chosen surface section as a function of average separation. The
surface used for calculation of the correction factors and contact stiffness
curve is a typical HDDE plateau honed cylinder liner surface. The time
dependent homogenized Reynolds equation in 1D can be written as:

∂

∂x

(
a11ρ

12η

∂p

∂x

)
=

U

2

∂ρb12

∂x
+

∂ρh̄

∂t
, (B.1)

where ρ is the density, η is the dynamic viscosity p is the pressure, U is
the piston speed, h is the film thickness and a11 and b12 are the earlier
mentioned correction factors.

Since the ring land contact against the cylinder liner typically include
both a converging and diverging gap there is a need for treatment of
cavitation in the model to find the correct hydrodynamic pressure. The
cavitation model is based on the assumption that when the solution for
lubricant pressure becomes negative the density and viscosity will be
reduced and therefore the negative pressure will be avoided. This is a
good way to deal with cavitation since this somewhat physically correct
assumption means that the model will be mass conserving and fulfil the
JFO rupture and reformation boundary conditions. To apply this to the
model a scaling polynomial for density and viscosity is formulated as:

f(p) =

⎧⎪⎪⎨
⎪⎪⎩

1 p > 0

3
(

p
β

)2

− 2
(

p
β

)3

0 p ≤ −β

−β < p ≤ 0 (B.2)

where β is the factor for the transition zone of the scaling parameter
which is then implemented as:

ρ = (f(p) + α) ·
ρ0

1 + α
(B.3)

η = (f(p) + α) ·
η0

1 + α
(B.4)

The parameter α is set to 0.01 and is used to avoid zero density and
viscosity and therefore improve convergence of the model. This is the
same cavitation model as the one used by Häggström [40]. The viscosity
η0 is modelled with the Vogel equation, the oil parameters used are for
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Figure B.1: Schematic view of the twin land oil control ring and the forces
acting on it. Fh and Fc are hydrodynamic friction and contact friction
respectively, Ph and Pc are hydrodynamic pressure and contact pressure
respectively, Rt is normal force on the piston ring, Ps is contact pressure
from the ring groove and U is the piston velocity.

a 10W30 oil typically used in HDDE. The temperature of the liner is
assumed to be 150◦C at top dead centre (TDC), 95◦C at mid-stroke
and 115◦C at bottom dead centre (BDC), the temperature distribution
in the liner axial direction is interpolated through these points with a
piecewise cubic spline.

A schematic view of the ring cross section used in this study and the
forces applied to it can be seen in Figure B.1.

The axial load on the piston ring Ps consists of two components,
the mechanical contact between the piston ring groove and piston ring
and the hydrodynamic pressure, caused by piston ring movement within
the groove. The roughness of this interface was not measured and the
contact stiffness curve for this particular interface was calculated on an
upside down cylinder liner surface. The reason for this was to obtain
a contact which is less stiff than the contact against the cylinder liner
since this facilitates convergence of the model. The piston ring groove
height is specified to be 100 μm larger than the piston ring, meaning that
the piston ring will be free to move inside the groove only restricted in
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Figure B.2: Schematic view of the TLOCR in the piston ring groove.

axial direction by the ring groove contact. The axial gap between the
piston and piston ring is assumed to be filled with oil and by solving the
Reynolds equation for the squeeze in this interface the viscous damping
in the contact is accounted for. The negative pressures encountered
when the ring is moving away from the groove are neglected and only
the pressures from compression of the oil are considered. This damping
is required to achieve a converged solution of the model close to reversal
zone. Including the viscous damping in the axial contact between the
piston ring and the piston groove also makes the model more physically
correct. The assumption that the gap is fully filled is assumed to be
correct for the reversal of the ring at BDC, since the oil control ring in
a HDDE is typically supplied with a constant oil spray from the crank
case. At TDC the assumption might not be completely valid but it is
believed that there is a substantial amount of oil in the contact to make
the assumption reasonable.

Since the ring is free to move axially in the ring groove the reversal
zone makes it difficult to find convergence for the load balance. If the
half Sommerfeld assumption is applied instead of the Häggström model,
the complexity of the model is still low enough to achieve a converged
load balance. But in order to include the more physically correct JFO
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boundary condition a relaxation of the friction force around the reversal
zone turned out to be necessary. More precisely it was found that by
introducing a scaling of the boundary friction force close to the reversal
zone, convergence could be achieved with the JFO rupture and reforma-
tion boundary conditions. A similar technique is used in the EXCITE
Power unit software developed by AVL [41]. In the present model a
parameter ulim is introduced to specify in which piston speed interval
the boundary friction component should be scaled. In terms of the ulim

parameter the scaling function for the boundary friction is formulated
as:

g(U) =

{
1
U

ulim

|U | > ulim

|U | � ulim

(B.5)

The contact friction is calculated with:

Fc = g(U) · μb

∫
Ω

PcdA, (B.6)

where μb is the boundary coefficient of friction set to 0.1 in this study
and Pc the contact pressure. The domain of integration, Ω represents an
element and A is the area of this element. The hydrodynamic friction
component is calculated with:

Fh =

∫
Ω

(
h

2
− d11

)
∂p
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+ ηU

(
1

h
+ 6c11

)
dA, (B.7)

where d11 and c11 are the friction correction factors calculated with the
LMLM which are described in [29].

B.3 Results and discussion

The parameter β must be chosen carefully since it will have an effect
on the hydrodynamic pressure generation. A parameter study for dif-
ferent β and different curvature on the ring land is performed for two
stationary conditions, one close to mid-stroke and one close to reversal
zone. The ring land curvature has a parabolic shape and is defined with
the height difference over the land width called land opening as shown
in Figure B.3. The reason for not including zero land opening in this
parameter study is that a perfectly flat land would not contain a con-
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Figure B.3: Definition of parameter land opening defining the ring land
curvature.

verging and a significant diverging gap at the same land, other than the
deflection caused by deformation. Therefore at one land there can be
close to only cavitation or close to no cavitation on the entire land. The
global deformation is small in comparison to ring twist and therefore it
is not affecting the gap significantly. The results from this parameter
study can be seen in Figure B.4. The error in load carried by the ring
refers to the load carried for the lowest value of the β parameter. By
studying the results it can be observed that a large value of the β pa-
rameter has a larger impact on the load carried for the lowest value of
the land opening parameter and for the condition close to reversal zone.
The total load carried is lower for those parameter values and therefore
it will have a larger impact on the relative error. It would of course
be most correct to choose a very low value for the β parameter thus
ensuring that the Reynolds boundary condition is not violated. How-
ever, choosing it too low will cause problems with convergence since the
Couette term contains ∂ρ

∂x
which can get very large if the transition zone

in f(p) is too small. Therefore a trade-off in hydrodynamic pressure
generation accuracy and convergence stability has to be made. Some
negative pressures will always be present in the solution but by ignoring
them in the load applied to the ring it is possible to get a load accurate
enough and still manage convergence.

Investigations of how to select the ulim parameter and it’s impact on
the result was also performed. In order to vary this parameter the den-
sity and viscosity modification was switched off and the half Sommerfeld
boundary conditions was applied, making it possible to solve the case
without any scaling of the boundary friction. ulim was varied from 0 to
0.5 with increments of 0.1. A full engine revolution was simulated with
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Figure B.4: Difference in load carrying capacity for different ring land profiles
as a function of the β parameter.



B.3. Results and discussion 87

an engine speed of 1200 rpm and the land opening parameter set to 1.2
μm. When studying the total friction on both lands it was found that
the effect on hydrodynamic friction result is negligible by these values
of the ulim parameter. The boundary friction is neither affected by the
ulim other than the scaling effect itself around the reversal zone. If the
scaling function g(U) is excluded in a post processing calculation of the
boundary friction the result is negligibly affected by the ulim parameter.
There must however be an effect on the ring dynamics around reversal
zone since the forces acting on it are modified. To investigate this the
lands are studied individually. For illustration of the effect of the ulim

parameter the minimum oil film thickness (MOFT) for both running
lands are shown in Figure B.5. It can be seen that there is a bump after
the reversal of the ring for all tested values. Similar results have been
reported for three piece oil control rings in [50], where it was concluded
that the ring will have this behaviour due to the dynamics around re-
versal zone for low engine speeds around 1000 RPM. The major part
of the stroke is not affected by the boundary friction scaling. Typically
for engine development, friction and oil left on the liner is what is most
interesting to optimise the TLOCR for and if this is significantly unaf-
fected as these results show the method is acceptable. The bump in the
MOFT results can be studied further, Figure B.5 also shows results close
to reversal zones both at BDC and TDC. It can be noticed that there
is a big spike for the case where ulim = 0 this is because of the sudden
change in force direction at reversal. This spike is not seen for the cases
where the boundary friction is scaled. The spike is not something that
would occur in an actual engine during operation. The reversal of the
ring is slower than that due to that the space in the piston ring groove
is larger than the width of the TLOCR. It is therefore assumed that a
value for ulim > 0 is a better physical representation of real engine con-
ditions than ulim = 0. A schematic step by step image with numbered
boxes for the reversal zone can be seen in Figure B.7. The film thickness
drastically changes around the reversal point, the twist of the ring forced
by the moment caused by the friction force and the axial force from the
piston ring groove changes direction and the ring is twisted in the other
direction (box 1-2 in Figure B.7). Since the scaling of the boundary
friction makes the force direction switch occur over a larger interval the
twist change will start earlier and end later. The bump occurring after
the reversal of the ring is caused by the sudden moment change on the
piston ring. It is not damped enough due to the low viscosity of the
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oil in this region, approximately 0.0067 Pa·s at BDC and 0.0036 Pa·s
at TDC. The ring is over twisted a small amount (box 3 in Figure B.7)
before it sets against the liner (box 4 in Figure B.7). It can be noticed
that the bump in the film thickness which is positive for the land that
becomes trailing has almost the exact same shape in negative direction
for the land that becomes leading after the reversal. This suggests that
this is mainly due to twist of the entire ring. The internal elastic de-
formation of the ring is very small for this set up. The value on the
ulim parameter effects this bounce of the piston ring and this needs to
be taken into consideration when studying the reversal zone in detail.
However when studying effects on friction loss and oil left on the liner
for the entire cycle this will have a insignificant effect on the results. It
might be possible for some special case that the ring bounce will cause a
large amount of oil left behind the ring at TDC reversal zone. Another
numerical experiment was set up with the same parameters except for
the viscosity of the lubricant, which was increased and kept constant at
0.03 Pa·s throughout the stroke. The results for MOFT around TDC
with the high viscosity is shown in Figure B.6. The bump is significantly
reduced and therefore shows that a higher viscosity will reduce the dy-
namic twist motion of the ring. A reduction of viscosity could lead to
reduction of friction, but also increase the risk of asperity contact. This
study also shows that the risk of ring flutter increases at reversal zones
if viscosity is reduced.

B.4 Conclusions

A model for describing the TLOCR in a HDDE has been developed.
The model considers elastic deformation of the ring cross section and
dynamic motion of the ring inside the piston ring groove. It also con-
tains a mixed lubrication model for both the axial contact against the
piston ring groove and the radial contact against the cylinder liner. A
mass conserving cavitation model in the piston ring to cylinder liner in-
terface is implemented. The compromise that has to be made between
load carrying accuracy and convergence of the model is showed and dis-
cussed. To achieve convergence close to reversal zone a relaxation of the
boundary friction force applied to the ring was implemented. The effect
of this relaxation method on the result is showed and discussed. The re-
laxation of the force showed no effect on friction or film thickness result
for the major part of the stroke. But it has an effect on the dynamics
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Figure B.5: Minimum oil film thickness as function of crank angle degree for
upper land (solid lines) and lower land (dashed lines) with different values
on the ulim parameter.
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Figure B.6: Minimum oil film thickness for upper land (solid lines) and lower
land (dashed lines) close to TDC for the high viscosity test with different
values on the ulim parameter.

around reversal zone since the forces applied to the ring is altered. This
effect is discussed in the paper and it can be concluded that one must be
careful with this scaling when studying the motion of the ring around
reversal zone. However the motion pattern for the twist of the ring is
still captured by the model but the amplitudes and exact location on
the stroke will be slightly affected.
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Figure B.7: Schematic step by step view of ring twist close to reversal zone
with highly exaggerated twist amplitude for clarification purposes.
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