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Abstract
.
This thesis report elucidates the experimental and analytical methods of determin-

ing the axial thrust loads of a twin scroll turbocharger mounted on a 6-cylinder

diesel engine, tested at Scania CV AB, Sodertalje. Literature survey revealed sev-

eral methods to experimentally determine the thrust loads but the concept of using

strain gauges was finally selected. The key objectives of this thesis are to determine

an experimental method to measure axial thrust loads, develop an analytical model

to predict axial loads and to perform a root cause analysis. It was noted that axial

load peaks are of immense interest here than the average values of the axial loads.

The method adopted to measure axial loads consists of a weakened bearing that

was capable of withstanding an estimated axial load and at the same time undergo

strains that could be sensed by strain gauges. The test operating points consisted

of a series of engine speeds and loads. Root cause analysis results suggested that

there was a minimal drift of 0.25 N force per 10 degree rise in temperature on the

bearings. Also, the main reason for the drift in strain gauge measurements was

the plastic deformation of the axial bearing that experienced higher axial loads due

to transient testing. A 1D model based on the Control Volume approach includ-

ing both the pressure and impulse contributions predicting the thrust loads was

modelled. The factored axial force measurements during most of the operating

conditions were negative (forces acting from the turbine towards the compressor)

with the highest value recorded as -90 N at 1400 rpm and 80 % engine load. The

highest factored axial force (negative) predicted by the model during the same op-

erating point was -100 N. The difference between the predicted and measured max

load varied between 10 % to 15% among all the operating conditions considered

for correlation. It could be concluded that the experimental method established

could be used to measure axial loads. Further, future work in terms of non-invasive

measurements, CFD methods and usage of fast pressure sensors on compressor side

to predict transient conditions would improve the current method.
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Sammanfattning
. Denna avhandling rapport belyser de experimentella och analytiska metoder för

att bestämma de axiella tryckbelastningar av en Twin Scroll turboaggregat mon-

terat p̊aen 6-cylindrig dieselmotor, testas vid Scania CV AB, Södertälje. Litter-

aturstudie visade flera metoder för att experimentellt bestämma axialbelastningar

men begreppet att använda tr̊adtöjningsgivare slutligen valts. De viktigaste mlen

för denna avhandling är att bestämma en experimentell metod för att mäta axiella

tryckbelastningar, utveckla en analytisk modell för att förutsäga axialbelastningar

och utföra en orsaksanalys. Det konstaterades att de axiella belastningstoppar är

av stort intresse här än medelvärdena för de axiella belastningar. Den metod som

för att mäta axiella belastningar best̊ar av en försvagad lager som kunde motst̊aen

uppskattad axiell belastning och samtidigt genomg̊ar stammar som kan kännas av

töjningsgivare. Testdriftpunkter bestod av en serie av motorhastigheter och belast-

ningar. Rotfelsanalys resultat antydde att det fanns en minimal avdrift av 0.25

N kraft per 10 graders temperaturökning p̊alagren. Även den främsta orsaken till

drift i tr̊adtöjningsgivare mätningar var plastisk deformation av det axiella lagret

som haft en högre axiella belastningar p̊agrund av transient provning. En 1D mod-

ell baserad p̊akontroll Volym tillvägag̊angssätt innefattande b̊ade tryck och impuls

bidrag förutsäga axialbelastningar modellerades. De vgas axiella kraftmtningar un-

der strre delen av driftsfrh̊allandena var negativa (krafter som verkar fr̊an turbinen

mot kompressorn) med det högsta värdet registreras som -90 N vid 1400 rpm och

80 % motorbelastning. Den högsta vägas axialkraften (negativ) förutsägs av mod-

ellen under samma arbetspunkt var -100 N. Skillnaden mellan förutsägelsen och

mätning befanns variera mellan 10 % 15 % bland alla driftfrh̊allanden vägas för

korrelation. Det kan konstateras att den experimentella metod som fastställts kan

användas för att mäta axiella belastningar. Vidare skulle det framtida arbetet i

termer av icke-invasiva mätningar, CFD-modeller och användning av snabba tryck-

sensorer p̊akompressorsidan för att förutsäga transienta förh̊allanden förbättra den

nuvarande metoden.
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1. Introduction

The quest for higher power of the automotive engines led to manufacturers
investigating new concepts for development of naturally aspirated engines.
One such revolutionary concept was the forced induction technique. Forced
induction technique involves the process of producing compressed air at the
intake of an internal combustion engine. This concept of forced induction
could be realized by using a supercharger or a turbocharger. A supercharger
is a compressor that is used to cause forced induction and is powered by the
crank shaft through a belt or chain drive. On the other hand, a turbocharger
does the similar function of forced induction using a compressor that is con-
nected to a turbine that spins with the energy from the engine exhaust.
The most motivating aspect of using turbochargers is to effect forced induc-
tion of atmospheric air in order to cause a significant increase in the power
of the engine without tapping energy from the crank shaft. A simplified
schematic of the gas exchange system including a turbocharger and other
allied components is shown below.

Figure 1.1: A simplified sketch of the Gas Exchange System in an Automo-
bile [1]

A typical gas exchange system of an automobile these days consists pri-
marily of the internal combustion engine whose exhaust is connected to the
turbine of a turbocharger, a charge air cooler whose one end is connected
to the compressor of the turbocharger and the other end to the intake of
the engine. The turbocharger in such a system allows for downsizing of en-
gines for a given power, lower fuel consumption, higher efficiency and overall

1



performance improvement of the propulsion system. Turbochargers are ra-
dial turbo-machines that are driven by hot gases that impinge the turbine
wheel of the machine. It is called a radial machine due to the air/gas that
enters the machine axially and exits in the radial direction and vice versa.
Turbochargers are widely used in cars and trucks to improve fuel efficiency,
reduce emissions and enhance power output of the combustion engine. The
components of a generic turbocharger include compressor, turbine, bearings
and casing. The stationary and rotating components of a turbocharger,
namely, the bearings and the compressor/turbine wheel are highly stressed
during the service life of the machine. A detailed cut sectional view of a
typical turbocharger is shown below.

Figure 1.2: A cut sectional view of a Turbocharger [2]

Scania CV AB, is a pioneer in automobiles, especially Heavy Duty trucks.
The Research and Development division of Scania located at Sodertalje,
Sweden is working on the optimization of the Turbocharger performance
for the new Heavy Duty Truck market. As a part of this optimization, the
bearing capacity in terms of the axial loads (especially thrust loads towards
the compressor) needs to be determined with higher accuracy. For this, the
axial load on the shaft of the turbocharger during the service needs to be
measured and validated. There has been some earlier work done by the per-
sonnel at Scania earlier but the results from earlier testing showed unrealistic
values of thrust load measurements. This master thesis project involves a
root cause analysis of the strain gauge drift followed by the investigation of
an accurate method of measuring the axial loads. Further, a setup of the
identified method will be devised and experiments will be carried out on it.
In addition to experimental testing, an analytical model to determine axial
loads will be developed. Further, the experimentally measured thrust values
will be correlated with the analytical model results.
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2. Literary Review

This section presents the literature review carried out to understand the
principles, working and background of the areas related to this thesis work.
Broadly, the literature survey could be classified as Scania internal and ex-
ternal. Scania internal literature survey consists of documents that were
published by Scania CV AB internally, within the organization and external
survey consists of documents that are available on the internet. The internal
survey within the docarc environment of Scania CV AB provided documents
of earlier works that are relevant to the this thesis project.

2.1 Scania CV AB internal Literature

In 2014, Marko Lenz worked on Thrust Force Measurement on a turbocharger
using a weakened bearing and strain gauge setup, [Lenz 2014 [3]]. The test
was conducted using a six-cylinder diesel engine whose exhaust was con-
nected to the volute of the turbocharger turbine. The oil inlet from the
engine was connected to the bearing housing of the turbocharger and hence
the test was conducted at higher oil temperatures.

Figure 2.1: Weakened bearing with Strain gauges and lead wires [3]

As described by Marko, the results from the test showed a drift in the
data measured from the strain gauges and he also pointed out that the
weakened bearing suffered plastic deformation. In the report Marko recom-
mended to use a stronger bearing designed by him for future tests. In 2015,
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Gregory Jones continued on Markos recommendation by using a stronger
bearing but still observed unrealistic drift of strain gauge values which could
not be explained. In addition, discussions with Andreas Plars [4], on wear
of Axial bearing revealed that the bearing wear on the turbine side is more
compared to the wear on the compressor side. Andreas [4] also found that
the wear on the bearing during transients is more than that occurring during
steady state tests. It is thus important to clearly understand the axial loads
to predict the wear on the axial bearing during different operating condi-
tions, which in turn can be used to determine the mechanical efficiency of
the overall turbocharger.

2.2 External Literature

2.2.1 Prelude

The different types of loads that the turbine/compressor wheel is subjected
to are aerodynamic, mechanical, thermal and vibratory in nature due to
the operating conditions of the turbocharger. The axial bearing of the tur-
bocharger is designed to withstand the loads acting in the axial direction of
the shaft of the machine. The loads acting on the axial bearing or thrust
bearing is bidirectional. When the differential aerodynamic loads on the
front and back faces of turbine wheel are higher than those on the compres-
sor wheel, a pushing force towards the compressor is seen. On the contrary,
if the differential loads on the turbine wheel is lower than that on the com-
pressor, a pushing force towards the turbine results. This load depends on
the sizes of the compressor and turbine wheels, blade profiles, wheel disc
profiles and operating points of the engine.

From the literature review, it was observed that the axial forces can be
estimated using CFD or using an analytical 1D model approach. Since the
CFD method necessitates the compressor/turbine wheel and diffuser/volute
geometry and consumes a lot CPU space and time, Bernhardt et al., [5]
2013, used the analytical control volume approach to estimate the axial
forces. It is also interesting to note that within the control volume approach
the contribution of impulse momentum is avoided and only the pressure
forces are taken into consideration.

Though the impulse momentum is genrally neglected (as seen in refer-
ences [5] and [6]), the author of this thesis work will consider both the pres-
sure and impulse contributions to the model developed. Considering the
compressor wheel, the thrust force acting on the wheel due to the pressure
forces can be subdivided into 4 elements according to Nguyen-Schäfer [7],
2015, namely, F1C , F2C , F3C and F4C .

F1C = A1p1 =
πd1

2

4
p1 (2.1)
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F1C is the force acting on the front face of the compressor wheel, A1 is
the area of the inlet to the compressor, d1 is the inlet diameter of the diffuser
pipe and p1 is the absolute static pressure at the inlet of the diffuser.

F2C = A2pmC =
π(d2

2 − d1
2)

4

(p1 + p2)

2
(2.2)

F2C is the force acting on the projected surface of the shroud part of
the compressor wheel, A2 is the projected area on the shroud part, d2 is the
diameter of the compressor wheel and p2 is the absolute static pressure at
the outlet of the compressor wheel.

F3C = ṁCCm1 =
ṁ2

CRaT1
p1Ain

(2.3)

F3C is the force acting on the compressor wheel due to the flow deflection
of the blades on the surface of the compressor wheel, mC is the mass flow
rate of the air entering the compressor, Ra is the gas constant of air and T1
is the temperature of the air entering the compressor and Ain is the area at
the inlet of the compressor.

F4C = A4Cp2 =
π(d2

2 − dsC
2)

4
p2 (2.4)

F4C is the force acting on the back face of the compressor wheel, A4C is
the area of the back face of the compressor wheel, dsC is the diameter of the
shaft close to the compressor wheel back side.

The axial force on the turbocharger compressor wheel can be found as

FCW = F1C + F2C + F3C − F4C (2.5)

Similarly, the force on the turbine wheel can also be estimated. Finally,
the axial load on the bearing can be obtained using the following equation.

F = FCW + FTW (2.6)
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Figure 2.2: A Turbocharger spool showing all the forces acting on the Com-
pressor and Turbine Wheels

If the value of F is positive, then FCW > FTW , which means the net
thrust force acts towards the turbine from the compressor. This positive
value of F could be visualised as a pulling force on the backside of the
compressor wheel or a pushing force on the backside of the turbine wheel. A
typical thrust load curve for a small turbocharger is shown below (Nguyen-
Schäfer [7], 2015).

Figure 2.3: A plot of the Thrust load variation with rotor speed for a small
Turbocharger [7]

The plot above shows the variation of thrust loads with rotor speed for
a small Turbocharger with and without scalloping on the Turbine wheel.
The negative loads indicate the direction of the load is from the turbine
towards the compressor. Scalloping refers to a technique that involves re-
moval of material on the disc of the turbine wheel in order to improve the
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transient characteristics of the turbocharger. It is interesting to note that a
turbocharger with a scalloped turbine wheel experiences higher axial loads
pushing from the turbine towards the compressor side. This is due to the
fact that the removal of material on the disc of the turbocharger modifies
the mass moment of inertia of the turbine wheel that varies the response
of the turbocharger to different operating conditions. As observed from the
plot above, the loads decrease initially and then tend to increase after a
particular operating point of the engine.

2.2.2 Pertinent Findings from the Literature

Design of axial bearings of turbochargers have more often been carried out
based on the principle of hydrodynamic effect, wherein the oil film thickness
between the bearing and the thrust collar is estimated and verified using
computations or experiments. In general, the axial loads are either compu-
tationally estimated using CFD or calculated using the pressure distribution
on compressor and turbine wheels or experimentally determined using strain
gauges or load cells or inductive sensors (Nguyen-Schäfer [7], 2015).

Friction characterization of turbocharger bearing was studied in detail by
Erik Sjoberg at KTH, wherein he employed both strain gauges and inductive
sensors to study the axial loads. The test was conducted at a lower oil inlet
temperature as the author was skeptical about the performance of the strain
gauges at higher temperatures. However, he could not find an exact overlap
of the results measured using both the methods. The interesting conclusions
from his work include the finding that the axial displacement of the shaft,
turbocharger rpm and pressure distribution on the front and back faces of
the compressor strongly contribute to the axial loads (Sjoberg [8], 2013).

Bernhardt et al., [5] 2016, performed measurements of unsteady axial
forces on an automobile turbocharger using both strain gauges and an eddy
current sensor. The tests were carried out at lower engine speeds and lower
oil temperatures and they could find close correlations between the two
measurements. The results from the tests suggest that the loads caused due
to transient operation are significantly higher than those caused during the
steady state conditions on the turbocharger.

In the above two references, the strain gauges are mounted on weak-
ened axial bearings. Experimental determination of friction losses on a tur-
bocharger was carried out by Deligant et al., [9] 2012. The experiments
were carried out using a magnetic axial load device which showed that the
axial bearing contributes more to the overall friction losses and that the
contribution rises with an increase in rotational speed of the turbocharger.

Another interesting study of failure of a turbocharger rotor was carried
out by Jizhong et al., [6] 2010, of the Ford motor company. The group
studied in detail the pressure distribution on the back face of the compressor
wheel and carried out a load balance analysis to determine the thrust loads.
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It is interesting to note that very high loads which led to catastrophic failure
of the rotor shaft was caused due to deep choke on compressor side when
running at high rotation speeds and high compressor ratio.

Axial load control on high speed turbochargers was tested by Honeywell
Turbo Technologies, [10] 2008.Here the strain gauges were mounted on a load
pin of the turbocharger and the axial shaft loads were measured directly. The
data was further used for correlations with predictions and for vibrational
analysis.

Smiljanovski et al., [11] 2011, tested Variable Turbine Geometry (VTG)
turbochargers with two different arrangements, one with a strain gauge
mounted on load pin and another using a modified bearing set up using
pressure transducers. The tests were conducted at a wide range of speeds
and lower oil inlet temperature. The results were compared with predic-
tions from Pressure balance analysis and showed strong correlations with
measurements.
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3. Objectives of the thesis

The main objective of this thesis work carried out at Scania CV AB is
to determine a method to measure axial thrust loads on a Heavy Duty
Truck’s Turbocharger. Particularly, an experimental method to determine
the axial thrust loads on a Turbocharger installed on an engine inside a
test cell is to be identified and verified. Initially, an experimental set up
needs to be designed and developed to measure the axial loads. Later, this
set up needs to be tested in a gas stand or in an engine test cell facility at
Scania CV AB. In addition, an analytical model needs to be created and the
predictions from this model will serve as a comparison with the measured
data. Due to the pulsations from the exhaust of the engine, the axial loads
could peak at certain crank angles and hence the loads measured should be
crank angle resolved. Since the axial load estimation will be used to improve
axial bearing design, the peaks in the measured axial loads (especially the
maximum loads acting towards the turbine) need to be captured.

Earlier research works carried out at Scania CV AB in this area have
reported unreliable measurements of axial loads due to plastic deformation
of the bearings [3] or unrealistic magnitudes of axial loads [12]. It has been
mentioned in the internal Scania literature [3] that during these tests the
strain gauge readings showed a drift that could not be explained. Hence, it
is also required to investigate and present the root cause of the strain gauge
drift in preceding measurements.
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4. Methodology to measure Axial
Loads

Based on the above mentioned literature survey and discussions with engi-
neers at Scania R&D, a few concepts were generated and evaluated. Broadly,
the concepts can be classified into three areas, namely, the concepts that are
strain gauge based, Inductive sensor based or using an accelerometer.

4.1 Strain Gauge based methods

Strain gauge methods have been extensively used by turbocharger manufac-
turers and researchers for axial load measurements. Most of the work has
been done by mounting strain gauges on weakened axial bearing. In this
method, the axial bearing is weakened intentionally in order to increase the
displacement of the bearing surface which can be picked up by strain gauges
that are calibrated initially using known forces. This method has worked
well provided the oil temperature is low enough and the correct selection and
orientation of strain gauges for the necessary application has been carefully
considered.

The other method of using strain gauges involves using a load pin ar-
rangement of the turbocharger which takes the axial loads on the machine.
The strain gauges are directly mounted on the load pin whose deformation
can be readily used to estimate the forces provided they are calibrated using
known forces earlier.

4.2 Inductive Sensor

Different types of inductive sensors have been employed for axial load mea-
surements. The work found in the literature [5] suggested that Eddy current
based sensors and LASER sensors have been widely employed for such ap-
plications.

The eddy current sensor is mounted either at the entrance of the com-
pressor inlet or at the backside of the compressor wheel and is calibrated
for compressor wheel displacements. If the operating environment is clean,
LASER sensors can also be used.

4.3 Accelerometer

Accelerometers are simple acceleration measuring devices that could also be
used for axial load measurements. In principle, the accelerometers pick up
accelerations during the test and using the known mass of the shaft, the
forces can be estimated.
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Since there were several ideas that were put forward, a Pugh matrix was
designed to rank the ideas by using the earlier method of using Strain gauges
on weakened bearings as a benchmark. The key criteria considered were cost,
process knowledge, lead time, risk, external vendor dependence, complexity,
instrumentation, occurrence in literature and accuracy of results. All the
ideas were ranked to be same, better or worse than the benchmark idea.
Major issue with the eddy current sensor is the lead time as the time taken
by the vendor to deliver the sensor would be 8 weeks which is quite long
compared to the thesis projects duration of 20 weeks.

Figure 4.1: PUGH Matrix

4.4 Methodology to be used in this thesis Project

As found from the PUGH matrix, the idea of using stronger bearings with
strain gauges ranks best based on the weightage of the criteria enumerated
above. The other idea of using strain gauges on the load pin is also inter-
esting but again the modified bearing set up and the load pin set up were
unavailable and had to be purchased from an external vendor. The vendors
contacted did not respond with an appropriate reply within the time and
hence this idea also lagged behind due to the lead time issue. The major
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problem with the idea of using an accelerometer would be the operating
environment. The bearing is subjected to oil flows during its normal opera-
tion and the accelerometer could pick up frequencies from other excitations
from the engine. In addition to the idea of using a stronger bearing, it
was also recommended to carry out a root cause analysis of the drift of the
strain gauge values that occurred during the two earlier tests conducted by
Marko [3] and Greg [12].
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5. Root Cause Analysis

5.1 Oven Testing

Since it was found from the literature survey that most of the tests were
carried out at a lower oil inlet temperature, the root cause analysis was
started with an investigation of the effect of temperature on the strain gauge
set up. The weakened bearing with strain gauges that was employed by Greg
for one of his tests was used for this investigation. In order to study the
effects clearly, the weakened bearing was heated in a temperature controlled
oven and the corresponding increase in strain values was measured using a
data acquisition system.

The experimental set up consisted of the weakened bearing with strain
gauges mounted on it along with two thermocouples (one fixed to the inner
ring of the bearing and another to the outer part of the bearing), Wheatstone
bridge box, Scania MC series amplifier and data acquisition system. In
addition, a hand held thermometer was used to verify the readings from the
two thermocouples. Since the operating temperature of the bearing during
normal engine tests ranges between 110 to 120 degree Celsius, the oven tests
were carried out from temperatures of 20 till 140 degree Celsius. The test
was repeated for a repeatability check on the measurements.

Figure 5.1: Weakened Bearing with Strain Gauges and Thermocouples
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Figure 5.2: Wheatstone bridge box

Figure 5.3: Amplifier
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Figure 5.4: Experimental Set up inside an Oven

Figure 5.5: Mobile Data Acquisition System
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Figure 5.6: Results from the Oven test

The results suggest that for every 10 degree Celsius rise in temperature,
the force value increases by 0.25 N. Hence, the drift of the strain gauges
should have been approximately 3 to 3.5 N and not very high magnitudes as
seen by Marko and Greg. This clearly shows that the drift of data from the
strain gauges is not due to the bearing or oil temperature during the test.

5.2 Amplifier

During the initial setting up of the experimental apparatus for oven testing,
it was noted that the amplifier from AVL provided in the Indicom module
cannot be controlled for amplification and hence the data from this could be
unreliable. On the other hand, the amplifier built at Scania (type 27M1),
[13], with an input range of 5-10 V consists of amplification control along
with a range of calibration shunt resistors. It is important to note that
the Scania amplifier was used by Marko, [3], but Greg, [12], used the AVL
amplifier. Hence, it could be that Gregs observation of larger magnitudes
of drift of strain gauge measurements was mainly due to the AVL amplifier
used for his test. Marko used Scanias amplifier but still found drift of the
data from strain gauges which needed further investigation.

5.3 Oil Pressure

It was doubted if the oil pressure at the axial bearing could cause higher
stresses which in turn caused the drift of the data from the strain gauges.
Hence, a visual inspection on the tested bearing and a FEM simulation were
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planned. Visual inspection carried out on the bearing did not suggest any
big deformation or wear marks on the bearing surface near the oil channel.

Figure 5.7: Absence of Wear marks on the Weakened Bearing used for the
test

In order to carry out a FEM simulation, the oil pressure at the exit
of the bearing housing needed to be determined. This could not be done
easily as it was neither measured nor calculated. So, using the pressure
measured at the entrance of the bearing housing, the exit pressure could
be calculated using the fluid flow equations. However, since there were
three flow channels distributed from one junction, the continuity equation
and momentum equation were not enough and hence an iterative method,
namely, the Hardy-Cross method was used to calculate the pressure at the
exit of the bearing housing. The pressure range measured at the inlet of
the bearing housing varies from 2.7 bar to 4.7 bar. Using the Hardy-Cross
method, the pressure of the oil calculated at the axial bearing ranges from
2.1 bar to 4.2 bar as shown in figure 5.8.
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Figure 5.8: Plot of the Variation of Oil Pressure at the Axial bearing vs.
Pressure at the Inlet of Bearing Housing

Using the maximum value of oil pressure at the axial bearing, the FEM
simulation was carried out which suggested that there are no high stresses
due to the oil pressure on the axial bearing.

5.4 Analytical Model to predict the Thrust Loads

The analytical model discussed in section 2.2.1 of this report was used to
estimate the axial loads on the bearing. The model has been scripted in
MATLAB to predict the axial loads during different operating conditions
of the turbocharger. One major limitation of the model include that the
accuracy of the prediction is ±10% provided the contributions from the flow
turning effect of the blades is included. The other limitation according to
Nguyen-Schäfer [7], 2015, is that the model predicts well for the turbocharger
where the axial gap between the back face of the compressor wheel and the
casing is approximately 1mm. On the current turbocharger under investi-
gation, the measured axial gap between back face of the compressor wheel
and the casing is 1.08 mm. The results from the model wherein the axial
loads for a full load curve are illustrated below:
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Figure 5.9: Axial Loads on a Full Load curve

All the loads shown in figure 5.9 have been normalised by a factor due
to confidentiality reasons. The black line in the figure above is the rough
estimate of axial loads in the sense that it includes the contributions of the
axial loads only due to the centrifugal effect at different engine rotational
speeds and load conditions. The green line is more accurate as it includes
both the contributions, one due to the centrifugal effect and the other due to
the flow turning and the accuracy of this is found to be ±10%. The red line
is the amount of axial force contributed by the turbine wheel to the overall
accurate model results (green line) and similarly the blue line indicates the
contributions of the compressor wheel to the overall accurate model results.
The pink line and the cyan lines are the minimum and maximum values from
the measurements obtained from the earlier test conducted by Marko. The
maximum factored axial load value predicted by the model is around 108 N
for the full load curve which occurs at 1300 engine rpm. It is interesting to
note that the predicted results from the model follow a trend similar to the
trend on the results measured earlier by Marko. However, it is important to
note that the magnitude of forces show a significant shift. This difference in
magnitude could be explained due to the fact that the bearings were plasti-
cally deformed when Marko carried out the full load curve. Also, Marko had
started the engine testing with a transient curve which was later followed by
a full load curve. It is seen that the axial loads during the transient curve are
very high when compared to the steady state full load conditions (Bernhardt
et. al., [5] 2016). Based on the above results, it could be estimated that
the measurements taken by Marko on the full load curve cannot be trusted
for the magnitude as mentioned by him in his report mainly because of the
reasoning that the bearings could have been plastically deformed prior to
the measurements on the full load curve since the transient axial loads were
very high than the estimated steady state axial loads. Hence, the trend is
similar but the magnitude of axial forces was different.
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5.5 Conclusions from the Root Cause Analysis

From the above mentioned arguments, it can be estimated that the spurious
value of axial forces were mainly because of the plastically deformed bear-
ings. The bearing needs to be strengthened more in order to withstand the
loads occurring due to its operation on the full load curve. It is imperative
to note that during the steady state test, transients should be avoided and
this can be done by engaging the waste gate or by moving from one steady
state point to another very slowly. Also, oil pressure does not affect the
strength of the bearings. For the strain gauge setup used, it was observed
from the oven tests that for every 10◦ C rise in temperature, 0.25 N force
increases. So, it is observed that the oil temperature has a minor effect on
the strain gauges and does not affect the axial force values as much as it
was thought to be.

Hence, the bearing weakening needs to be redesigned to withstand the
estimated loads based on the model predictions. The maximum factored
axial load value predicted by the model is around 108 N for the full load
curve which occurs at 1300 engine rpm. Considering an extra factor of
safety, the bearings should be designed to withstand a factored load of 125
N. Finite Element simulations were used to achieve a more strengthened
bearing that can withstand the axial loads. In addition, it could be better
to conduct the engine test with a lubrication system that is independent of
the engine’s oil lubrication system using a blow by rig.

The blow by meter is a devise generally used to measure the amount of
blow by. Blow by is a phenomenon of oil being leaked out of the sealing
rings due to the wear of these rings. This could cause a lot of problems
in terms of emissions and shaft motion. The blow by meter consists of an
oil sump along with a small motor that pumps oil and a heat exchanger to
control the oil temperature. This could be handy during the engine testing
in our case to have a lubrication system that is independent of the engine’s
lubrication system. A typical mobile blow by meter is shown in the picture
below.
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Figure 5.10: Blow by Meter

5.6 Bearing Weakening/Strengthening - Redesign

Based on the results from the root cause analysis, the earlier bearing weaken-
ing designs were reviewed for further strengthening. The weakened bearing
used by Marko for his test is presented below.
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Figure 5.11: Original Bearing (Left) and the Weakened Bearing (Right) used
by Marko

The picture above shows the original bearing (on the left) and the weak-
ened bearing (on the right). The weakened bearing had three bridges which
were 1mm thick. Marko had suggested in his report that using a stronger
bearing could avoid this problem and had recommended to use a bearing
with bridge thickness of 1.9 mm. FEM simulations with a factored axial load
of 125 N on this version of the bearing showed that the Von Mises stresses
closer to the bridge could be in the range of 1.3 to 1.5 MPa as shown in the
picture below.

Figure 5.12: Stress Distribution on the Strongest Bearing suggested by
Marko
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Figure 5.13: Displacement Field on the Strongest Bearing suggested by
Marko

The yield stress of the material of the bearing under consideration is 1.32
MPa. So, this version of the bearing could also cause plastic deformation
if used for engine testing. Hence, a new weakening design of the bearing is
necessary. In order to achieve this, a stronger version of the bearing alone is
not enough because making the bearing too strong would cause lower strains
which will not be picked up by contemporary strain gauges. Semiconductor
strain gauges are capable of picking up small strains due to their high gauge
factor values but seem to have very poor thermal properties. However,
availability of such gauges was limited and since the current application
requires certain level of thermal stability, semiconductor gauges could not
be used. This means that the new bearing requires weakening that should
not plastically deform but at the same time deform to a certain level upon
application of lower loads. This led to the idea of weakening the bearing
with more number of bridges. It also required a trial and error approach
to obtain the best trade-off. Finite Element Method was used to carry
out simulations of different configurations and finally the one with the best
behavior in terms of load bearing capability was chosen. After several trials,
a version with 5 bridges has been found to provide the necessary function.

The results from the FE simulations for the 5 bridged bearing are shown
below for two factored load cases, 25 N and 125 N.
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Figure 5.14: Stress Distribution on the Weakened Bearing for a factored
Axial load of 25N

Figure 5.15: Displacement Field on the Weakened Bearing for a factored
Axial load of 25N
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Figure 5.16: Stress Distribution on the Weakened Bearing for a factored
Axial load of 125N

Figure 5.17: Displacement Field on the Weakened Bearing for a factored
Axial load of 125N

It can be clearly seen that the stresses on the bearing for the maximum
factored load of 125 N are well below the yield stress (132 MPa) value of
the material. It is seen that the displacements are higher on the central ring
of the bearing rather than the bridges. Also, the gradient of displacement
decreases with increasing radii when starting at the midpoint of the bearing
ring. This helps to understand that the strain gauges should be placed in
such a position that the displacement gradients should be taken advantage
of. A detailed geometric drawing of the bearing is presented below. All
dimensions in the sketch below are in mm.
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Figure 5.18: Geometric drawing of the Weakened Bearing

In addition to load bearing capabilities, there were a few more reasons to
be considered during the design. As seen from the figure above, there are 5
bridges (3 on the top half and 2 on the bottom half) on the bearing but the
strain gauges can be mounted only on 4 of them since the middle bridge on
the top is necessary for oil flowing on the bearing for lubrication. Also, the
bottom two bridges cannot be used for mounting the strain gauges because
the routing channels (for the strain gauge wires) could not be comfortably
located for such a design. Hence, the two bridges on the top on either side
of the middle bridge were chosen for mounting the strain gauges. In order
to mount the strain gauges, certain area is necessary to hold them and also
to attach the leads and wires. In addition, such complicated profiles could
not be machined using conventional workshop processes such as milling and
hence an Eddy Current Discharge Machining (EDM) process was carried
out to achieve the exact profile. All these practical aspects were carefully
considered during the redesign process. The machined bearing is shown
below.

Figure 5.19: Machined Weakened Bearing using EDM
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6. Strain Gauges

Strain gauges are available in several shapes and material compositions in
the market. In the problem under investigation, the main purpose was to
pick up strains on the bridges at temperatures up to 130◦ C. Based on the
analysis carried out, it was found that constantan based strain gauges de-
marcated comercially as EA or CEA can be used for the current application.
Since EA type gauges were readily available at Scania, they were preferred.
STC (Self Temperature Compensation) number is another factor for consid-
eration since there is a temperature-strain dependency problem. However,
this would be overcome by creating a full Wheatstone bridge by placing 4
strain gauges (2 on either side of the bridge) on each bridge. This provides
a temperature compensation effect since all the net strain caused due to
the rise is temperature is nullified as all the 4 gauges experience more or
less the same temperature rise. In terms of the resistance value, 350 ohms
is generally advised for bending strain applications. In addition, the ori-
entation of the strain gauges was also taken into consideration for proper
strain measurements. Finally, the EA-06-031CE-350 strain gauges were used
for instrumenting the bridges on the bearing. A typical EA-06-031CE-350
strain gauge pattern and the relevant information is provided below.

Figure 6.1: Strain Gauge pattern and geometrical data [14]
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7. Instrumentation of Turbocharger

In order to understand the axial load behavior in detail, the turbocharger
was instrumented heavily. Following is a pictorial representation of the
measurement points on the turbocharger along with explanations.

Figure 7.1: Instrumentation on the Turbocharger [15]

p1 - Static Pressure at the inlet of the Compressor,
p2 - Static Pressure near the periphery of the Compressor wheel,
p3 - Static Pressure at the exit of the Compressor (inside the Diffuser),
pb1 - Static Pressure at the back face of the Compressor wheel routed
through the Bearing housing,
pb2 - Static Pressure at the back face of the Compressor wheel at a radius
of 15.7 mm from the centre point on the shaft,
pb3 - Static Pressure at the back face of the Compressor wheel at a radius
of 29.6 mm from the centre point on the shaft,
p4 - Static Pressure at the inlet of the Turbine (inside the volute),
p5 - Static Pressure measured behind the heat shield,
p6 - Static Pressure at the exhaust of the turbine,
T1 - Temperature at the Inlet of the Compressor.

Fast pressure transducers were employed for measurements p4, p5 and
p6. The fast pressure transducers were water cooled piezo-resistive Kistler
(type 4049B10DS) pressure sensors, [16], with a pressure range of 0-10 bar.
The corresponding measurements on the turbocharger to be tested is shown
in the figures below:
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Figure 7.2: Pressure and Temperature tappings on the Diffuser

Figure 7.3: Pressure taps on the Back face of Compressor Wheel
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Figure 7.4: Pressure tap on the Back face through Bearing housing

Figure 7.5: Pressure taps on the Turbine housing

The most important instrumentation was that of the strain gauges mounted
on the axial bearing. The strain gauges were placed on the two bridges
designated for them in order to form two wheatstone networks, thereby
functioning as two different sensors measuring axial loads on the bearing.
This provided redundancy in measurements and could be used for cross-
correlation of axial load data measured during the test. Figure 7.6 shows
the position of two strain gauges on one of the bridges of the axial bearing.
Two more similar gauges would be placed on the other side of the bridge and
all the 4 bridges would be wired to form a wheatstone network. A similar
arrangement would be made on the other bridge of the axial bearing.
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Figure 7.6: Strain gauges positioned on a bridge of the Weakened Axial
Bearing (Courtesy: LISAB)

Figure 7.7 shows the axial bearing ready to be coated with temperature
resistance coatings, mounted with two full bridges and cables running out
through white coloured shielded tubes .

Figure 7.7: Strain Gauges mounted and wired on the Weakened Axial Bear-
ing (Courtesy: LISAB)

Figure 7.8 shows the completely prepared axial bearing with two full
bridges and cables coated with black coloured temperature resistance coat-
ings.
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Figure 7.8: Fully instrumented Axial Bearing with Temperature resistance
coating (Courtesy: LISAB)
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8. Experimental Set-up and Test
Procedure

The experimental set-up consists of the inline 6-cylinder Scania diesel en-
gine fitted with the instrumented turbocharger equipped with a weakened
bearing. The strain gauged bearings were wired to form wheatstone bridges
that are connected to the scania amplifier, [13] and data acquisition system
provided by AVL. The AVL data acquistion system consists of a slow steady
state measurement system with a sampling frequency of 10 Hz and a fast
indication Indicom module with an input range of 0-10 V with a maximum
sampling frequency of 800 kHz per channel supported by a built in 100 kHz
low-pass filter. The Indicom module is trigerred based on the engine’s speed
and allows for 0.1 Crank angle degree resolution of the data to be measured.
A picture of the turbocharger mounted on the engine inside the test cell is
shown below.

Figure 8.1: Turbocharger mounted on the Test Engine inside the Test Cell

Due to hardware issues, the blow by meter could not be used to con-
trol oil temperature during the test. All the operating points during the
test were steady state operating points. The operating points of the engine
during the test were defined in order to trace different points on the tur-
bocharger’s compressor map. This could be done by varying the loads (0 to
100 %) on the engine manuevred at different rpm values ranging from 600
rpm to 2400 rpm. The restrictions for operating points were in terms of the
maximum allowable turbocharger rpm (90000) at a Waste gate closed condi-
tion and axial load values. Since the weakening on the bearing was designed
to carry a maximum factored load of 125 N before plasticity,care was taken
during the test to avoid running the turbocharger anywhere closer to these
conditions. In addition, the manuevres between each operating point were
carried out very slowly in order to avoid transients. All the measurements
were recorded after sufficient stabilisation time. The resolution on the strain
gauge measurements was set to one tenth of Crank Angle degree (0.1 degree)
and on the fast pressure transducers to be one degree. Higher resolution on
the fast pressure transducers were not possible due to hardware limitations.
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9. Results from the Engine Test

Axial Bearing used for the test was measured before and after the test to
verify if the bearing did not undergo plastic deformation during the test.
The axial bearing’s top and bottom surface features were measured using
a CMM (Coordinate Measuring Machine) before it was used for the test.
After the testing was completed, the same features on the top and bottom
surfaces of the bearing were measured and both the measurements were
compared in CATIA. It was found that there was no significant change in
the measurement data before and after the test, which showed that the
bearing did not undergo any plastic deformation during the test.

Figure 9.1: Bearing Measurement Comparison - Before and After testing

Measurements, both steady and transient, were recorded for 10 engine
cycles. Since the measured transient data for all the cycles could not be pre-
sented, each measurement is averaged over ten cycles and presented along
with a confidence interval showing the maximum and minimum values mea-
sured during the 10 engine cycles.

9.1 Steady Results

The compressor side of the turbocharger consisted of steady state pressure
and temperature measurements as stated earlier. The measured pressure at
the inlet of the compressor is presented below. The values of static pressure
at the inlet of the compressor have been plotted for increasing engine loads
and varying engine speeds. For a fixed rpm, the static pressure tends to drop
with increasing engine load except at 600 rpm, where the static pressure at
the inlet stays almost constant with increasing engine loads. With increasing
engine rpm, the static pressure drops consistently. On 2400 rpm, 40 %
engine load, the static pressure shows an increase. The highest value of
static pressure measured during the test is at 600 rpm, where it stays close
to 1 bar. The lowest value of static pressure is found to be 0.87 bar and is
measured at 2200 rpm and 40 % engine load.
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Figure 9.2: Compressor Inlet Pressure

Since the static pressure on the compressor closer to the periphery is of
interest for computing the axial loads, the static pressure was measured on
the front side of the compressor wheel closer to its tip using a tapping made
on the inner part of the compressor housing. The pressure increases with
the increase in engine loads for a fixed engine speed ranging from 600 to
1800 rpm. For the engine speed of 2000 rpm, the pressure increases initially
and then stays constant with increasing engine load. For engine speed 2200
rpm, the pressure value increases slightly and then drops. For 2400 rpm,
the pressure drops for 20 % engine load and again increases for 40 % engine
load. These irregularities for engine speeds 2200 and 2400 rpm were expected
because the intended engine loads could not be applied during the test. The
highest value of static pressure was measured to be 1.3 bar at 100 % engine
load and 1000 rpm. The lowest value of static pressure was measured to be
1 bar at 600 rpm and zero engine load.
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Figure 9.3: Compressor Wheel Exit Pressure

The static pressure at the exit of the diffuser increases with engine load
and engine speed. For a fixed engine rpm, the pressure at the exit of the
diffuser increases with increasing engine load. For 2400 rpm, the static
pressure at the exit of the diffuser increases intially and drops for 40 %
engine load as shown below. The highest value of static pressure at the exit
of the diffuser is measured to be 2.7 bar at 80 % engine load, 1400 rpm.

Figure 9.4: Diffuser Exit Pressure
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The behaviour of the static pressure behind the compressor wheel (pb1)measured
closer to the wheel tip through a tapping on the bearing housing is similar to
that of the diffuser exit pressure. The magnitudes of pressure are compara-
tively higher at this location. The maximum value of pressure measured is
2.85 bar at 80 % engine load, 1400 rpm.

Figure 9.5: Pressure at the back face of the Compressor wheel routed
through the Bearing housing

Two more measurements were made on the back face of the compressor
wheel, one closer to the shaft namely pb2 and the other in between pb1
and pb2, namely pb3. Both the measurements pb2 and pb3 located at radii
of 15.7 mm and 29.6 mm respectively from the centre of the shaft show
similar behaviour to pb1. However, the pressure values measured at 15.7
mm radius, pb2, are quite high when compared to pb3 measured at 29.6
mm. This could be because of the area changes on the back side of the
compressor wheel. The back face of the compressor wheel is not flat and
is inclined away from the bearing housing which causes lower area closer
to the centre of the shaft and the area increases while moving away from
the shaft. The values of measured pressures pb2 and pb3 are shown in the
figures below. The highest pressure on both pb2 and pb3 occur at 80 %
engine load and 1400 engine rpm. The measured highest pressure value for
pb2 is around 6.8 bar and for pb3 is 2.75 bar.
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Figure 9.6: Pressure at the back face of the Compressor wheel at a radius
of 15. 7 mm from the centre point on the shaft

Figure 9.7: Static Pressure at the back face of the Compressor wheel at a
radius of 29.6 mm from the centre point on the shaft

In addition to the pressure measurements, the temperatures at the inlet
of the compressor (T1) and the exit of the turbine (T6) are of interest in
calculation of the forces, these values were also measured. Eventhough the
trend of the temperatures show an increase at the inlet of the compressor,

38



the magnitude of temperature rise is very small. The highest and lowest
temperatures measured were 303 K and 298.5 K respectively.

Figure 9.8: Temperature at the inlet of the Compressor

The temperature at the exhaust of the turbine increases with the in-
crease in engine load for a fixed engine speed. The highest value of exhaust
temperature is 850 K measured at 1000 rpm engine speed and 100 % engine
load.
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Figure 9.9: Temperature at the exhaust of the Turbine

9.2 Transient Results

The transient results (both pressure and axial loads) will be presented only
for engine speeds 1200 rpm, 1400 rpm and 1600 rpm since these speeds
are of particular interest due to the maximum loads that acts towards the
compressor appear during 1400 rpm. The results for other speeds have been
presented in the appendix [A] of this report. Pressures on the turbine side
were measured using fast pressure transducers as mentioned in section 7.
The results plotted here are crank angle resolved, that is, the measurements
have been recorded for every crank angle degree during engine operation
for ten cycles. Measurement p4 is the static pressure measured at the inlet
volute of the turbine and is expected to be higher in magnitude followed
by measurement p5, which is measured behind the heat shield covering the
turbine wheel. The lowest pressures are expected to be measured at the
location p6, which is measured after complete expansion of the exhaust
gases after the turbine in the exhaust pipe.

Figure 9.10 shows the measurements of pressures p4, p5 and p6 averaged
over ten cycles along with the confidence interval indicated using vertical
limit bars on the average curve showing the maximum and minimum values
that occured during the ten engine cycles. It is clearly seen that the confi-
dence interval is quite close to the average data measured. Hence, in order
to avoid unnecessary details and to present the overall trend at various con-
ditions more clearly, plots containing the avergae of the pressures taken over
ten cycles will be presented here. Plots containing average data along with
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the maximum and minimum values have been presented in the appendix for
further reading.

Figure 9.10: Turbine Pressures at Zero Engine Load, 1200 rpm

Figure 9.11 shows the static pressures p4, p5 and p6 for 1200 rpm plotted
in three subplots one below the other having the same abscissa (crank angle
degree). Each subplot consists of 5 curves that represent the pressure aver-
aged over ten cycles measured at a particular engine load and turbocharger
speed indicated in the legend of the plot. On the first subplot, variation
of pressure p4 at different engine loads (turbo speeds) is shown. At 1200
rpm, the engine loads were restricted to 80 % due to turbocharger overspeed
limitations on the test bed. There are 6 pressure peaks, three of which are
clearly seen in the plot and the other three are not quite clear due to the
fact that the sensor measuring p4 was placed on one of the inlet volutes to
the turbine reads the pressure in that volute, whereas the leakage flow from
the other volute shows up as the other three smaller peaks. With increasing
engine load at 1200 rpm, the turbocharger speed increases. Pressure p4 in-
creases in magnitude with the increasing engine load. The maximum value
of p4 is around 3.6 bar which occurs at 80 % engine load. A phase shift
occurs on the pressure measurements of p4, which is seen on the peaks that
are shifted towards the right with increasing engine loads.

A similar behaviour of increase in magnitude of pressure with increasing
engine loads is seen in p5 measurements. For pressure p5, the six pressure
peaks are closer in magnitude unlike the peaks in p4. Also, the phase shift
is not as pronounced as in p4. The maximum value of p5 is around 1.9
bar which occurs at 80 % engine load. Pressure p6 measured at the ex-
haust of the turbine increases in magnitude with increasing engine loads.
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The measured p6 curves show small oscillations at all crank angle degrees
unlike the measurements p4 and p5. These oscillations could be due to dirt
accumulation on the pressure sensor. The pressure measurements are phase
shifted with increasing loads and the direction of the shift is towards the
left as seen in the figure 9.11. The maximum value of p6 is around 1.15
bar which occurs at 80 % engine load. There is also a phase shift between
pressure measurements p4, p5 and p6 due to the difference in location of
these measurements.

Figure 9.11: Pressures measured on the turbine side (p4, p5 and p6) at 1200
rpm

Figure 9.12 shows the static pressures p4, p5 and p6 for 1400 rpm at
different engine loads (from 0% to 80%). Compared to 1200 rpm, the mea-
sured pressures p4, p5 and p6 at 1400 rpm show an increase in magnitude.
Behaviour of measurement p4 is similar to that observed during 1200 rpm.
However, the magnitude of pressure p4 has increased to a maximum of circa
4 bar at 80% engine load. The phase shift in p4 measurements increases
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with increasing engine loads. Measurement p5 shows a trend similar to that
observed at 1200 rpm but increased magnitudes of pressure ranging up to
2.2 bar. Pressure p6 also shows an increased magnitude in pressure values
(up to 1.2 bar) measured at 1400 rpm and shows a phase shift similar to that
observed in measurements at 1200 rpm. Again, the phase shifts between p4,
p5 and p6 measurements are seen at 1400 rpm. Overall, it could be seen
that moving from 1200 rpm to 1400 rpm increases the turbocharger speed
and increases the pressures p4, p5 and p6.

Figure 9.12: Pressures measured on the turbine side (p4, p5 and p6) at 1400
rpm

Figure 9.13 shows the static pressures p4, p5 and p6 for 1600 rpm at
varied engine loads. The maximum engine load was restricted to 60 % due
to restrictions on the turbocharger speed limit. Increasing the engine speed
from 1400 to 1600 rpm increases the turbocharger speed and increases the
pressures p4, p5 and p6. With increasing engine load at 1600 rpm, pressure
p4 increases in magnitude with the increasing engine load similar to the
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trend observed in earlier speeds 1200 and 1400 rpm. The maximum value
of p4 is around 3.4 bar which occurs at 60 % engine load. A phase shift
occurs on the pressure measurements of p4, which is seen on the peaks
that are shifted towards the right with increasing engine loads. Pressure p5
increases with increasing engine loads with a maximum value of 2 bar at
60 % engine load. The values of pressure p6 show similar behaviour with
a maximum of circa 1.2 bar. Overall, it could be seen that moving from
1400 rpm to 1600 rpm increases the turbocharger speed and increases the
pressures p4, p5 and p6.

Figure 9.13: Pressures measured on the turbine side (p4, p5 and p6) at 1600
rpm

In addition to the pressure values, the measured axial loads using strain
gauges for the engine speeds discussed above will be presented in this section.
Since the minimum loads (maximum in the negative direction) that act
from the turbine towards the compressor are of higher interest, only these
values will be presented here. For more details on the average values and
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maximum loads captured during the test, refer to the appendix section of
this report. The axial loads have been normalised using a factor that will
not be revealed in this report due to confidentiality reasons. For the axial
loads, the measurements were captured for every one tenth of the crank
angle degree during engine testing for ten cycles. This was done to capture
the peaks in the axial loads in greater detail.

At 1200 rpm, the minimal values of the axial load variation captured
from ten cycles on the turbocharger is shown in figure 9.14. At zero engine
load, most of the axial loads are negative (loads acting from the turbine side
towards the compressor side) and as the engine loading is increased to 20%,
the axial loads get positive (act from the compressor towards the turbine).
This could have happened because of the boost pressure on the compressor
side being higher than the pressure from the turbine side. With further
increase in engine load, the axial loads turn negative and increase further in
the negative direction. The maximum axial load in the negative direction
occurs at 80% engine load (turbo speed - 81283 rpm) with a maximum
factored thurst value of -85 N. There are some axial load peaks that seem to
be dominated by the exhaust pulses, while others are due to the combination
of the unsteaadiness in both compressor and turbine flows. It is interesting
to note that some of the peaks have higher magnitude which could be due
to the force caused due to a dominant cylinder’s pulsation.
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Figure 9.14: Axial Loads measured and predicted at 1200 rpm

Increasing the engine speed from 1200 rpm to 1400 rpm increases the
magnitude of the negative axial loads further. The trend of axial load be-
haviour remains similar to that observed during 1200 rpm with the thrust
loads switching from negative side to positive side during the initial increase
of engine load from zero to 20% and with further increase of engine loads,
the thrust loads tend to get more negative. The maximum value of factored
thrust load measured at 1400 rpm is -90 N and happens to be the maximum
value measured during the entire test. The factored values of measured
thrust at 1400 rpm for different engine loads is presented in figure 9.15.
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Figure 9.15: Axial Loads measured and predicted at 1400 rpm

For 1600 rpm, the engine loads were restricted to 60% due to the tur-
bocharger overspeed limit. The minimal values of the axial load variation
captured from ten cycles at 1600 rpm on the turbocharger is shown in figure
9.16. Increasing the engine speed from 1400 to 1600 rpm, the magnitude of
axial loads in the negative direction is reduced. It is interesting to note that
amongst the measured values, the maximum negative loads ocuur at 1400
rpm and this could be considered as a transition rpm for the axial loads to
shift from negative to positive direction. A trend of axial loads increasing in
the positive side (acting from the compressor to turbine side) could be found
from 1600 rpm to 2400 rpm (see detailed plots in the appendix). At 1600
rpm, as the engine loading is increased to 20%, the axial loads get positive
(act from the compressor towards the turbine). With further increase in
engine load, the axial loads turn negative and increase further in the neg-
ative direction. The maximum axial load in the negative direction occurs
at 60% engine load (turbo speed - 84100 rpm) with a maximum factored
thurst value of -78 N.
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Figure 9.16: Axial Loads measured and predicted at 1600 rpm
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10. Correlation between the Exper-
imental results and the Model
data

Based on the analytical model proposed by Nguyen-Schäfer, 2015 [7], the
thrust loads were estimated using the measurements carried out on the tur-
bocharger during the test. The forces on the compressor and the turbine
wheels are calculated separately using the corresponding pressures measured
and the forces are added to get the axial thrust load values. According to
the method suggested by Nguyen-Schäfer, 2015 [7], the force F2 was esti-
mated using isentropic relations since measuring p2 just at the exit of the
compressor was challenging. The axial loads estimated using this method
for 1200 rpm and 40 % engine load is shown in figure 10.1. It is interesting to
note that the estimated forces are aligned closer to the negative peak loads
on the turbocharger. Since it was difficult to measure p2 at the exit of the
compressor wheel as suggested in the model, the author tried measuring that
pressure as close as possible using a tapping through the compressor housing
just in front of the compressor wheel’s periphery to estimate the force F2.
The estimated axial forces through this technique is shown in figure 10.2
along with the measured axial loads. Similarly, to compute the force F4,
the pressure p2 was suggested in the analytical model [7]. The author of
this report tried measuring the pressures on the backface of the compres-
sor wheel at different radii but the estimated forces using these pressures
produced unrealistic axial load values. The estimated axial loads using pb3
(measured at a radii of 29.6 mm from the shaft centreline) along with the
measured values is shown in figure 10.3.
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Figure 10.1: Axial Loads predicted (using calculated p2) and measured loads
for 40% Engine Load, 1200 rpm

Figure 10.2: Axial Loads predicted (using measurement p2) and measured
for 40% Engine Load, 1200 rpm
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Figure 10.3: Axial Loads predicted (using measurement pb3) and measured
for 40% Engine Load, 1200 rpm

As we know from the literature, [7], the negative axial forces are higher in
magnitude compared to the positive forces and since measuring the negative
axial load peaks are of immense interest here, it was decided to use the model
approach (using calculated pressure p2) for computing the axial forces. Since
the pressure measurements at higher engine speeds (2200 and 2400 rpm)
did not follow an expected trend due to the engine loading issues during
the test, the correlations between the predicted and the measured thrust
loads for these loading conditions will not be presented here. Also, the
negative thrust loads at engine speeds (600, 800 and 2000 rpm) are not of
particular interest here since the magnitude of forces are not very high and
hence will not be presented. Also, since the minimum values (maximum on
the negative side) are of interest, only the minimum values measured and
predicted for ten cycles will be presented in all the plots in this section.

10.1 1200 RPM

For 1200 rpm, the prediction of axial loads at zero engine load is differ-
ent from the measured axial loads as seen in 10.4. As the engine loading
increases, the prediction gets better in terms of predicting the minimal (max-
imum on the negative side) thrust loads. Also, the amplitudes of the peaks
measured and predicted are different in magnitude. These differences be-
tween the measured and predicted axial loads could be because of the fact
that the pressure p2 on the compressor side could not be measured accu-
rately and also due to the lack of unsteady measurements of the pressures
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on the compressor side. In addition, the pressures on the turbine side are
not measured at the intended locations due to intricate geometry of the tur-
bocharger. The maximum value of the factored axial load measured (-85
N) at this engine speed occurs at 80% engine load and the maximum model
prediction is -92 N, which is circa 15.3% different from the measured values.
This level of prediction improves the confidence of the model in predicting
the axial load peaks.The measured and predicted axial loads for different
engine loads from 0 to 80 % are shown in the figure 10.4 .

Figure 10.4: Axial Loads measured at 1200 rpm

10.2 1400 RPM

The model prediction behaviour here is similar to that observed during the
earlier engine speed (1200 rpm). The difference between measurement and
prediction reduces with increasing engine loads. The amplitude of the peaks
on the predicted axial loads are not as high as the measured axial loads.
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The maximum value of factored axial load measured (-90 N) at this engine
speed occurs at 80% engine load and the maximum model prediction is -100
N, which is about 11% different from the measured value. The measured
and predicted axial loads for different engine loads from 0 to 80 % are shown
in the following figure.

Figure 10.5: Axial Loads measured at 1400 rpm

10.3 1600 RPM

At 1600 rpm, the predicted loads match closer to the measured axial load
values at engine loads greater than zero. There is a distinct difference in
the amplitudes of the measured and predicted loads. The amplitude of the
measured loads are quite high even at lower engine loads when compared to
the corresponding predicted loads. It is difficult to assign an exact value of
phase shift due to the higher resolution of the measured axial loads and lack
of such high resolution on the measured pressures which were used to predict
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the axial forces. As the engine loading increases for a constant engine speed,
the prediction of the maximum loads gets better. The maximum negative
axial load measured at 1600 rpm occurs at 60 % engine load, where the
prediction shows negative loads up to -78 N and the measured loads peak
up to -79 N. Though the model underestimates the maximum negative axial
load, the magnitude of underestimation is very low. The measured and
predicted axial loads for different engine loads from 0 to 60 % are shown in
the following figure.

Figure 10.6: Axial Loads measured at 1600 rpm
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11. Conclusions

Though several methods were studied in detail, the hardware sourcing diffi-
culties forced the author to use the strain gauges to measure the axial loads.
The experimental method developed to measure axial thrust loads using
strain gauges (wired to form two full Wheatstone bridges for redundancy)
mounted on a weakened axial bearing that can withstand axial loads up to
125 N was identified as the best methodology to choose from the available
options. The experimental layout was set up and tested at the engine test
bed facility in Scania CV AB.

The first part of the work carried out in this thesis work involved analysis
of the drift of data indicated by the strain gauge set up. Upon identifying
the main causes, a detailed root cause analysis of the drift in strain gauge
measurements on the earlier experiments performed at Scania CV AB was
carried out and presented.The main reason for the drift in strain gauge data
was identified as the over weakening of the axial bearing and exposure of
the bearings to transient engine manoeuvres prior to steady state operating
conditions. A hardware check of the data acquisition system was carried out
which suggested that usage of Scania amplifiers was better than the AVL
amplifiers due to the shunting and calibration options. The pressure of oil
impinging the Axial bearing was calculated using an iterative method and
was used to simulate oil pressure forces on the bearing using FEM simulation
tool (CATIA GAS).

Based on the results from FEM, it was concluded that the oil pressure
does not affect the strength of the bearings. Temperature dependency of
the strain gauges was experimentally identified. For every 10 degrees rise in
temperature, 0.25 N axial force increase was indicated by the strain gauges,
if a full bridge Wheatstone network was devised. Since the maximum tem-
perature that occured during the test was around 120 degree Celcius, the
strain gauges should have indicated 3 N extra and not more. So, it was con-
cluded that the oil temperature had a minor effect on the strain gauges and
does not affect the axial force values as much as it was thought to be. Also,
the maximum factored axial load value predicted by the model for the test
operating points is around -108 N.It was also decided that the turbocharger
would be operated at steady state test points during which the transients
should be avoided and this was done by moving from one steady state point
to another very slowly.

Considering an additional factor of safety, the bearings were redesigned
to withstand -125 N. Finite Element simulations were used iteratively to
achieve a more strengthened bearing that could withstand the axial loads
and at the same time deform elastically to produce strains that could be
picked up by the strain gauges.

The operating points on the engine during the testing were decided to
be steady state conditions in order to avoid excessive axial loads that could
occur due to transients. For a constant engine speed, the engine load in
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terms of torque was varied and the measurements at each of these loading
conditions were recorded. The measurements involved pressures and tem-
peratures on the turbocharger that were required to predict axial loads and
thrust forces measured directly using pre-calibrated strain gauges mounted
on a weakened axial bearing. During the test, one of the two strain gauge
bridges failed and the axial loads were measured with the other bridge.

In addition, the measured axial loads from the test were correlated with
the predictions from an analytical model devised using the pressures and
temperatures measured on the inlet and exhaust of the compressor and the
turbine wheels of the turbocharger. It could be concluded that the method
devised using the strain gauge set up could be used to measure axial loads
on the shaft of a twin scroll turbocharger fitted to a 6-cylinder diesel engine
that is run on steady state operating points ranging over a variety of engine
speeds and loads.

The bearing was measured before and after testing to ensure that the
bearing did not undergo any plastic deformation during the engine test.
The measured pressure values at the compressor and the turbine ends of the
turbocharger followed expected trends during most of the test points. At
higher engine speeds (2200 and 2400 rpm), the intended loading conditions
could not be accomplished on the test bed and hence the compressor static
pressure measurements at these loading conditions do not follow an expected
trend.

The axial force measurements during most of the operating conditions
were negative (forces acting from the turbine towards the compressor) with
the highest factored value recorded as -90 N at 1400 rpm and 80 % engine
load. The highest factored axial force (negative) predicted by the model
during the same operating point was -100 N. In most of the cases, there is
a distinct difference in the amplitudes of the measured and predicted loads.

The amplitude of the measured loads are quite high when compared
to that of the predicted loads. One reason for this could be the fact that
the measured thrust loads are resolved ten times more than the measured
pressures which were used to predict the axial forces. The other reason
could be that the measurements could not be made at certain locations
due to the intricate geometry of the turbocharger. The difference between
the model prediction and measurement was found to vary between 10 %
to 15 % among all the operating conditions used for correlation. It was
also identified that the pressure measurement (p2) on the compressor side
of the turbocharger could not be measured as intended due to machining
difficulties and the measurements made at closer locations were not useful
in accurately predicting the axial forces. Hence, the calculated values of
pressure (p2) were used in the model. In addition, the lower resolution of
pressures did not aid the accurate prediction of the magnitude and phase
difference of the axial loads.

56



12. Future Work

Though the method of using strain gauges has been proved to measure
axial loads, the method is invasive, in the sense that the axial bearings
are modified (weakened) to measure the loads. This affects the dynamics
of the system under investigation due to the weakened bearing. Also, the
weakened bearing causes a restriction on the load that the turbocharger can
be subjected to during a test. It would be interesting to use a non-invasive
method such as the eddy current sensor technique to study shaft motions
and to pre-calibrate them using known forces, so that the actual forces can
be identified later.

As the first step, the current experimental set up can be used along
with an eddy current sensor to validate the thrust measurements obtained
during this study. Later, the eddy current sensor alone can be used with the
actual (unmodified) bearing inside the turbocharger to estimate axial loads
based on shaft motions. It should be noted that for future tests, the data
resolution on the fast pressure sensors have to be increased to be on par with
the strain gauge measurements. Also, the number of cycles recorded for a
measurement can be increased from ten to 50 or 100. The current thesis
work involved only steady state operating points but transient operating
points can also be tested. The axial loads measured seem to have overlaid
oscillations which require a frequency analysis using Fast Fourier Transform
to decipher resonant crossings, if any.

Another area of improvement would be to use fast pressure sensors at
the compressor side to understand the flow behaviour at various operating
points. This will be of immense interest in studying instabilities such as
surge and stall and the corresponding axial loads caused during such tran-
sient conditions.

It is recommended to develop and analyse CFD (Computational Fluid
Dynamics) models to predict with better accuracy, the pressures at the exit
of the compressor wheel and on the back face of the compressor and the
turbine wheels. This will improve the prediction of the analytical model
in terms of the amplitudes of the peaks in the positive and the negative
directions of the axial loads.
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A. Appendix

A.1 600 RPM

Axial loads measured using the strain gauge set up for different engine loads
at 600 rpm have been presented below. Since the axial loads were mea-
sured for one tenth of the crank angle degree, the confidence intervals could
not be presented as bars since that caused problems in presenting the data
clearly. Hence, two separate curves showing the maximum (green coloured
curve) and minimum values (black coloured) of axial loads have been plot-
ted along with the average axial loads (blue coloured). It is interesting to
note that at lower engine loads ( 0 and 20 %), the maximum and minimum
axial loads are significantly different from the average values of thrust loads.
With increasing engine loads, the difference between the extremities and the
average values tends to reduce. Looking at the overall trend, the axial loads
are mostly positive (acting from compressor side to turbine side) for lower
engine loads with some peaks extending to the negative side (forces acting
from turbine side towards compressor side). The axial loads tend to get
negative when the engine loads are increased from 0 % to 40 % at 600 rpm
and then the trend shifts after 40 %, where it is seen that the axial loads
get more positive when the engine loads are increased from 40 % to 60 %
and then the same trend continues till 100 % engine load. The maximum
factored axial load on the negative side peaks just above 28 N which was
measured at 40 % engine load and on the positive side it peaks at 35 N that
was measured at 100 % engine load.

Figure A.1: Measured Axial Loads at Zero Engine Load, 600 rpm
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Figure A.2: Measured Axial Loads at 20% Engine Load, 600 rpm

Figure A.3: Measured Axial Loads at 40% Engine Load, 600 rpm
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Figure A.4: Measured Axial Loads at 60% Engine Load, 600 rpm

Figure A.5: Measured Axial Loads at 80% Engine Load, 600 rpm
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Figure A.6: Measured Axial Loads at 100% Engine Load, 600 rpm

A.2 800 RPM

Axial loads measured using the strain gauge set up for different engine loads
at 800 rpm engine speed have been presented in figures A.7 to A.12. Again
the cycle averaged axial loads have been presented with the confidence in-
tervals curves showing the maximum and minimum values of axial loads
that occured during the engine cycles. It is interesting to note that at
lower engine loads ( 0 and 20 %), the maximum and minimum axial loads
are significantly different from the average values. With increasing engine
loads, the difference between the extremities and the average values tends
to reduce. Looking at the overall trend, the axial loads are mostly positive
(acting from compressor side to turbine side) up to 60% engine loads with
some peaks extending to the negative side (forces acting from turbine side
towards compressor side). It is interesting to note that the axial loads tend
to get positive when the engine loads are increased from 0 % to 60 % at
800 rpm and then the trend shifts after 60 %, where it is seen that the axial
loads get more negative when the engine loads are increased from 60 % to 80
% and then the same trend continues till 100 % engine load. The maximum
factored axial load on the negative side peaks just above 20 N which was
measured at 100 % engine load and on the positive side it peaks above 30 N
that was measured at 80 % engine load. It is to be noted that the frequency
of oscillations is quite high on the axial loads at 80 % engine load.
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Figure A.7: Measured Axial Loads at Zero Engine Load, 800 rpm

Figure A.8: Measured Axial Loads at 20% Engine Load, 800 rpm
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Figure A.9: Measured Axial Loads at 40% Engine Load, 800 rpm

Figure A.10: Measured Axial Loads at 60% Engine Load, 800 rpm
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Figure A.11: Measured Axial Loads at 80% Engine Load, 800 rpm

Figure A.12: Measured Axial Loads at 100% Engine Load, 800 rpm

A.3 1000 RPM

For 1000 rpm, the cycle averaged axial loads have been presented below with
the confidence intervals curves showing the maximum and minimum values
of axial loads that occured during the engine cycles. It is interesting to note
that at lower engine loads ( 0 and 20 %), the maximum and minimum axial
loads are closer to the average values unlike the trend seen in earlier engine
speeds (600 and 800 rpm). With increasing engine loads, the difference
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between the extremities and the average values tends to increase until the
engine load value of 60 % and on further engine load increase the extremities
get closer to the average values. Looking at the overall trend, the axial loads
are mostly positive (acting from compressor side to turbine side) up to 60%
engine loads with some peaks extending to the negative side (forces acting
from turbine side towards compressor side). It is interesting to note that the
axial loads tend to get positive when the engine loads are increased from 0
% to 20 % at 1000 rpm and then the trend shifts after 20 %, where it is seen
that the axial loads get more negative when the engine loads are increased
from 20 % to 40 % and then the same trend continues till 100 % engine load.
The maximum factored axial load on the negative side peaks just above 69
N which was measured at 100 % engine load and on the positive side it peaks
above 30 N that was measured at 20 % engine load. It is to be noted that
the frequency of oscillations is quite high on the axial loads at 80 % engine
load.

Figure A.13: Measured Axial Loads at Zero Engine Load, 1000 rpm
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Figure A.14: Measured Axial Loads at 20% Engine Load, 1000 rpm

Figure A.15: Measured Axial Loads at 40% Engine Load, 1000 rpm
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Figure A.16: Measured Axial Loads at 60% Engine Load, 1000 rpm

Figure A.17: Measured Axial Loads at 80% Engine Load, 1000 rpm
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Figure A.18: Measured Axial Loads at 100% Engine Load, 1000 rpm

A.4 1200 RPM

Axial loads measured using the strain gauge set up for different engine loads
at 1200 rpm engine speed have been presented in figures ?? to ??. It is
interesting to note that at lower engine loads ( 0, 20 and 40 %), the maximum
and minimum axial loads are closer to the average values. For 60 and 80 %
engine loads, the difference between the extremities and the average values
tends to increase. Looking at the overall trend, the axial loads are mostly
negative (acting from turbine side to compressor side) at 0% engine load
and then the axial loads turn more positive at 20 % engine load. This shift
in trend occurs between 20 and 40 % engine loads, where the axial loads
get more negative again. Beyond 40 % engine load, the axial loads tend
to get more negative with increasing engine loads. The maximum factored
axial load on the negative side peaks just above 88 N which was measured
at 80 % engine load and on the positive side it peaks close to 33 N that
was measured at 20 % engine load. It is to be noted that the frequency of
oscillations is quite high on the axial loads at 40 % engine load.
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Figure A.19: Measured Axial Loads at Zero Engine Load, 1200 rpm

Figure A.20: Measured Axial Loads at 20% Engine Load, 1200 rpm
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Figure A.21: Measured Axial Loads at 40% Engine Load, 1200 rpm

Figure A.22: Measured Axial Loads at 60% Engine Load, 1200 rpm
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Figure A.23: Measured Axial Loads at 80% Engine Load, 1200 rpm

A.5 1400 RPM

For 1400 rpm, the cycle averaged axial loads have been presented below with
the confidence intervals curves showing the maximum and minimum values
of axial loads that occured during the engine cycles. It is interesting to note
that at lower engine loads ( 0 and 20 %), the maximum and minimum axial
loads are closer to the average values. With increasing engine loads, the
difference between the extremities and the average values tends to increase
until the engine load value of 60 % and on further engine load increase the
extremities get closer to the average values. Looking at the overall trend,
the axial loads are mostly negative side (forces acting from turbine side
towards compressor side) at zero engine load and turn positive (acting from
compressor side to turbine side) at 20% engine load and then the trend shifts
back to being more negative at 40 % engine load and the trend continued
until 80 % engine load. The maximum factored axial load on the negative
side peaks just above 90 N which was measured at 80 % engine load and
on the positive side it gets close to 30 N that was measured at 20 % engine
load.
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Figure A.24: Measured Axial Loads at Zero Engine Load, 1400 rpm

Figure A.25: Measured Axial Loads at 20% Engine Load, 1400 rpm
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Figure A.26: Measured Axial Loads at 40% Engine Load, 1400 rpm

Figure A.27: Measured Axial Loads at 60% Engine Load, 1400 rpm
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Figure A.28: Measured Axial Loads at 80% Engine Load, 1400 rpm

A.6 1600 RPM

Axial loads measured using the strain gauge set up for different engine loads
at 1600 rpm engine speed have been presented below. It is interesting to
note that at 0 % engine load, the maximum and minimum axial loads are
closer to the average values. With increasing engine loads, the difference
between the extremities and the average values tends to increase from 20 to
40 % engine load and at 60 % engine load the extremities get closer again.
Looking at the overall trend, the axial loads are mostly negative (acting
from turbine side towards compressor side) up to 60% engine loads with
some peaks extending to the positive values (forces acting from compressor
side towards turbine side). The maximum factored axial load on the negative
side peaks just above 75 N which was measured at 60 % engine load and
on the positive side it peaks above 25 N that was measured at 40 % engine
load.
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Figure A.29: Measured Axial Loads at Zero Engine Load, 1600 rpm

Figure A.30: Measured Axial Loads at 20% Engine Load, 1600 rpm
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Figure A.31: Measured Axial Loads at 40% Engine Load, 1600 rpm

Figure A.32: Measured Axial Loads at 60% Engine Load, 1600 rpm

A.7 1800 RPM

For 1800 rpm, the cycle averaged axial loads have been presented below with
the confidence intervals curves showing the maximum and minimum values
of axial loads that occured during the engine cycles. At lower engine loads
( 0 and 20 %), the measured axial load values are similar in magnitude as
they range between +40 N to -55 N. Looking at the overall trend, the axial
loads are predominantly negative (forces acting from turbine side towards
compressor side) at all engine loads with a few peaks towards the positive
side. The maximum factored axial load on the negative side peaks just above
80 N which was measured at 40 % engine load and on the positive side it
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gets close to 38 N that was measured at 0 % engine load.

Figure A.33: Measured Axial Loads at Zero Engine Load, 1800 rpm

Figure A.34: Measured Axial Loads at 20% Engine Load, 1800 rpm
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Figure A.35: Measured Axial Loads at 40% Engine Load, 1800 rpm

A.8 2000 RPM

Axial loads measured using the strain gauge set up for different engine loads
at 2000 rpm engine speed have been presented below. The cycle averaged
axial loads have been presented with the confidence intervals curves showing
the maximum and minimum values of axial loads that occured during the
engine cycles. It is interesting to note that maximum and minimum axial
loads are closer to the average values for all the load cases. Looking at
the overall trend, the axial loads are predominantly positive (acting from
compressor side to turbine side) for all the engine loads measured with some
peaks extending to the negative side (forces acting from turbine side towards
compressor side). It is interesting to note that the axial loads range between
+88 N to -25 N at 40 % engine load. The maximum factored axial load on
the negative side peaks just above 25 N which was measured at 40 % engine
load and on the positive side it peaks above 88 N that was measured at all
the three loading consitions (0, 20 and 40 % engine load).
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Figure A.36: Measured Axial Loads at Zero Engine Load, 2000 rpm

Figure A.37: Measured Axial Loads at 20% Engine Load, 2000 rpm
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Figure A.38: Measured Axial Loads at 40% Engine Load, 2000 rpm

A.9 2200 RPM

Axial loads measured using the strain gauge set up for different engine loads
at 2200 rpm engine speed have been presented below. Looking at the overall
trend, the axial loads are mostly positive (acting from compressor side to
turbine side) up to 40% engine loads with some peaks extending to the
negative side (forces acting from turbine side towards compressor side). It
is interesting to note that the axial loads tend to get negative when the
engine loads are increased from 0 % to 40 % at 2200 rpm. The maximum
factored axial load on the negative side peaks just above 25 N which was
measured at 40 % engine load and on the positive side it peaks about 83 N
that was measured at 0 % engine load.

82



Figure A.39: Measured Axial Loads at Zero Engine Load, 2200 rpm

Figure A.40: Measured Axial Loads at 20% Engine Load, 2200 rpm
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Figure A.41: Measured Axial Loads at 40% Engine Load, 2200 rpm

A.10 2400 RPM

For 2400 rpm, the cycle averaged axial loads have been presented below with
the confidence intervals curves showing the maximum and minimum values
of axial loads that occured during the engine cycles. Looking at the overall
trend, the axial loads are predominantly positive (acting from compressor
side to turbine side) with a few peaks being negative. Increasing the engine
load increases the tendency of the loads to get more negative as seen in the
plots for 0 and 20 % engine loads. The axial loads on 40 % engine load
are not actually real due to the fact that the applied engine load was not
of that magnitude. The maximum factored axial load on the negative side
peaks just above 13 N which was measured at 20 % engine load and on the
positive side it gets close to 88 N that was measured at 0 % engine load.
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Figure A.42: Measured Axial Loads at Zero Engine Load, 2400 rpm

Figure A.43: Measured Axial Loads at 20% Engine Load, 2400 rpm
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Figure A.44: Measured Axial Loads at 40% Engine Load, 2400 rpm
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