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Abstract

Requirements today for machines have moved beyond functionality into
efficiency and reliability, gears are no exception. The presented work focuses
on the analysis of the measurement, evolution and effect of running-in on gear
drives from a surface roughness and efficiency point of view. With no consen-
sus on a definition or observation of running-in of gear drives, measurements
of both efficiency and surface transformation during the predefined running-in
is explored. A verified methodology on how to separate form, waviness and
roughness is presented. Two finishing methods, namely generation ground
and superfinished, are analyzed in terms of efficiency and surface characteris-
tics as manufactured, after running-in and after efficiency testing in order to
determine the effects of load level during running-in.

Results show that separation of form can be achieved with a carefully
chosen polynomial, while waviness is more subject to how the user defines
a cut-off wavelength for the surface roughness. Ground gears show distinct
smoothening in terms of surface roughness at high running-in load, and no
general trend for low load. This behavior is also reflected in the efficiency
since higher loads gave overall lower efficiency after running-in when com-
pared to lower loads. Superfinished gears in contrast show no running-in ef-
fects in terms of efficiency. Additionally, ground gears exhibit general change
in friction and surface roughness during the first cycles of running-in when
analyzing high load. Overall gains in efficiency can be obtained from running-
in; however, at most speeds improvements from polishing a surface, in this
case superfinishing, proved to lead to higher efficiency.

Keywords: running-in, surface transformation, efficiency, gears, ground, su-
perfinished
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Sammanfattning

I dagens samhälle har kraven på mekaniska produkter ökat från att ba-
ra gälla funktion. Vi förväntar oss även att maskiner ska vara effektiva och
tillförlitliga. Detta gäller även kugghjul. Arbetet som presenteras i denna av-
handling fokuserar på mätning av kuggväxlars inkörning samt studier av in-
körningens inverkan på ytjämnhet och effektivitet. I avsaknad av konsensus
om hur inkörning av kuggväxlar ska definieras och observeras har mätningar
av både ytförändringar och verkningsgrad utförts. En verifierad metod för
att separera form, vågighet och ytjämnhet från ytmätningar presenteras. För
att undersöka inverkan av belastningsnivå och slutbearbetningsmetod stude-
rades inkörning av dels slipade och dels finpolerade kugghjul efter tre olika
inkörningsstadier; helt okörda ytor, efter en inkörningscykel samt efter ett
effektivitetstest. Under experimenten uppmättes verkningsgrad och ytföränd-
ringar.

Resultaten visar att formen kan separeras från ytmätningar genom att
använda ett noggrant valt polynom medan vågigheten är mer känslig för hur
användaren definierar en cut-off-våglängd. Slipade kugghjulsytor blir påtagligt
jämnare efter inkörning vid höga laster men visar inga tydliga förändringar
vid låga laster. Detta beteende återspeglas även vad gäller verkningsgraden,
där högre belastningar gav högre effektivitet efter inkörning jämfört med lägre
belastning. I motsats till detta visade det sig att polerade ytor inte påverkades
av inkörningen. Därutöver visade testerna att huvuddelen av förändringarna
i friktion och ytjämnhet hos slipade kugghjul vid körning under hög last sked-
de under inkörningens första cykler. Generella effektivitetsvinster kan erhållas
genom inkörning, men vid de flesta hastigheterna visade det sig att finpole-
ring av kugghjul gav ännu bättre verkningsgrad.

Nyckelord: inkörning, yttransformation, verkningsgrad, kugghjul, slipade, fin-
polerade
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Nomenclature

αw Working pressure angle
p̄ Mean Hertzian pressure
p̄ Mean contact pressure
βb Helix angle
∆Ra Change in Ra from running-in
η0 Dynamic viscosity
ηi Position in z for the center of curvature
ηMesh Mesh contact efficiency
µ(x) Instantaneous coefficient of friction
µm Mean coefficient of friction of gear mesh
µSKFAlt Alternate mean coefficient of friction for rolling bearings
µSKFeasy Alternate mean coefficient of friction for rolling bearings
µsl Sliding friction coefficient for roller bearings
ν Kinematic Viscosity
ω Angular velocity
Φish Inlet shear heating reduction factor
Φrs Kinematic replenishment reduction factor
ρi Radius of curvature
ε1 Partial contact ratio of pinion AC/pb

ε2 Partial contact ratio of wheel CE/pb

εα Contact ratio AE/pb

ϕbl Weight factor for sliding friction coefficient equation
ξi Position in x for the center of curvature
A Start of active profile on the line of action
b Gear width

ix



x CONTENTS

C Pitch point on the line of action
D External diameter for roller bearing
dm Mean diameter for roller bearing
E End of active profile on the line of action
E∗ Equivalent Young’s modulus
Fa Axial force on bearing
Fc(x) Instantaneous contact force
FN (x) Instantaneous normal force
Fr Radial force on bearing
Fcmax Max contact force
Grr Rolling friction function for bearing
Gsl Rolling friction parameter for bearing
Kz Constant depending on bearing type
Krs Repleneshment/starvation factor
Mrr Torque loss from rolling friction in a bearing
Msl Torque loss from sliding friction in a bearing
n RPM of rotating body
nb Number of bearings
p0 Maximum Hertzian pressure
pb Base pitch
PBearingLoad Load dependant power loss for a specific bearing
PBearingTotal Equivalent torque loss from all bearings
PLoadInd Load independent gearbox power loss
PLoad Load dependent gearbox power loss
Pmesh Gear contact power loss
PTotalLoadBearing Total Load dependant power loss for all bearings
PTotalLoadGear Load dependant power loss for a specific bearing
Ptotal Measured power loss
PTrans Transmitted power in gear mesh, T1ω1

R1 Rolling constant based on bearing type
rb Base circle radius
Req Equivalent radius
S1 Sliding constant based on bearing type



CONTENTS xi

S2 Sliding constant based on bearing type
Tdrag Viscous drag torque component of bearing loss torque
Trr Rolling torque component of bearing loss torque
Tseal Seal torque component of bearing loss torque
TSKF Total bearing loss torque
Tsl Sliding torque component of bearing loss torque
u Gear ratio
V+ Entrainment speed
vs(x) Instantaneous sliding velocity
vt Pitch tangential velocity
Vw Wear Volume
x Distance from the pitch point along the line of action
z1 Number of teeth on the pinion
Subscripts
1 pinion
2 wheel





Chapter 1

Introduction

Gears are everywhere, from the international space station to deep sea oil drills, and
their function and reliability are an integral part of our daily lives. Other transmit-
ting machine elements such as belts, chains, and friction discs are widely prevalent,
but it’s the gear’s ability to transmit power in a very compact and efficient way
that makes it far more popular, specifically in vehicles, high power machinery, heavy
equipment, etc. Perhaps some of the earliest toothed gears were rudimentary discs
with pins sticking out. These would usually be placed at 90 degrees from each other
and would then transmit rotary motion from power sources, such as water mills, to
other tools. Gears rapidly evolved since the dawn of the industrial revolution and
have since been constantly researched in terms of materials, efficiency, tolerances,
and wear.

Due to the proliferation of gears in so many different applications, there has
been a need to further understand their characteristics in order to design them for
evermore harsher and more demanding conditions. These conditions not only need
to stem from the environment and system the gears are operating in, but laws,
safety, comfort etc., are also criteria that need to be taken into consideration when
designing and operating a gearbox.

With an ever increasing need to improve power efficiency as well as life and
reliability and simultaneously reduce noise, research in gear drives is ongoing. Even
though, for example, gear efficiency is extremely high, a tenth of percent in increased
efficiency over the lifetime use of gearboxes would amount to a significant reduction
in energy usage due to their widespread use. A decrease in volume would allow
other auxiliary systems to be installed, yielding perhaps better comfort and noise
reduction. A decrease in weight would, in the case of vehicles, amount to significant
savings in fuel, and hence environmental costs over the life of the vehicle. The
research presented in this thesis is performed with the aim to contribute to the
improvement of gear performance as mentioned above.

1



2 CHAPTER 1. INTRODUCTION

1.1 Objectives

The objective of this thesis is to propose an optimized running-in procedure in
terms of efficiency and life.

1.2 Research questions

The main research question for this thesis is:

What is running-in and how can we observe, analyze and understand the running-
in of gears, and with this knowledge, to a certain extent, predict running-in.

In the present work, this main question has been decomposed into the following
sub-questions:

• How can changes in surface topography in gears be measured in situ?

• How can roughness be separated from form and waviness from a measured
topography?

• Do the efficiency and surface topography change in different manners due to
different loads at running-in when comparing superfinished and ground gears?

• How does the surface topography and efficiency evolve during the running-in
period?

1.3 Thesis outline

Chapter 1 gives a short introduction to gears and why gear research is important
today. Chapter 2 presents the background material for the thesis. Chapter 3
concentrates on the frictional aspect of running-in, i.e. efficiency testing, and effects
of running-in on friction. Chapter 4 focuses on the surface topography aspect of
running-in of gears i.e. as the measurement techniques and results of running-in
from this aspect. Chapter 5 is a summary of all appended papers. Chapter 6
includes overall discussion and conclusions from previous chapters.

1.4 List of appended publications

Below is a list of appended papers chosen to be compiled for this thesis. As well as
the division of work for each one.

Paper A
Mario Sosa, Stefan Björklund, Ulf Sellgren, Ulf Olofsson. "In situ surface
characterization of running-in of involute gears". Wear (2015) doi:10.1016



1.4. LIST OF APPENDED PUBLICATIONS 3

/j.wear.2015.03.008.

The author planned and carried out the experimental work and the writing.
The author did most of the evaluation and paper writing.

Paper B
Sören Sjöberg, Mario Sosa, Martin Andersson, Ulf Olofsson. "Analysis of
efficiency of spur ground gears and the influence of running-in". Tribology
International (2015) doi:10.1016/j.triboint.2015.08.045

The author contributed to most of the experimental work and participated in
the evaluation of the results and the writing with the other authors.

Paper C
Martin Andersson, Mario Sosa, Ulf Olofsson. "The effect of running-in on the
efficiency of superfinished gears". Tribology International (2015)
doi:10.1016/j.triboint.2015.08.010

The author contributed to most of the experimental work and participated in
the evaluation of the results and the writing with the other authors.

Paper D
Mario Sosa, Stefan Björklund, Ulf Sellgren, Ulf Olofsson. "In situ running-in
analysis of ground gears". To be submitted to a scientific journal.

The author planned and carried out the experimental work and the writing.
The author did most of the evaluation and paper writing.

List of publications not included in this thesis:

• Martin Andersson, Mario Sosa, Sören Sjöberg, Ulf Olofsson. "Effect of assembly
errors in back-to-back gear efficiency testing". International Gear Conference, Au-
gust 26–28 2014, Lyon, France.

• Xinmin Li, Mario Sosa, and Ulf Olofsson. "A pin-on-disc study of the tribol-
ogy characteristics of sintered versus standard steel gear materials". Wear (2015).

• Mario Sosa, Stefan Björklund, Ulf Sellgren, Anders Flodin, Michael Andersson.
"Gear Web Design with focus on Powder Metal". (2013) International Conference
on Gears In VDI-Berichte 2199.1-2

• Xinmin Li, Mario Sosa, Martin Andersson, Ulf Olofsson. "A study of the efficiency
of spur gears made of powder metallurgy materials – ground versus super-finished
surfaces". (2015) To be submitted.





Chapter 2

Background

This chapter provides a background to several topics which the author has chosen
pertaining the running-in of gears.

2.1 Stribeck curve and concentrated contact friction

Since most gear drives are lubricated in some form, one way to classify the gear
contact is based on its lubrication regime. Traditionally, these regimes are denoted
as boundary, full film and mixed. They are defined as follows:

• Boundary lubrication regime: In this regime, the load is carried by the con-
tacts between asperities.

• Full film regime: In this regime, a full separation between asperities occurs
and hence the contact’s behavior is denominated by the lubricant properties.

• Mixed regime: This regime is a mix of both previous regimes in which both
the asperities and lubricant play an important role for the behavior of the
contact.

Perhaps the most known diagram associated with the different regimes is the
Stribeck curve [1]. The Stribeck curve was originally devised as a graph relating
the velocity with the friction of hydrodynamic bearings. This being a conformal
contact is not of much interest for gears, except as a starting point for understanding
the different regimes. Schipper [2] devotes his entire thesis to the analysis of the
transition of lubrication regimes for concentrated contacts, where he describes a
friction curve for these. A comparison between both curves can be seen in figure
2.1. The differences in these curves result from the decrease in friction when entering
the full film in concentrated contacts due to thermal effects [3].

5



6 CHAPTER 2. BACKGROUND
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Figure 2.1: Comparison between the traditional Stribeck-curve and the concen-
trated contact friction curve [1] [2]

2.2 Contact related gear failures

The lubrication regime the gear is subject to is a key factor in determining the dif-
ferent contact failure modes in gear drives, in essence what gear drives are designed
against. Some of the most prominent failure modes are described below.

Pitting is a failure mechanism which occurs on surfaces of contacting gears due
to repetitive loading and unloading during operation. It can be characterized as
a shallow crater on the gear surface, which if too extensive causes malfunction of
the gear drive. Pitting has been shown to be highly correlated to surface roughness
and film thickness [4, 5]. An example of pitted surface is shown in figure 2.2.

Figure 2.2: Example of pitted surface.

Micro pitting is a condition characterized by a gray area, usually below the pitch
line. The cause of micro pitting is unknown, (but there seems to be a correlation
between heavily loaded, case carburized and surface roughness playing a part in
this phenomena). An example of a micro pitted tooth from a pitting test is shown
in figure 2.3.
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Figure 2.3: Example of micro pitted surface.

Figure 2.4: Example of a scuffed surface [6].

Scuffing is a failure mode caused by adhesive wear due to asperity welding and
is a result of a combination of high load, high sliding speed and lubrication or
tribolayers. Usually these conditions arise in a mixed lubrication regime.

2.3 Gear lubrication

Lubrication in machine elements is a vast subject; however, only an introduction
on lubricants and additives is presented here. For gears lubricants have three main
functions, reduce the coefficient of friction, evacuate heat from contacting bodies
and inhibit corrosion. In general, depending on whether the contact is in the bound-
ary, mixed or full film, the behavior and role of the lubricant will change. In the
boundary regime lubricant mainly serves as a transporter of additives and heat. In
the full film regime lubricant shear properties and load carrying, its film forming
ability/capability, capacity are of paramount importance since these properties en-
able the proper separation of surfaces. In the mixed regime both properties need
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to be balanced to achieve a proper usage in terms of life and performance.
During the running-in phase both the base oil and the additives play a crucial

role in the evolution of the contacting bodies. The base oil’s load carrying capacity
determines which lubrication regime the gears are operating in and is hence im-
portant for the probability of collision between asperities (of the rough contacting
bodies). Common base oils for gears are: mineral, polyalphaolefin (PAO), polyalky-
lene glycol (PAG), polyol ester, etc.

Additives, in highly loaded contacts, have a key role in changing the surface
chemistry and hence change both wear and friction behavior of the surfaces. Dorin-
son and Ludeman [7] classify lubricant additive action in the following categories:

• Interposed films: These films are "formed on the bounding surfaces and in-
terpose a barrier to their direct contact".

• Interaction films: Formed from "the chemical reaction of the additive and the
surface material". This film is formed by chemical bonds between the surface
material and the additive.

• Asperity growth inhibition: This action is performed at the initial contact of
the surface and interrupts the microwelding of asperities.

Traditionally however, lubricant additives for gears have not been classified
by their actions but by their role in inhibiting or promoting a specific property.
Antiwear additive, for example, attempt to reduce the amount of wear by reacting
with the boundary layer and extreme pressure additives aim to inhibit seizure.

2.4 Wear and running-in of gears

One of the first full works on running-in of gears was presented by Andersson [8] and
later in [9, 10]. These works partly focused on the running-in comparison between
hobbed gears and shaved gears. The methodology included surface characterization
and oil samples during the running-in cycle. For hobbed gears Andersson states
an initial roughness (Ra of 0.65 µm, Rt value of 4 µm, 30CrMo12 as material, and
initial hardness of 250 HB) decrease by 7-16% after running at 430 MPa at 4000
and 2000 rpm (30 and 15 m/s) for 0.3 x 106 cycles. Having the same hardness,
and material; but an Rt value of 2 – 2.5 µm, the shaved gears showed no sign of
running-in. Both these results are derived from both oil particle measurements and
surface roughness measurements. Andersson concludes that even at high speeds,
4000 rpm (30 m/s), still asperity to asperity contact occurs, and wear is relatively
small.

Flodin is one of the first to address the subject wear of gears in both a theoret-
ical and experimental setup [11]. Flodin combined a Winkler contact model with
Archards wear law to simulate mild wear on a gear tooth, both for a helical and a
spur gear. An example of wear model result shown in figure 2.5. In his experimen-
tal setup Flodin used a FZG back-to-back test rig to observe mild wear in C-type
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gears. After running the gears for 128 hours a comparison between simulation and
experiments is made. He concludes that sliding distance is the most important
factor and this is part of the Archards wear law.
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Figure 2.5: Theoretical wear development of a wear model [11].

Continuation of Flodin’s work has been further expanded by Bajpai et al. [12,13]
and included in Ding’s work [14]. Bajpai’s work combines Flodin’s approach to use
Archards wear model with the use of Vijayakar’s contact model [15] in gears. Bajpai
concludes that his methodology agrees well with experimental data, and stresses
the importance of gear tooth modifications; specifically the total involute mismatch
and total involute crowning: “the wear results were shown to vary exponentially
with the involute mismatch of contact surface slopes. . . maximum wear depth in
the addendum and dedendum regions can be balanced if the negative of the total
mismatch is equal to the value of the total involute crown” [13]. Ding’s work further
builds on this wear model and studies the effect of wear on the dynamics of a gear
mesh.

An approach focused on twin disc experiments and simulation to predict running-
in of gears is taken by Akbarzadeh and Khonsari [16–18]. Simulation of running-in
is developed based on a line contact which includes the influence of both asperities
and lubricant. This simulation is performed along the line of action of a partic-
ular gear mesh. Based on over 2000 parametric results a formula to determine
running-in was fitted.

Experiments were mostly performed on a twin disc machine in which rollers
with different hardness were tested at different operating conditions and their wear
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rates, and surface roughness were compared. From the simulation and experiments
results they summarize:

“A remarkable output of this simulation corresponds to the idea of
optimized operating conditions. It is observed that corresponding to
each applied load, there is a value of speed which results in minimum
arithmetic average of asperity heights at the end of running-in period.”
[16]

More recently Sjöberg’s work [19] studies running-in by focusing on manufac-
turing methods, by combining contact simulations with surface roughness measure-
ments. Sjöberg concludes that the manufacturing methods drastically change the
real contact area ratio and hence its running-in. Sjöberg also shows a great im-
provement in scuffing resistance with the addition of manganese phosphate, and
suggests this as a possible coating for running-in.

2.5 Defining running-in and general conclusions from
literature

Perhaps one of the most eluding questions the author has come across is: “What is
running-in?” The author has found no consensus on a definition, but will summarize
some of the definitions from leading experts in the fields of gear technology, surface
topography, chemistry, tribology, etc.:

• when the wear rate has reached some equilibrium

• flattening of asperity peaks after a given number of cycles

• when the friction and wear have reached a steady state

• a system characteristic in which surfaces have conformed to one another

• the initial cycles the machine is operated

• a process which smoothens a surface and allows the tribochemistry of the oil
to react at the contacting surfaces

Peter Blau is perhaps one of the most prolific writers and researchers in ana-
lyzing running-in, so it is of no surprise that he has also defined running-in. In
his book Friction and Wear transitions of materials: break-in, run-in, wear-in [20]
Blau defines the following terms:

• Running-in: “...the process which occurs prior to steady state when two or
more solid surfaces are brought together under load and moved relative to
one another. This process is usually accompanied by changes in macroscopic
friction of force and/or rate of wear.”
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• Running in (no hyphen) as to “impose a set of conditions on a tribosystem
to reduce the time required to achieve a steady state, improve long term
performance, and/or to cause a state of geometric conformity to exist at the
contact surfaces of that system. . . there can be run in for friction or wear.”

• Break-in is defined as the same as running-in.

• Wear-in as “those wear processes which precede the acquisition of steady state
rate of wear".

• Wear in as “to run in specifically for wear conditioning”.

Figure 2.6: Wear development process during running-in according to Wu [21].
Shows the initial contact between two surfaces resulting in a concentrated contact,
and leading to a elastic and plastic regime. Once a relative movement between
the surfaces is set two possibilities may occur, wear of the surface or some sort of
damage/transformation.

Some authors have also been in accordance with Blau, for example Bengtsson
and Rönnberg [22], Jeng, Lin, and Shyu [23], Zhang et al [24]; while others such
as Wu and Zheng [21], Shirong and Gouan [25], Ishibashi and Hoyashita [26] have
omitted to define running-in; and finally others have similar definitions as the ones
presented by the authors above, Chowdhury et. al [27], Rowe et. al [28], Nogueira
et. al. [29], Jamari [30], Ismail [31], van Drogen [32], Bosman [33]. All these
authors have studied running-in from a general point of view and have come to one
or multiple general conclusions about the phenomenon:
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• running-in involves some kind of asperity reduction [22], [23] [21] [27] [28] [34]
[20] [35]

• surface parameters can serve as a guide for running-in [23] [21] [24]

• plastic deformation of asperities is in someway present during running-in [27]
[30] [36] [21]

• initial surface roughness plays a crucial role [26] [34] [24]

• tribochemistry plays an important part in running-in [35] [33]

An example of a description of the wear mechanism during running-in by Wu
and Zheng is shown in figure 2.6. This figure summarizes clearly a possible surface
transformation component of running-in, comprising of wear, plastic deformation
and possible damage mechanism. The figure shows what occurs during normal load-
ing of a concentrated contact with a small area being both elastically and plastically
deformed. Once the tangential traction happens two outcomes can occur, surface
damage of the surface and/or wear particles being dislodged from the contacting
surface.

2.6 Introduction to gear geometry

Most gears, as we know today, have a specific shape, namely an involute profile.
The shape was used for the first time in gears by Euler in the 17th century [37].
The involute profile has the following advantages compared to other profiles:

• Easy manufacturing from a generation cutter

• Ability to transmit angular velocity uniformly

• Changing the center distance between gears does not change the ability to
transmit angular velocity uniformly

• Nominally high efficiency

An involute is a specific profile which can be defined by this parametric equation:

x = rb(cos(φ) + φ sin(φ))
z = rb(sin(φ) − φ cos(φ))

(2.1)

in which rb is the base circle radius, and φ is the roll angle. This shape allows the
gear profile, as mentioned earlier, to be generated from a straight line translating,
as the blank rotates.

The mating of involute profiles provides a transmission which normally has a
point in which there is no sliding, denoted as the pitch point, and positive and
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negative sliding proportional to the distance from this point. This sliding is the
cause for most of the losses and loss of life in gear drives, but is inevitable in order to
maintain a uniform transfer of motion from one gear to the next. Throughout this
thesis the gear mesh will be assumed as a contact involving metals and a lubricant.

2.7 Correlation between surface topography and
manufacturing

The dreams of engineers need to be created by some physical means, be it forg-
ing, cutting, welding, deposition, etc. These means, however, leave wanted (or
unwanted) traces of the techniques used in generating an object. The traces are
usually from a combination of tooling and machine kinematics used when form-
ing the object. Gears are no exception, and special care needs to be taken on its
contacting surfaces.

Topography is the three dimensional characterization of a surface’ s geometry,
and its features depend on the method of generation. Turning for example leaves
repetitive scallops which its geometry depends on the feed of the lathe, the speed
of rotation of the chuck, the geometry of the tool, the material being cut, etc. In
gears a hobbing will also produce scallops but these will be less repetitive along the
tooth flank due to the generation kinematics. These surface features make up the
surface topography and characterizes its shape. The surface topography is a major
parameter to be taken into consideration when analyzing the surface endurance due
to their size in relation to the contact size.

2.8 Surface generation methods

Generation grinding is a finishing method which is used where stringent geometri-
cal tolerances are necessary to ensure optimal performance and life. The process
involves utilizing an abrasive worm wheel which moves tangent to the surface,
grinding away excess material. This produces a surface lay which is parallel to the
grinding direction, and in the case of spur gears makes transverse grinding marks
with respect to the gear contact as shown in figure 2.7.

The gear specimens in this paper were first ground, all in the same batch, and
later superfinished. Superfinishing in this thesis refers to a chemical mechanical
process in which the gears undergo decreased surface roughness but still keeping
their geometrical and micro-geometrical properties. The process starts from a fin-
ished gear shape immersed in some form of weak acid which tries only to act on the
surface layer. Along with these weak acids hard particles are added which will later
serve to polish the surface. Once the reaction has started the solution, abrasive
particles and components are vibrated at high frequency enabling the burnishing
of the surfaces. The process continues until the desired surface quality is achieved.
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Figure 2.7: Schematic of surface lay produced from generation grinding. [19]

2.9 Concepts separation of form, waviness and roughness

Lemuel Gulliver (from Gulliver’s Travel) is probably one of the fictional characters
who could explain best how form, waviness and roughness are all a matter of size
and who observes them. And just like for Gulliver different points of view exist
in contact analysis, topography analysis, production, design, quality, etc. which
denote form, waviness, and roughness differently. Tom Thomas [38], also describes
this phenomenon:

“... no generally agreed wavelength which divides roughness from waviness, it is
a matter of subjective assessment.” [38]

However, Thomas subjectively divides form, waviness and roughness based on hav-
ing the long wavelengths associated with form errors, and the shortest wavelengths
with roughness (waviness being in between these two). It is however important
to understand that depending on the form and waviness filtering method used,
surface roughness results can vary substantially from one user to the next. Even
more important, for roughness data to be used in an engineering context, the user
must understand the techniques used to remove the different components from the
surface topography and hence how these components in the end will be used. In
general terms form, waviness and roughness can be schematically represented as
described in figure 2.8.

2.10 Background to efficiency of gears

Different parameters affecting gear efficiency, such as gear geometry, lubrication,
additives, surfaces, etc., have been studied for decades. The first instance the au-
thor has found on an analytical decomposition of gear efficiency with respect to
the line of action is by Leutwiler [39]. Classical work by Benedict Kelley [40] first
explored the instantaneous coefficient of friction during gear contact, and includes
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Figure 2.8: Schematic of form, waviness and roughness and separation of each
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interesting discussions by Hersey and Blok. In 1978 Martin [41] reviewed friction
prediction methods for gears and reports a reasonable correlation in EHD predic-
tion models but not so strong in the mixed regime. More importantly acknowledges
the large scatter in friction due to misalignment and dynamic loads and hence sug-
gests a safety factor of 1.5 to 2 when predicting friction. Rebbechi, Oswald and
Townsend [42] tackled the effect of dynamic loads on friction. They conclude that
it is more difficult to predict the dynamic coefficient of friction when compared
to static friction. Hinterstoißer et. al. [43] compare different methods to increase
efficiency of gears and concludes a reduction of up to 50% of power losses is pos-
sible, and acknowledges that a compromise is needed between increased efficiency,
load carrying capacity and noise. Overall gear losses have been divided into load
dependent and load independent losses by several authors.

In terms of load dependent losses several authors have studied numerous param-
eters. Fernandes et. al. [45, 46], focus mainly on gear oil formulation to increase
efficiency in an FZG back-to-back configuration, and concludes that the tested
polyalkylene glycol (PAGD) exhibits the lowest friction in speeds from 200-1200
rpm and loads of up to 900 MPa. Marques et. al. [47] show similar conclusions
as Fernandes. Castro et. al. [48] study the correlation between twin discs and
gears and finds poor correlation in the mixed regime. Xu [49] analyses previous
friction models and uses a WAM (Wedeven Associates Machine) to develop a new
friction model. He uses these results in parallel axis and hypoid gears and finds
"commendable" correlation to experimental data. Doleschel et. al. [50] analyze
twin disc and gear friction data while comparing mineral and synthetic oils and
shows lower friction values for twin discs than gear mesh, as well as lower friction
for synthetic oils. These authors also develop a method to test the efficiency of
different lubricants [51]. Diab et. al. [52] develop a gear loss model and use friction
data from twin discs as input into this model. They conclude that slight deviations
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Figure 2.9: Power losses versus speed in a rear axle transmission at two different
loads [44].

in proposed models lead to significant differences in power loss. Ville et. al. [53]
analyze the effect of the geometrical modification, tip relief, in terms of efficiency
and show an increase in efficiency due to profile tip modification.

Kahraman [44], shows a clear example on the distribution of power loss sources
comparing two loads see figure 2.9. The left figure, low load, shows a considerable
amount of power loss (greater than 60%) from bearings and drag; while the higher
load (right figure) shows a considerable amount of power loss from the gear mesh
(over 60% over all speeds).

A limited number of authors have addressed the effect of surface topography on
efficiency of gears. Britton et. al. [54] compare a rough surface and a superfinished
surface with the later resulting in 30% lower frictional torque at 5000 rpm and a
10 ℃ lower bulk temperature. Petry-Johnson et. al. [55] compare different number
of teeth as well as different surfaces, and show a higher efficiency improvement with
more teeth.

In terms of load-independent losses, i.e. churning and windage losses, several
works have analyzed different aspects. Changenet and Velex [56] developed a model
to predict churning losses in automotive transmissions, and noted the dependency
of speed, viscosity and temperature at high speeds. Seetharaman et. al. [57,58] also
analyze and develop a model and validation to predict churning losses. This model
contradicts the experimental results presented by Changenet and Velex in terms
of dependence of viscosity. Vollmer et. al. [59] dedicate part of their analysis of
thermal power losses due to load-independent losses and use another model based
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on constants derived from experimental work.

2.11 Gear surface measurement and effects

Gear measurement techniques are normally dominated by commercial providers
of GMM (Gear Measuring Machines), and hence their methods are proprietary
in nature; however, a few authors have discussed different methods to measure
and postprocess gear suface measurements. Lotze and Haertig explore the use of
CMM (Coordinate Measuring Machine) for measuring gear flanks with reference
to a rotational axis and the use of an optimization procedure, but do not inspect
the surface topography [60]. Gao et. al. [61] develop a mathematical model to
determine the minimum number of points needed to define a gear profile. Goch [62]
extensively studies different methods to inspect gears and their limitations, with
no reference to in situ measurement techniques. Amini et. al. [63] attempts to
correlate gear topography measurements, in terms of spectral analysis, with gear
noise and attributes gear noise to ondulations on the gear surfaces. Andersson [8]
measures gear surfaces in situ with a profilometer with a skid to extract the Rz
parameter.





Chapter 3

Efficiency aspect of running-in

This chapter summarizes the testing method and results for the efficiency aspect
of running-in.

3.1 Back-to-back gear test rig

An FZG back-to-back test rig, see figure 3.1, is used throughout this research in
order to analyze the different aspects of running-in. The back-to-back setup consists
of two gearboxes (#1 and #3) which are connected to each other, wheel to wheel,
pinion to pinion, forming a power loop between them. Additionally a motor (#5)
is connected to the wheel of one of the gearboxes, denoted as the slave gearbox
(#3), provides the losses generated in the power loop. In effect both gearboxes
transmit power to one another, like a motor and a generator coupled together. In
order to measure the power accurately a torque sensor (#4) is placed between the
motor and (wheel) the slave gearbox. To add a torque into the power loop, torque
is applied to the torque clutch (#2) by means of weights and a lever arm.

3.2 Gear specimen geometry

The gear geometry used in all these tests is the same as the standard FZG C-
Pt gears except that the gears tested also have tip relief. Gear parameters are
presented in table 3.1.

3.3 Lubrication

Both gearboxes were dip lubricated with a commercial truck gearbox oil, a polyal-
phaolefin (PAO) with a density of 837 kgm−3 and with nominal viscosities of
64.1 cSt at 40 ℃ and 11.8 cSt at 100 ℃. An amount of 1.5 liters of lubricant
was utilized in both gearboxes. The oil level was up to the center of the shafts. It

19
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Figure 3.1: Schematic of the FZG back-to-back test rig. #1 test gearbox, #2 load
clutch which enables the torque loading inside the power loop, #3 slave gearbox,
#4 torque sensor, #5 motor

was measured to be 103 mm up from the bottom of gearboxes. The lubricant was
filtered through a filter with a pore size of 8 µm before it was used.

3.4 Sensors, parameter control and assembly scatter

The information presented below is a summary of results by Andersson, Sosa,
Sjöberg and Olofsson [64].

The back-to-back gear setup contained several sensors which varied in range,
accuracy and resolution. Overall the back-to-back gear test rig can be used at
controlled oil temperatures of 30-120 °C, inside power loop torques of 0 to 1000
Nm, speeds of 50 to 3500 rpm of the wheel, and gears with a center distance of 91.5
mm. Specifically these parameters are measured the following way:

• A PT-100 sensor on each gearbox was used to control the oil temperature.
Nominal temperature control was ± 3 °C, unless stated otherwise.

• Full bridge strain gages are used to measure the inside power loop torque.
The range of measurements for the strain gage is the same as the test rig
loading.

• A torque meter is used to measure the outside power loop torque. This
measures torques from 0-20 Nm, and has a measurements uncertainty of 0.08
Nm.

• The speed was measured by the motor encoder. It had an overall spread in
speed of ± 2 rpm.

In terms of assembly, results from efficiency testing [64], show that low speed
has a large scatter. Scatter at high speeds is dominated by the amount of oil,
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Table 3.1: Modified FZG C-Pt parameters.

Parameter Standard Modified Unit
Centre distance a 91.5 mm
Face width b 14 mm

Pitch diameter dw1 73.2 mm
dw2 109.8 mm

Tip diameter da1 82.46 mm
da2 118.36 mm

Module mn 4.5 mm

Number of teeth z1 16
z2 24

Addendum modification factor x1 0.18
x2 0.17

Pressure angle α 20 °
Working pressure angle αw 22.44 °
Helix angle β 0 °

Tip relief Ca1 0 20 µm
Ca2 0 20 µm

Starting diameter for tip relief dg1 0 80.3 mm
dg2 0 115.9 mm

Lead crowning Cb1 0 µm
Cb2 0 µm

Quality class DIN 3965 - ≤ 5 -

Material - 16MnCr5 -

and preheating time has a large effect on mean efficiency and scatter; while other
parameters such as loading the inside power loop torque do not change the scatter
nor the mean efficiency. Note that with the use of the full bridge strain gage in the
inside power loop torque guarantees that the loading is at the right level.

3.5 Calculation of efficiency and friction

In the interest of determining the mean friction from a back-to-back configuration
following equations are used:

PTotal = PLoad + PLoadInd (3.1)

PLoad = PTotalLoadBearing + PTotalLoadGear (3.2)

of which PLoad and PLoadInd are the load dependent and load independent
power losses, while PTotal is the total power loss. PLoad can be further decomposed
into bearing and gear power load dependent power losses, PTotalLoadBearing and
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PTotalLoadGear. The total bearing load dependent losses can be estimated based on
the summation of the contribution of each of the bearings.

PTotalLoadBearing =
nb∑
i=1

P iBearingLoad (3.3)

Each load dependent bearing power loss can be calculated based on the equation
below taken from the SKF general catalogue [65].

P iBearingLoad = (T iSKF )ωi (3.4)

By measuring directly the input torque for the load dependent and independent
power loss, and calculating the total load dependent bearing power loss based on the
equations above, PTotalLoadGear can be solved for, as done previously by Vollmer
et. al. [59]. Hence the gear power loss for a specific gear mesh can be calculated as
follows, assuming that both gearboxes contribute to the same power loss:

PMesh = 0.5PTotalLoadGear (3.5)

Hence the mesh efficiency is calculated as follows:

ηmesh = 1 − Pmesh
PTrans

(3.6)

PTrans = ω1T1 = ω2T2 (3.7)

Additionally, frictional power loss can be formulated as:

P (x) = µ(x)FN (x)vs(x) (3.8)

In order to obtain a mean coefficient of friction, µm along the line of action,
the mean value theorem is applied (and since there is a linear relationship between
the distance along the line of action and time) to equation 3.8 and rearranging the
formula becomes:

PMesh = Ftmaxvtµm
1

cos(αw)
1
pb

∫ E

A

[
Fc(x)
Fcmax

vs(x)
vt

]
dx (3.9)

The same equation is used by Vollmer et. al. [59] which is taken by Ohlendorf
[66] and defined a non-dimensional number Hv as:

Hv = 1
cos(αw)

1
pb

∫ E

A

[
Fc(x)
Fcmax

vs(x)
vt

]
dx

= π(u+ 1)
z1ucos(βb)

(1 − εα + ε2
1 + ε2

2) (3.10)
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PMesh = FtmaxvtµmHv (3.11)

By obtaining PMesh experimentally, µm can be calculated. One must be cau-
tious when utilizing the Hv number in the form presented in equation 3.10 since it
assumes a load distribution of half the maximum load when two teeth are in contact
and a maximum load when one tooth is in contact, hence not taking into account
the elasticity of gear tooth. It is also important to note that the coefficient of fric-
tion is a mean coefficient of friction across the mesh, and not an instantaneous one.
It is well understood that the coefficient of friction varies along the mesh since both
the sliding speed (from negative to positive sliding) and the load varies significantly.
However, this cannot be studied in the current FZG experimental setup.

3.6 Calculation of bearing friction

The following equations were used in Papers B-D to calculate the bearing load
dependent friction originating from the SKF general catalog. These equations are
used in the latest gear related articles [67–70]. Rolling element torque is separated
into the following four components:

• Rolling torque

• Sliding torque

• Viscous torque

• Seal torque

In effect:
TSKF = Trr + Tsl + Tdrag + Tseal (3.12)

Since at the beginning of each test the gears are run at no load Tdrag can be
subtracted from the contact load, and Tseal is not applicable since no seals are
present in the bearings. Further defining Trr and Tsl

Trr = ΦishΦrsGrr(νn)0.6 (3.13)

Tsl = Gslµsl (3.14)

Φish = 1
1 + (1.84 × 10−9)(ndm)1.28ν0.64 (3.15)

Φrs = 1

e
[Krsνn(d+D)

√
Kz

2(D−d
]

(3.16)

Grr = R1d
2.41
m F 0.31

r (3.17)
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Gsl = S1d
0.9
m Fa + S2dmFr (3.18)

µsl = ϕblµbl + (1 − ϕbl)µEHL (3.19)

ϕbl = 1
e2.6×10−8(nν)1.4dm

(3.20)

Table 3.2: Constants used in bearing formulas

Variable D d do dm B Krs Kz KL S1 S2 µBL µEHL R1
Value 90 30 45 60 23 0 5.1 0.65 0.16 1.50 × 10−3 0.15 0.02 1.00 × 10−6

Units mm mm mm mm mm - - - - - - - -

The values of the factors used in the above equations are shown in table 3.2.
Two alternative equations prevalent in literature have also been used to calculate
bearing load dependent losses, are presented below.

SKF easy
SKF has defined a simplified equation which has been used by numerous authors
[55,71] as follows:

TSKFeasy = 0.5µSKFeasyFrd (3.21)

Notice that this equation is not a function of speed, where µSKFeasy is equal to
0.0011 in the case of the bearings used in the back-to-back test rig (NJ406).

SKF alternate
A similar form of the equation presented in equation 3.21 is also used [59,72]:

TSKFAlt = µSKFAltFrdm (3.22)

In which µSKFAlt is equal to 0.0004.

Comparison between the different methods
For comparing the different bearing formulas in terms of torque, in order to see the
speed dependency, equivalent torque parameter is devised as following:

Teq = PTotalLoadBearing
ω2

(3.23)

Results from comparing all three models are shown in figure 3.2. It can be seen
that the simple models underestimate the friction torque significantly. One could
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imagine that the SKF easy model and the SKF alternate model could be scaled
by simply changing the friction coefficient, but these two have a very different
behavior when compared to the model used through out the thesis. Due to the use
of different models in different works, it becomes difficult to compare the results
from gear mesh efficiency from article to article. The author recommends an in
depth analysis and testing to determine the power loss in bearings.
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Figure 3.2: Loss power and equivalent torque with respect to pitch velocity. Ex-
ample for inside power loop torque of 183 Nm (for the pinion) for all eight bearings
used during testing.

3.7 Efficiency difference between ground gears at different
running-in conditions

In order to determine the effect of different running-in methods, load was chosen as
experimental parameter. The back-to-back test rig was set up with both the slave
and test gearbox containing the same gears in order to equally divide the losses
between them. The running-in procedure consisted of loading the inside power
loop to one of either two different loads: 94 Nm or 302 Nm, which corresponds
to the maximum Hertzian pressures of 1.7 GPa or 0.9 GPa at pitch (calculation
method in Appendix A). Both test rigs were heated up to 90 ℃, controlled at this
temperature and run at 87 rpm (the wheel rpm) for 4 hours for the running-in
procedure.

Subsequent to the running-in procedure an efficiency test was performed. The
efficiency tests first consisted of preheating and controlling the temperature at 90 ℃
followed by a step wise increase of speed with no load in the inside power loop
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torque, these pitch speeds consisted of: 0.5, 1, 2, 3.2, 8.3, 10, 15, and 20 m/s.
Thereafter a new torque was applied onto the inside power loop and the same
speeds were tested 5 minutes per speed and load combination. The torques tested
are 0, 94, 182 and 302 Nm corresponding to 0, 0.9, 1.3 and 1.7 GPa at pitch point
maximum Hertzian contact pressure. Further information on the testing method
can be found in Paper B and C.

Three repetitions per running-in ( i.e. a total of six tests including running-in
and efficiency testing) were performed in order to obtain more well founded data
on the effects of running-in on efficiency. In figure 3.3 a comparison of the effect of
two different running-in loads on gear mesh efficiency is shown when testing ground
gears. The data presented represents the median, the minimum and the maximum
value of each speed and load combination. A higher running-in load is shown to
have higher efficiency when compared to the lower running-in load. This is true for
all speed and load combinations.

In Paper B results from increasing temperature, i.e. decreasing viscosity also
show the same trend that higher loading during running-in increases efficiency.
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Figure 3.3: Efficiency comparison of ground gears at different running-in loads.
Left; speeds between 0.5 and 20 m/s. Right; close up for speeds between 0.5 and
3.2 m/s.
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3.8 Efficiency difference between superfinished gears at
different running-in conditions

Superfinished gears were tested in the same manner as the ground gears in order
to determine if a higher running-in load would also increase the efficiency of a
smoother surface. Results from superfinished tests are shown in figure 3.4. These
results show that running-in does not affect superfinished gears in the same manner
as for ground gears, and no measurable difference was found when comparing the
effects of the running-in procedure.
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Figure 3.4: Efficiency comparison of superfinished gears at different running-in
loads. Left; speeds between 0.5 and 20 m/s. Right; close up for speeds between 0.5
and 3.2 m/s.

3.9 Friction coefficient in terms of lambda and Hersey

By using equation 3.11 a mean coefficient of friction can be calculated from the
measured torque loss by subtracting the load independent losses and bearing load
dependent losses as shown in equations above. In figure 3.5, both λ and Hersey
numbers are plotted against the coefficient of friction in order to compare the effects
of the two running-in loads in ground gears. A clear shift from right to left is shown
in the Hersey graph, which matches previously performed experiments by Shipper
in concentrated contacts [2].
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Paper C for more details.

3.10 Friction coefficient during running-in

As well as analyzing the effects of different running-in procedures, the friction
component during the running in was analyzed. A sampling rate of 144 Hz logged
pertinent data during the running-in procedure, namely input torque, inside power
loop torque, wheel speed and temperature. This high sampling rate allows for an
average measurement of 4.1 points per mesh. An example of the friction response
during running-in is shown in figure 3.6. Overall a high coefficient of friction is seen
during the very first cycles, followed by a relatively stable period. Which indicates
an rapid transition, perhaps a surface transformation, from the initial state to just
a few contacts.
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Figure 3.6: Example response during running-in at 0.9 GPa



Chapter 4

Surface roughness aspects of
running-in

4.1 In situ measuring of gear surfaces

In this section a method for measuring gears in situ in the FZG test rig is presented.
The surface topography is measured using a Form Talysurf 50 mm Intra 2 manufac-
tured by Taylor Hobson, mounted directly on the test gearbox as shown in figure 4.2.
This instrument has a resolution of 16 nm over a 1-mm height range. Measuring the
surface topography in situ enables the surface topography to be inspected without
disassembling the test gearbox, and hence changing system parameters such as gear
and bearing alignment, thermal stability, preload, shaft positioning, etc. By chang-
ing such parameters subsequent test results might be affected. Surface roughness
was measured 6 mm along the wheel profile near the start of the active profile. In
this setup, only the wheel on the test gearbox can be measured due to physical
space constraints. A positioning stage is used below the profilometer. This enables
profiles to be measured along the lead of the tooth (see figure 4.1). Note that the
surface roughness measurements are made using a contact profilometer without a
skid, enabling the determination of form, waviness, and roughness.

The profilometer’s overall positioning has two degrees of freedom: positioning
stage displacement (in the y direction) and linear motion (with a linear guide) along
an oblique angle situated on the x-z plane. These two degrees of freedom (see figure
4.1) allow the profilometer to be positioned to measure any part of the flank.

To reposition the profilometer in the same position, specific fixtures are used.
To position the profilometer in the profile direction, a spirit level is placed on top of
two specific teeth of the wheel; the spirit level used has an accuracy of ±15 minutes
of arc. If the surface lay is exceedingly directional along the lead, as in the case of
ground surfaces, the method described in section 4.3 is helpful for positioning two
profiles in the exact same position.
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Figure 4.1: Profilometer schematic. (Left) Schematic stylus on measured tooth.
(Right) Schematic of profilometer with degrees of freedom.

Figure 4.2: Example of tooth measurement setup. (Left) Setup of actual tooth
measurement, styli is on the tooth surface. (Right) Overall setup of measurement
system.

To accurately position the profilometer with reference to the gearbox, two shal-
low 3-mm pinholes are drilled into the top cover of the gearbox. The positioning
stage, shown in figure 4.1 as a black rectangle, is used to measure several profiles
and subsequently stitch the profiles together to form a surface. This device has an
accuracy of ±5 µm.

4.2 Separating form, waviness and roughness in gears from
in situ measurements

The measured involute is a mathematically complicated form to extract from a
measurement, as it includes both waviness and roughness. The approach used
here is to represent the form of the tooth using a polynomial fit along the profile
direction. A polynomial of order 6 is shown (see Paper A for more details) to have
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an adequate degree to capture the form of the involute while not capturing the
waviness nor the roughness from the measurement.

The difference between waviness and roughness depends on what wavelength
the user defines, which makes it a task based on guidelines and the purpose of the
surface measurement. The ISO 11562 method uses a Gaussian filter to separate the
roughness from the waviness; the filter uses a specified cut-off length as input to
exclude the roughness from the waviness. A cut-off length of 0.8 mm was chosen
for the tested module 4.5 standard FZG gears. This set cut-off is close to a fifth of
the measured profile length and is a standard value, which is desirable for profile
measurements. For example, figure 4.3 shows the original waviness plus roughness,
as well as the fitted waviness of a measured gear surface. The filtered roughness
profile can then be used to calculate the amplitude and wavelength parameters of
the measured gear surface.
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Figure 4.3: Separating waviness from roughness using a Gaussian filter: blue line,
original profile; black line, waviness; red line, roughness.

4.3 Aligning profiles and determination of roll angle

Having measured profiles initially, after a set running-in and after efficiency test,
proper alignment along the profile direction allows to compare specific asperities
from one process to the next. The roughness of a surface has a specific sequence
of asperities and valleys which enable the user to readily assess if the profiles align
properly. Alignment of measured profiles along the gear profile direction is done
by utilizing the auto-correlation function and a maximum relative displacement.
The maximum auto-correlation inside this relative displacement yields aligned sur-
faces. This process is first performed comparing the initial and after ran-in profiles,
and then to the profiles measured after efficiency testing. A qualitative example
comparing initial to after running-in surfaces is shown in figure 4.4.

Determining the location of where each asperity is in contact is also of interest
due to the possibility to use surface measurements in contact analysis. Asperity
locations on the gear flank are found based on the following equations:
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Table 4.1: Surface parameter results ground gears in µm.

Initial After running-in After efficiency test
0.9 GPa 1.7 GPa 0.9 GPa 1.7 GPa

Mean STD Mean STD Mean STD Mean STD Mean STD
Ra 0.32 0.10 0.36 0.12 0.25 0.03 0.30 0.08 0.24 0.01
Rz 2.27 0.55 2.41 0.55 1.88 0.37 2.24 0.34 1.76 0.06
Rpk 0.30 0.05 0.28 0.03 0.24 0.09 0.23 0.03 0.18 0.01

4.5 Surface topography results for superfinished gears

As a continuation of the ground work superfinished gears were tested and in the
same manner the surface roughness was measured. A qualitative comparison of
ground vs. superfinished surfaces is shown in figure 4.5. In table 4.2 surface pa-
rameters initially, after running-in and after efficiency tests are compared for su-
perfinished gears. The surface parameters shown in the table show no significant
change during any of the two subsequent procedures, i.e. the superfinishing method
seems insensitive to running-in.
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Figure 4.5: Comparison of ground and superfinished gear surfaces during different
steps of testing

4.6 Evolution of wear during running-in

In order to study asperity wear a test was elaborated in which a standard running-in
procedure was divided into eleven intervals in which the gear profile was measured
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Table 4.2: Surface parameter results superfinished gears.

Initial After running-in After efficiency test
0.9 GPa 1.7 GPa 0.9 GPa 1.7 GPa

Mean STD Mean STD Mean STD Mean STD Mean STD
Ra 0.08 0.01 0.09 0.01 0.08 0.01 0.08 0.01 0.07 0.01
Rz 0.75 0.15 0.76 0.09 0.69 0.08 0.74 0.08 0.64 0.08
Rpk 0.08 0.02 0.08 0.01 0.09 0.03 0.08 0.01 0.08 0.03

utilizing the in situ method presented previously. The Abbott curve for all intervals
is plotted in figure 4.6. This shows a distinct difference between the initial surface
and the subsequent surfaces, when comparing the peaks of the surfaces. The first
measured surface after running-in, green line, occurs just 44 cycles after the initial
surface. In order to have common valleys between each profile measurement a
method was developed in Paper D. This method involves finding the difference
between the means of the profiles being compared and adding this difference to the
first one being evaluated. Once the valleys are fit, and the profiles are laterally
aligned as explained in section 4.3 both profiles are hence fitted against each other.
The amount of wear after each cycle was calculated, its result is shown in figure 4.7,
just as the Abbott curve shows, the only measurable change was from the initial
surface to after 44 cycles (the first time the gear surface was measured).

0 20 40 60 80 100
−1.5

−1

−0.5

0

0.5

1

1.5

Bearing %

H
ei

gh
t µ

m

0 20 40

0.2

0.4

0.6

0.8

1

Bearing %

H
ei

gh
t µ

m

 

 
0
44
131
218
435
870
1740
2610
5220
10440
20880

Figure 4.6: Abbott curve at different number of contact; notice that the initial
profile (initial surface) is distinctly different at the peaks. The different colors on
the legend represent the number of contacts.The contact pressure was 1.66 GPa.

As well as analyzing the Abbott curve, results from the Ra and Rpk at different
number of contact are shown in figure 4.8. Again in this figure the initial cycles are
shown to exhibit the largest change in surface parameters. It is important to point
out that the errors overlap each other after the first initial 44 cycles, which can be
interpreted as no meaningful change after the initial cycles. Due to the overlapping
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Chapter 5

Summary of appended papers

Paper A: In situ surface characterization of running-in of involute gears
A methodology is presented describing how to measure surface roughness in situ,
how to extract form, waviness and roughness, as well as results from ran-in surfaces
at three stages. A procedure for measurements of gear surfaces in situ presents the
possibility to measure the gear surface without changing the assembly condition.
Separation of form, waviness and roughness in gears was shown to have the right
fidelity in terms of form, in terms of waviness it depends on how the user defines
the cut-off wavelength. Surface roughness was transformed from a linear scale to
asperities as a function of roll angle.

Surface roughness results show asperity peaks to be worn off. Rpk parameter
was shown to be superior in describing running-in, while Ra was not distinct over
the sampled region. A rougher surface was present after efficiency testing of 120 ℃.

Paper B: Analysis of efficiency of spur ground gears and the influence of running-in
A methodology is presented on how to measure the effects of running-in using the
mesh efficiency of gear drives in a back-to-back test rig, namely a FZG gear test
rig as input. The paper explores the results from these tests by comparing ground
gears and lubricant temperature. Results showed a higher efficiency and surface
transformation when running-in at high load when compared to low load. When
comparing 90 ℃ vs 120 ℃ and different running-in loads, running-in showed to
have a greater effect on mesh efficiency than change in temperature.

Paper C: The effect of running-in on the efficiency of superfinished gears
Superfinished and ground gears, with the same quality, are compared in terms of
efficiency and friction over a wide range of speeds as well as the effect of running-in
of superfinished gears. Results show distinct tendencies when comparing ground
and superfinished gears. While ground gears show a transformation in surface due
to running-in and efficiency testing, superfinished gears exhibit no such trends. Su-
perfinished gears also proved to work in three lubrication regimes, instead of one

37



38 CHAPTER 5. SUMMARY OF APPENDED PAPERS

as for the ground gears, and also showed lower efficiency at the lowest tested speed
(0.5 m/s) when compared to ground surfaces.

Paper D: In situ running-in analysis of ground gears
An in-depth analysis of running in of ground gears both from a surface and friction
response is presented. A methodology is presented on how to calculate asperity
wear from measured profiles. The first contacts showed to have the largest effect
on surface transformation, apparent wear and friction. Higher running-in load lead
to a smoother surface.



Chapter 6

Discussion, future work and
conclusions

6.1 Discussion

Discussion of research questions
How can changes in surface topography be measured in situ?
Traditional methods of measuring surface topography after running-in involve the
disassembly of the gearbox, and if more tests were needed, reassembly affecting
system parameters, such as misalignment and thermal stability, which might lead
to changes in the subsequent tests. The proposed method circumvents this matter
by measuring the surface in situ, and hence there is no need to disassemble the
gearbox. The reader might note that what is measured is the wheel and not the
pinion that would traditionally be measured; this is due to physical impossibilities
to reach the pinion tooth with the current available methods. Other authors have
also suggested the use of replicas in order to attempt the extraction of surface to-
pography in situ. This method however does not allow form, and perhaps waviness,
to be replicated accurately; unlike the method presented here, which captures form,
waviness and roughness.

How can roughness be separated from form and waviness from a measured topogra-
phy?
The author claims that form, waviness and roughness are ambiguous terms since
they depend on what the user defines as such. By utilizing a combination of form
removal based on a polynomial fit (which is readily available in most mathematical
analysis software), and a standard Gaussian filter (with the desired cut-off length),
all three terms can be separated. The form removal method allows the extraction
of asperities in terms of roll angle, instead of measured distance and hence it can
be used to conjugate two matching gear surfaces.
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Do the efficiency and surface topography change in different manners due to differ-
ent loads at running-in when comparing superfinished and ground gears?
Superfinished and ground gears show a distinct behavior in terms of effect of
running-in on efficiency and surface roughness. Ground gears exhibit an increase
in efficiency and a decrease in surface roughness if a higher running-in load is used.
Superfinished gears exhibit no measureable change in surface roughness nor effi-
ciency, suggesting that these gears do not experience a running-in transformation.
Further collaborating with this, the author would like to point out that the su-
perfinished gearbox seemed to be cleaner after running-in and efficiency testing,
when compared to ground gears, suggesting also a small amount of wear during
these processes.

How does the surface topography and efficiency evolve during the running-in pe-
riod?
During the running-in period both surface topography and efficiency show the
fastest change during the first cycles compared to the set running-in of around 21 000
contacts. In terms of surface roughness, only changes from initial to 44 cycles are
evaluated at the high load. The changes that happen during even fewer cycles were
not tested but can be seen as future work. It is conceivable that at a lower loading
the change in surface transformation might prolong to more cycles. In terms of
efficiency, the same tendencies of the very first cycles showing the largest change in
efficiency are also present. An increase in friction is also seen at approximately 10
000 cycles. Possible causes of this are back-to-back system thermomechanical be-
havior or tribochemical behavior acting on gear surfaces both which might increase
friction after a set number of contacts. The question “has running-in ended” is a
common question that the author comes readily across when discussing with peers.
The question is however as elusive as the definition of running-in itself. If one would
define running-in as the largest difference in surface roughness and efficiency during
the initial cycles, then yes, running-in has occurred. If however running-in is de-
fined as when wear and friction reach steady state, then the answer is unclear since
during the experiments the testing only involved the first three hundred thousand
cycles, far-off from the gears total life.

My own running-in
The reader has probably come across one of these definitions, or multiple, or other
definitions of running-in; and hence it becomes impossible to predict what is not
defined. Thus creating a need to define running-in in the context of this thesis.

These definitions however are not followed by most researchers for running-
in/break-in/wear-in since to be able to apply this definition, it needs to be known
when the surface and/or the friction behavior has reached a steady state which
most of the time is not known. Having no concrete definition of running-in to be
applied to gears, the author (for the sake of this thesis) will define running-in in
the following manner:
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• Surface running-in: This is when a contacting surface has experienced a com-
bination of mild wear, asperity deformation, etc. in which only the tips of the
asperities have been transformed. The tips of asperities will be defined by a
specific percentage of the bearing area curve.

• Wear running-in: This is when the wear volume per cycle of a contacting
surface reached a specified constant value.

• Frictional running-in: This is when surfaces in contact have decreased or
increased the frictional behavior after the initial contact and reached constant
after a specified number of contacts.

What is important to note from all these definitions is that each of the running-
in classifications need an extra parameter to define when and if running-in occurred.
These definitions of running-in can be readily applied to the running-in of gears.
However, a need for investigating running-in of a gear setup instead of other test
setups, such as twin discs and mini traction machines, exists for the following
characteristics of gear contact:

• The gear contact is very transient in terms of loads, velocities and film thick-
ness.

• The slide-to-roll ratio is changing continuously along the tooth flank.

• Gear micro-geometry (crowning, tip relief, etc.) plays a crucial role.

Running-in and overall component efficiency. (Is it worth it?)
Gains in efficiency from running-in of ground gears are in the order of tenths of
percent while changes from running-in of superfinished gears were not found. So,
one asks if further study of running-in, as a direct process to increase efficiency, is
one to be pursued. The author would argue that research (today) of running-in of
gears is needed more than ever to further understand, predict and optimize overall
vehicle efficiency. Hybrid vehicles, new manufacturing methods, new materials, new
oils, etc. are all ways in which vehicles are increasing efficiency by several percentage
points; however, all these technologies require an in-depth understanding of the gear
contact in different regimes in which the vehicle industry today operates.

How can the presented results be used?
The results presented in this thesis have four main fields of utilization:

• Roughness measurements of gears

• Importance of running-in when performing efficiency testing
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• Degree in which running-in affects efficiency of ground and superfinished sur-
faces

• Analyzing different definitions of running-in

Paper A provides a clear methodology to extract the gear surface roughness as
well as estimating the position in the mesh of each asperity; moreover this can be
readily used as an input into a contact simulation.

Higher running-in loads were shown to increase efficiency of all speed ranges
as shown by figure 3.5 for ground gears and hence a proper running-in will in-
crease the efficiency with such a manufacturing method (Paper B). With respect
to superfinished gears, running-in did not provide any gains in efficiency nor any
measurable changes in surface roughness. It seems these gears do not need to be
run-in, at least not in terms of changes in surface topography and efficiency. As
expected significantly higher efficiency was observed in superfinished gear surfaces
when compared to ground gear surfaces at most speeds. However, a clear decrease
in efficiency for superfinished gears was seen at 0.5 m/s and hence superfinished
gears are not recommended to be used in boundary lubrication if higher efficiency
is a priority.

Finally, and with the greatest implication to future work, running-in of ground
gears was shown to reduce the asperity tips and not smoothening of the surfaces
to superfinish level. With the definitions of different aspects of running-in stated
and, more importantly, having the ability to observe and quantify running-in, it
becomes possible to optimize a specific aspect of running-in.

6.2 Future work

Future research questions which should be explored are:

• How can running-in be efficiently predicted with simulations and what pa-
rameters need to be taken into account?

• How can we optimize running-in for parameters such as efficiency and life?

• How do other parameters, such as speed, oil and temperature affect running-
in?

• In what way does asperity flash temperature affect wear?

• How does friction and wear during and after running-in behave with other
gear topographies?





Chapter 7

Appendix

7.1 A. Calculation of maximum Hertzian pressure at the
pitch

The maximum Hertzian pressure at the pitch point is calculated based on the
following equations:

αw = cos−1
(rb1 + rb2

a

)
(7.1)

Where αw is the working pressure angle, depending only on the base circles
and the center distance. Utilizing the line contact solution for maximum Hertzian
pressure presented in Johnson [73]:

Req =
( 1

tan
(
αw)rb1

+ 1
tan(αw)rb2

)−1
(7.2)

E∗ =
(1 − ν2

1
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E2

)−1
(7.3)
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πReqb

)1/2
(7.4)
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