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Abstract 
Existing vibration durability testing methods for a component is 
conservative in verifying the fatigue strength of a component. They more 
of typify the damaging potential of the real world vibration, instead of 
the component under test. This thesis proposes a new vibration durability 
testing method that works by giving emphasis to the dynamic behaviour 
of the component. From several tests carried out at different narrow 
frequency bands, it develops a diagram that shows the maximum limit of 
a component towards vibration. Design verification will then be made by 
comparing the result with the real world vibration. To this aim, a test has 
been carried out on a truck alternator at four different frequency regions 
and a vibration profile has been extracted by combining them together. 
Then, comparing the result with the real world vibration profile, the 
design of the alternator has been verified. Accordingly, the alternator 
shows less strength at low frequency regions. 
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1 Notation 

A Amplitude ratio 

b Material constant (Basquin constant) 

E[D] Expected fatigue damage 

E[P] Expected peaks 

E[0] Expected zeros 

f Frequency 

G Power Spectral Density 

G  Input Power Spectral Density 

G   Output Power Spectral Density 

H System transfer function 

Himag Imaginery part of transfer function 

Hreal Real part of transfer function 

K Spring stiffness 

m  nth moment 

N  Number of i’th stress cycle to failure 

n  Number of cycles of the given i’th stress level 

p Probability density function 

Q Amplification factors 

R Stress ratio 

r Gamma function 

T  Equivalent test duration 
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Symbols 

σ Stress level 

∆σ Stress range 

σ  Maximum stress level 

σ  Minimum stress level 

σ  Alternating stress 

σ  Yield stress 

σ  Ultimate stress 

σ  Mean stress 

σ  Effective alternating stress 

σ  Stress at the endurance limit 

σ  Ultimate stress 

σ  i’th stress level 

σ  Fracture stress 

γ Irregularity factor 

 Damping coefficient 

 Convolution 

Abbreviation  

SRS Shock Response Spectrum 

ERS Extreme Response Spectrum 

FFT Fast Fourier Transform 

FRS Fatigue response spectrum 

PSD Power Spectral Density 

pdf Probability Density Function 

 

* 
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2 Introduction 

2.1 Background 

Technological advancement in today’s truck manufacturing has shown a 
tremendous change and has resulted in complex component integrity. This 
will in turn increase the demand for the durable, efficient and low cost 
component which can coincide with the complexity. As a result, a more 
sophisticated testing method is highly required to verify if the quality of the 
component meets up the requirement. 

Every equipment and component are frequently subjected to a mechanical 
vibration during their service life. Depending on the magnitude of the 
loading and behavior of the structure, the induced dynamic loading would 
result in fatigue failure through time. Trucks are exposed for environmental 
and operational induced vibration in different events. Following to this 
vibration, a cyclic stress loading will be generated at different parts of a 
component and equipment, which then leads to the fatigue failure at the 
end.  

In today's typical durability and performance test, a truck should run for 
several hundreds of kilometers on a test track for verification. Depending 
on the intensity and extent of the investigation, the test may take several 
months to complete its overall procedures. In addition to the considerable 
time spent during the test procedure, a big investment is required for fuel, 
prototype, labours and other related costs. Thus, the test should be carried 
out cautiously to ensure that no structural damage occurs during the 
investigation process. However, if the truck is unable to complete its full 
test, the procedure should be repeated again on the redesigned product. And 
these definitely will double the overall investment cost. Hence, a laboratory 
analysis should be implemented on truck components before going for field 
test.  

2.2 Purpose and Aim of the Work 

As mentioned above, today’s vibration testing method, tests and verifies a 
component according to a predefined requirement. This test requirement 
originates from the field measurement of different events. As an outcome, 
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the result that is obtained at the end of the test will be ‘pass’ or ‘fail’ 
statements. However, this is a very conservative result as it does not 
provide a comprehensive understanding about the component. In other 
words, the method devotes more emphasis on characterizing the excitation 
signals by owing a little knowledge about the component under test. From 
design point of view, this makes the conclusion that is drawn on the 
component to be very difficult. Hence, Scania Engineers want to adopt a 
new testing method to overcome these shortcomings. 

The aim of this thesis is to develop a new vibration durability testing 
method for a component at Scania test laboratory. The proposed testing 
method is further investigated and verified on a truck alternator. From 
series of tests carried out at different narrow frequency bands, the vibration 
fatigue limit of the alternator is determined and illustrated in a diagram. 
This diagram presumed to show the dynamic behavior of the alternator.  

2.3 Methodology 

The entire thesis work comprises of a theoretical and experimental work. 
The theoretical part of the work will be explained by referring to different 
previous works and international standards on the subject matter. As an 
outcome, an inclusive knowledge on today’s testing method will be 
obtained. In addition to this, it will lay a plateful platform to the newly 
developed vibration durability testing method. On the other hand, the 
experimental work consists of three different part: modal analysis, fatigue 
test and vibration durability test. In fact, the main interest of this 
investigation is a vibration durability test. However, as a part of the project, 
a modal analysis and a fatigue testing for the alternator is performed by 
conducting different test setup. Therefore, during the course of study, the 
following tests will be carried out for the achievement of predefined 
objective.  

• Modal analysis: is required to find the resonance frequencies of the 
alternator. This will help to divide the test frequency regions for 
vibration durability test in an efficient way. For this, a system 
transfer function will be measured at different part of the alternator 
using impact hammer; so that the resonance frequencies of the 
alternator will be synthesized by using a curve fitting. Furthermore, 
a process of extracting the system transfer function from the 
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measured data and a simulation work will be carried out by using 
MATLAB software. 

• Fatigue test: the main aim of fatigue test is to find the Basquin 
exponent of the alternator. This parameter is the slope of the curve 
in the wöhler diagram.  For vibration durability test of the 
alternator, a Basquin exponent is used to calculate the exaggeration 
factor, which will be discussed later in detail.  

• Vibration Durability test: The main aim of this test is to find the 
durability of the alternator towards induced random vibration. 
Based on a test carried out at a narrow frequency bands, the 
maximum vibration profile that the alternator withstand over a wide 
band frequency range will be determined. This profile will then be 
compared with the real world vibration profile for design 
verification.   

2.4 Organization of the Thesis 

Including chapter two, which provides a preliminary introduction to the 
entire work and discuss about the aim of the work, this paper comprises of 
ten different chapters. The outline of each chapter has been described in the 
following paragraphs. 

Chapter three describes about historical overview of fatigue concept. The 
growth of the fatigue theory as a concept from the early stage to the modern 
thinking has been listed according to their chronological order. 

In chapter four, a general theoretical background for fatigue life estimation 
is briefly described. Design philosophies: safe-life, fail-safe and crack 
propagation, are examined whereas S-N (Stress-life) curve and the effect of 
the mean stress on fatigue life estimation are theoretically described. 
Furthermore, as an extension of S-N curve, the analysis for variable loading 
is discussed under Palmgren-Miners cumulative damage theory. 

Chapter five describes about fatigue life estimation in time and frequency 
domain. A time domain analysis is explained and conducted by using a 
Palmgren-Miners rule and a rain flow counting method; whereas a 
frequency domain approach is explained by referring the probability 
density function (pdf) of the response spectrum. Besides this, a brief 
theoretical explanation for a narrow band solution is given. 
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Chapter six is devoted to vibration test standards. nCode International that 
works based on France military standards (GAM EG-13) and NATO 
(AECTP 200), are explained extensively by conducting a Shock Response 
Spectrum (SRS), Extreme Response Spectrum (ERS) and Fatigue Damage 
Spectrum (FDS). In addition to this, a general standard for engine family 
components is presented in detail.  

In chapter seven, a newly developed vibration testing method at Scania, 
which is the main intention of this thesis project, is proposed. The basic 
concept, assumption and test procedures are explained, which the 
knowledge will further built up latter in the case study. Furthermore, the 
advantageous of this method, in relation to the existing methods, are 
discussed.  

In chapter eight, based on the newly developed testing method in chapter 
seven, a truck alternator is examined and tested for its durability. The 
detailed experimental setups and test procedures are discussed and 
illustrated in figures. Besides this, a fatigue testing procedures (S-N Curve) 
for an alternator and test specifications are described.  

Chapter nine is dedicated to the results obtained from chapter seven. 
Several tests, which are performed during the life testing, are illustrated in 
tables. The failure modes that are seen in the lower frequency regions are 
thoroughly examined. 

Lastly, chapter ten summarizes the entire works that are performed 
throughout the thesis work, validates the outcome and provides an inclusive 
conclusion and recommendations.   
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3 Historical Background 

The first concept about fatigue life goes back to 1829 after the Germen 
mining engineer, W.A.S Albert, performs some simple cyclic loading test 
on the iron chain [1]. Then, the development of rail way technology in the 
nineteenth century put the concept forward to investigate the problem 
encounter within the railway axle. The axle of the railway is the component 
of the train that is much more subjected to a small cyclic stress that could 
not damage the system immediately; instead it leads to the fatigue failure at 
the end. In 1852 Germen rail way engineer, August Wöhler provides the 
core idea for the modern fatigue life analysis. He performed an experiment 
on different materials by using various stress level that he formulated the 
relationship between stress range and number of cycle to failure. The plot 
that shows this relation is known as Wöhler curve or Stress-Life diagram 
(S-N Curve) [1]. After this, a lot of researches that are based on the S-N 
curve arose. The effect of the mean stress on the S-N curve had been 
studied by Greber, Goodman, Soderberg and Morrow. Furthermore, in 
1910, Basquin defined the S-N curve as a linear curve in a log-log plot. 

In 1924, a cumulative fatigue damage analysis for variable loadings has 
first been proposed by Palmgren. After a couple of decades Miners develop 
the concept and formulate a linear cumulative damage analysis. [2] 

In 1954, S.O. Rice provides the most appealing concept that makes a 
fatigue analysis possible in frequency domain. [3] He formulated the most 
important equation that describes the upward mean crossing per second 
(E[0]) and upward peaks per second (E[P]) as a function of nth moments of 
the PSD. [3] Following to the work done by Rice, in 1967, Bendat proposed 
a Narrow Band solution of fatigue life analysis. [4]  

In the early nineteenth century, there was a great attempted to comprehend 
the cause of the fatigue failure. This opens a door for the existence of the 
two most robust approaches. These approaches describe about a crack 
initiation (uses the local strain concept) and crack growth (uses the linear 
fracture mechanics concept). In 1961, P.C. Paris, M.P. Gomez and W.E. 
Anderson characterize the propagation of crack under a cyclic loading. 
They formulated the relationship between crack growth and a stress 
intensity factor. [5] 

Nowadays, the concept is extended to perform the accelerated vibration 
fatigue analysis. The emerging of a more advance computers and 
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computational methods (Finite Element method), made the approach to be 
more efficient and practical. Owing to the earlier work performed by Rice 
and Bandet, Lalanne (1978) proposed a new way of fatigue life estimation 
based on Fatigue Damage Spectrum (FDS).[6] Afterwards, a lot of 
approaches and Standards for vibration fatigue analysis has been arose.  
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4 Theoretical Background 

4.1 Design Philosophies 

Fatigue failure is a progressive failure of materials under a cyclic stress, 
which is normally below the ultimate/yield stress. This failure is 
undesirable since it obstructs components not to meet up their intended 
objective during their service life. In fact, it is obvious that, due to a lot of 
uncertainties, design engineers could not be 100 percent certain in his/her 
design. For this matter, Engineers developed a fundamental requirement to 
avoid a catastrophic failure, which arose due to fatigue, during the design 
phase. Nowadays, there are three different design philosophies that most 
engineers use. [7]  

4.1.1 Safe-Life approach 

In this approach, components are designed to be reliable for a predefined 
service lifetime. In other words, this is to mean that the probability of the 
structure to fail during their service life is zero. Therefore, for safety 
purposes they are mostly over-designed; so that they will be out of service 
before a complete failure occur [8]. The design consideration for a safe-life 
approach is based on theoretical calculations and/or practical tests.  

Safe-life approach is used mostly for components that are difficult to repair 
or impractical for regular inspection. This design concept is advantageous 
since it reduces regular inspection and repair cost. However, from 
economic point of view, this practice can be said to be wasteful as the 
unused life are simply thrown away.  

4.1.2 Fail-Safe approach 

Owing to the limitations of safe-life approach, i.e. design cost and 
reliability, an improved approach, the so-called fail-safe has been 
developed. In fail-safe approach, the structure of a component is designed 
in a way that it can tolerate the initial failure until it is detected and 
repaired. The design may incorporate some structural redundancy in order 
to mitigate the catastrophic failure that would be expected to happen due to 
the initial failure. This means, as the expected damage happens, the 
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component will fail safely that would not collapse the whole system [8]. 
The scheduled inspection is necessary to find out this failure immediately 
before it subside the system. So that the decision for the necessary action 
will be based to the result obtained from the inspection. [9] 

4.1.3 Damage Tolerant approach 

A damage tolerant approach is an extension of fail-safe design. According 
to the fail-safe approach, once a failure occurs, the structure will 
completely be out of service and a necessary repair must be conducted. 
However, the occurred failure may not be imminent. Therefore, a more 
advance design approach (Damage tolerant) that works based on 
knowledge about how damage arises? how cracks propagate once it has 
been occurred in the structure? how loading affect the crack? should be 
adopted. Hence, the amount of damage within a system would be studied 
from a periodical inspection. Following to the inspection result, the action 
to be made will then be decided. Here, unlike fail-safe approach, a 
structural redundancy might not be required. 

4.2 S-N Curve 

Fatigue is the main cause for failures of most engineering components. The 
damage, which is mainly caused by the fatigue, occurs in two phases; crack 
initiation and crack propagation phases. See figure 4.1. On the basis of 
these phases, fatigue life prediction techniques fall into three main 
categories: stress-life, strain-life and crack propagation. However, the scope 
of this paper is mainly geared in to stress-life (S-N) life-prediction 
technique only. 

 
Figure 4.1. Fatigue design process. [7] 

Total life Crack initialtion Crack propagation 
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S-N curve is the best way of presenting the behavior of the 
materials/components towards fatigue performance of the cyclic loading. In 
other word, it is a diagram that shows the maximum number of cycles (in 
logarithmic scale) that a material/component can withstand the given cyclic 
loading (stress). The mathematical formulation of this theory is given as: 

   
  (4.1) 

   
Where; b refers to material fatigue slope (Basquin exponent), C stands for a 
constant that corresponds to the y-intercept, N is for a number of cycle to 
failure and  is a cyclic stress. 

In figure 4.2 the time history of a sinusoidal alternating stress is illustrated. 
For fully reversed cyclic loading, the maximum and minimum value of the 
alternating stress is equal and opposite in direction. In this case, the mean 
part of the stress is zero. On the other hand, the alternating stress can also 
be given together with mean stress. See figure 4.4. 

 
Figure 4.2 Cyclic stress loading with zero mean value. 

As can be seen in figure 4.3, using a rough sketch, the curve under the 
stress life diagram is illustrated. Accordingly, depending on the type and 
occurrence of a fatigue, the diagram is divided in to three different regions: 
low cycle fatigue, high cycle fatigue and infinite life (no fatigue failure). 
This is true for most materials, even though there are some exceptions. A 
low cycle fatigue region is a region where a fatigue failure occurs due to the 
application of a high stress loading with a number of cycles below 103. The 
loading in this region is commonly known as the low cycle loading. Here, 
the life of the material should be estimated based on the strain-life 
approach. On the other hand, in the high cycle fatigue region, the material 
life estimation should be performed according to the stress-life estimation. 
In this region, the life of the material scales inversely to the stress loading 
until the endurance limit. An endurance limit of a material ( σ ) is a 

σa 

Time 

N 

σa 

σ
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maximum stress loading that a material can survive without showing any 
fatigue failure, regardless of the number of cycles. For most ferrous alloys 
the endurance limit is close to  σ 10 . Therefore, as illustrated in figure 
4.3, the region below the endurance limit is commonly known as infinite 
life region, The curve seems to remain constant with cycle, which depicts 
the fact that the stress loading will not damage the material anymore. 
However, this is not practical for some non-ferrous materials as they do not 
actually have any endurance limit, e.g. aluminum, magnesium and copper. 
Hence, the test for S-N curve is commonly stopped after 107 or 108 cycles. 

 
Figure 4.3. S-N Curve. 

For material based S-N curve, the test is commonly performed on a simple 
cylindrical shape sample, which is known as coupon, with polished surface. 
Other than this, component based S-N curve can also be performed. This 
includes all kinds of failures, which is mostly bounded by two curves, in 
the same diagram. 

As mentioned earlier, S-N curve is very convenient in defining the 
properties of the material or component. However, it has also considerable 
drawbacks. One of the shortcomings of the S-N curve is that the curve 
depends on the test condition. The result obtained from different test 
conditions is different. On the other hand, the result is scattered between 
different test objects. This is due to non uniformity of a micro-structural 
behavior of test objects. 

Infinite life loading 

High-cycle 
fatigue 

Low cycle fatigue 

103 106 

σ 
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4.2.1 Effect of Mean Stress on the S-N curve 

The S-N curve of the material/component is highly dependent on both 
mean and alternating stress value. As can be illustrated in figure 4.4, the 
alternating stress ( ), is the dynamic part of the stress loading, which is 
changing in time between maximum ( ) and minimum ( ) stresses. 
On the other hand, if the maximum and minimum values of the stress is not 
equal and opposite in direction, the mean stress ( ) will be introduced. In 
general, this relation is expressed by stress ratio (R) and amplitude ratio 
(A). For fully reversed stress loading, the stress ratio and amplitude ratio 
will be 1 and ∞, respectively; whereas static stress loading has 
stress ratio equals to one and amplitude ratio equals to zero. 

 
Figure 4.4. Cyclic loading with non zero mean value (offset). 
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S-N curve of the material/component can be generated in laboratory under 
different loading conditions. For example, sometimes the test for S-N curve 
of a material can be performed under fully reversed stress loading. On the 
other hand, for aircraft testing, it is common to use stress loading with 
stress ratio equals to 0.1. [10] However, in real world, components might be 
subjected to an alternating stress loading with different mean stress value. 
The relationship between alternating and mean stress for each 
corresponding number of cycles to failure (N) has been illustrated in figure 
4.5. This diagram is commonly known as Haigh diagram.  Hence, it can be 
concluded that the alternating stress is decreases as its mean value 
increases. 

To formulate the Haigh diagram, several experiments should necessarily be 
performed. However, this is impractical and time wasting to carry out all 
the tests for each corresponding number of cycle to failure (N) and/or 
different combination of alternating and mean stress. As a result, several 
authors developed simplified empirical equations to develop the Haigh 
diagram from only one experiment.  

 

Figure 4.5. Haigh diagram. 

One simple assumption can be a linear relationship between the alternating 
and mean stresses. For example, Soderberg proposed that the alternating 
stress decreases linearly as the mean stress increase until the yield stress of 
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the material. In other words, the effective alternating stress (σ ), which is 
typically with zero mean stress, and constant yield stress (with no 
alternating stress) corresponds to the same number of cycle to failure (N). 
Other than this approach, different empirical equations were developed by 
different authors.  

Gerber: 
σ
σ

σ
σ

1 (4.7) 

Goodman: 1 (4.8) 

Soderberg: 1 (4.9) 

Morrow: 
σ
σ

σ
σ

1 (4.10) 

For a clear observation, the relationship between different approaches 
has been illustrated in figure 4.6. 

 
Figure 4.6. Comparison of mean stress equations. [8] 

This approach works only for a tensile stress loading. Mostly, Goodman 
and Gerber’s approach is accepted as a result of several experiments lies in 
between the two. The mathematical simplicity of Goodman’s approach 
makes it preferable other than the other. On the other hand, Soderberg used 
very rarely as it is known for its very conservative results. [10] As shown in 
figure 4.6, the variation between the above discussed approaches increases 
together with the mean stress value. In other words, for small stress ratio 

Soderberg

Marrow
Goodman

Gerber
σe

σy σu σf Mean stress 

Alternating 
stress, σa 
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(R<<1), the variation of different approaches is small; whereas as the stress 
ratio close to one, the difference becomes significant. In addition to this, the 
Morrow and Goodman approaches are equivalent for brittle steel since the 
ultimate stress is very close to fracture stress. On the other hand, for ductile 
steels, the slope of the Goodman curve will be very steep as compared to 
the Morrow curve. [11] 

4.3 Palmgren-Miners Cumulative Damage theory 

Exposure of components to a vibration load, regardless of the level, will 
induce a stress at different regions. The extent and severity of this stress 
depends on the amount of amplitude and excitation cycle. Wöhler curve (S-
N) describes the relationship between stress level and the maximum 
number of cycle to failure. See section 4.2. However, unlike the S-N curve 
approach, in the real world, components are subjected to random stress 
amplitude levels. In this case the total fatigue failure will be predicted as 
the summation of the percentage damage of each stress level. The first idea 
about cumulative damage is forwarded by A. Palmgren in 1924. Then, in 
1945, M. A. Miner develops the concept that he can be able to define it in a 
quantitative meaning. Today this theory is known as Palmgren-Miners rule 
or Miners rule. 

 
 

(4.11) 

Where:  

E[D]: Expected fatigue damage 

: Number of cycles of the given i’th stress level 

: Number of cycles to failure at the given i’th stress level 

This shows each cyclic loading contribute to the fatigue damage in a linear 
manner. According to Palmgren-Miners theory, the fatigue failure mostly 
occurs when  1. That is: 

1  
(4.12) 
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Palmgren-Miners rule is nowadays the most popular approach to calculate a 
cumulative damage even though it has some limitation. The followings are 
the limitation of Miners rule. 

1. Each cyclic loading has a linear impact on the total damage.  

2. The damage due to each cyclic loading is independent of the others. 

3. The total damage caused by particular loading amplitude is 
independent of the time of occurrence. This means the effect of each 
particular amplitude, whether it comes earlier or later, is the same. 



22 

 

5 Fatigue Life Estimation 

Fatigue life estimation for a component can be performed based on time or 
frequency domain analysis. This classification is based on the way that they 
describe the measured response signal. General speaking, a time domain is 
a raw data that shows the magnitude of the signal over time. Whereas, 
frequency domain tells about how much signal is dispersed over a 
frequency range. Here, unlike the time domain, only the characteristic of a 
signal is stored instead of a complete measured data. The following two 
sub-chapters describe about the two different approaches of fatigue life 
estimations. 

5.1 Time Domain Analysis 

In time domain analysis, a raw data, which is obtained from a response 
signal, is directly be used for fatigue life estimation. If the response of a 
system is constant in amplitude, the fatigue life can be estimated directly by 
referring to the S-N curve. However, in real world, this is seldom to 
happen. Instead, components are subjected for a very random excitation 
loads that would make the stress-life estimation method insufficient. In this 
case, the number of cycle of each stress level should be calculated by rain 
flow counting method. On the other hand, an empirical method that 
estimations the total cumulative damage of variable amplitude should be 
employed. Accordingly, regardless of its limitation, Palmgreen-Miners 
linear cumulative damage theory is used. From this, the fatigue life of a 
structure can be estimated. The common procedure for time domain fatigue 
life estimation is described as follows. This is also illustrated in figure 5.1. 

• Measure the time history response signal of the structure under test. 
• Use a rain-flow counting method to extract different stress 

amplitudes and the corresponding number of cycles. Plot the 
histogram that shows the amplitude of the loading ( ) Vs number 
of cycles (ni). 

• For each stress-amplitude ( ), use the S-N curve to calculate the 
number of cycles to failure (Ni). The cumulative damage will then 
be obtained by using Palmgren-Miner law.  
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Figure 5.1. Time-domain fatigue analysis. [7] 

5.1.1 Rain-flow Cycle Counting Methods 

In fatigue life analysis of a component, one should necessarily know the 
amplitude of the stress and a number of cycles of the loading. The real 
world components are subjected for very random stress amplitudes during 
their service life. This makes cycle counting, which is done for all stress 
amplitudes, to be more challenging. Here, in order to be able to use the 
Palmgren-Miners rule (which has been discussed in section 4.3), the stress 
cycle should be counted for the discrete stress levels in time domain. 
Nowadays, there are a lot of cycle counting methods even though they have 
their own shortcomings. Nevertheless, among all these, rain-flow counting 
method is the most commonly used method.  

In general the counting methods that are used today are: level-crossing 
counting, peak counting, single-range counting, range-pain counting and 
rain-flow counting [12]. This subsection intended to give a brief 
explanation only for the rain-flow counting method. 
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Figure 5.2. Random stress signal 

 

Figure 5.3. Stress signal as a 
Pagoda-roof

Rain-flow cycle counting method comes to be known in 1980 century. The 
original name comes from a pagoda roof. As the name implies, it works by 
considering the signal as pagoda roof. Here, figure 5.2 is rotated by 900 and 
assumed that the rain is falling vertically from the top. Water is also 
introduced at each out-most peaks and valleys. See figure 5.4 and 5.5. The 
water from each point flows to any roof down to its stream then finally 
drains out completely form the roof. According to this approach, the signal 
amplitude is then calculated by the width of the distance that the water 
flows along its journey. That is, from the starting point to the exit from the 
roof. However, if the water-flow is meeting with another, which originates 
from greater peak or deep valley, the flow will terminate at that point. Thus, 
the signal level will be considered the distance between the starting and the 
termination point.  
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Figure 5.4. Valley generated rain 
flow. 

 

Figure 5.5. Peak generated rain 
flow. 

In figure 5.4, the water is originated from the valley A and goes down to 
flow C-D. As the valley A is deeper than valley C, flow C-D will be 
terminated. This is also shown in flow E-F and G-H. Valley G is deeper 
than valley E, so that flow E-F will be terminated by flow G-H. On the 
other hand, the principle is the same also for peak originated flows. As 
shown in figure 5.5, flow B-C will be terminated by flow D-E-G, since 
peak D is greater than peak B.  

However, practically, for most soft-wares and computational analysis, the 
rain flow counting method is used in different way though the concept 
behind is the same. This procedure is described as follows [12] [7]. 

• First, from the given signal, only peaks and valleys are collected 
where the other points would be discarded. 

• The signal is then ordered to have the same amplitude at the start 
and end of its sequence. This sequence is re-ordered to have the 
maximum amplitude at the start and end of the sequence. 

• The first four consecutive points (see figure 5.6) are taken. If 
segment A-B is greater than segment B-C and segment C-D greater 
than segment B-C, then cycle is counted for signal’s level L. 
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• Using the nth moment concept (see section 5.2.1), the pdf of the 
response is extracted from the output PSD. 

• Owing to the obtained pdf, the fatigue life of a component is then 
determined from S-N curve and Palmgren-Minors rule. 

 
Figure 5.7. Frequency domain fatigue life analysis.[7] 

5.2.1 Probability Density Function (pdf) from PSD 

Probability density function is the best way of representing a continuous 
random variable according to the probability of their occurrence. For a 
frequency domain fatigue analysis, the pdf of the stress history should 
necessarily be calculated by normalizing the stress histogram with ·  . 
Here,  and  refers to the total number of cycles and stress-bin width, 
respectively. The value of a pdf should always be positive. On the other 
hand, the area under a complete pdf is equal to one. 

 
Figure 5.8. Probability density functions. 
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Referring to figure 5.8, the probability of a stress range to occur in between 
 and  is calculated as the area under the strip, ·  ; 

whereas the number of stress cycles for an individual stress range is given 
by equation 5.3. From the stress-cycle relationship, which is given by the 
Wöhler curve, the number of cycles to failure, N( i), is described by 
equation 5.4.  

· ·     (5.2) 

    (5.3) 

Using equation 5.2 and 5.3, the Palmgren-Miners cumulative damage 
theory can be rewritten as equation 5.4 and 5.5. In equation 5.5, the total 
number of cycles ( ), is replaced by the product of the number of peaks 
per second (E[P]) and the total fatigue-time in second (T), · . 

∑ ·   (5.4) 

∑ ·   (5.5) 

On the other hand, the pdf of a random vibration can be directly extracted 
from PSD of a random variable. As shown in figure 5.9, the nth moment of 
the PSD is the summation of the area of a strip under the curve. See 
equation 5.6. 

 
Figure 5.9. PSD. 

· ∑ · ·   (5.6) 

By using the concept of nth moment, in 1954, S.O Rice pioneers a new idea 
that lay a foundation for the current frequency domain fatigue analysis. He 
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introduced a simple three equations, which correlate the three statistical 
parameters (E[0], E[P] and γ) with three moments ( ,   ). 
Hence, the number of upward mean crossing per second (E[0]), peaks per 
second (E[P]) and the irregularity factor (γ) is given as: 

0    
(5.7) 

 
(5.8) 

·
  

(5.9) 

Here, the irregularity factor tells about the range of the frequency band that 
a signal covers. This means that if the irregularity factor close to one, the 
signal is a narrow band signal; whereas, zero irregularity factor stands for a 
wide frequency band. 

5.2.2 Narrow Band Solution 

Bendat [4] proposed the first frequency domain fatigue life prediction 
method that is commonly known as a Narrow band solution. He developed 
a theoretical approach for estimating the cumulative damage of a random 
response signal from its PSD. According to his approach, for narrow band 
random signals the pdf of the stress amplitude assumed to be a Rayleigh 
pdf of the peaks. Rayleigh pdf is expressed by equation 5.10. The expected 
cumulative damage will thus be calculated by replacing the Rayleigh pdf of 
the peaks with the pdf of the stress range, which is typically expressed by 
the moment. [7] 

4  
(5.10) 

4  
(5.11) 



30 

 

 
 

Figure 5.10. Narrow band solution. 

This approach intended to work out with the fatigue life predictions by 
assuming the pdf of the peaks is equal to pdf of the stress amplitude. In 
other words, the method presumes that all the positive peaks will have 
troughs of the same magnitude. Here, the formation of stress cycle is 
disregarded. See figure 5.12. In addition to this, all the positive troughs and 
negative peaks are ignored. These assumptions might be reasonable for a 
narrow frequency band analysis that is shown in figure 5.12.a. However, 
for wider frequency range analysis the method is conservatives. See figure 
5.12.c. 

 
Figure 5.11. Narrow band assumption. [7] 
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6 Standards for vibration durability 
testing 

In durability vibration testing, a component or a structure under test will be 
verified if it is capable of withstanding the anticipated environmental 
vibration throughout its service life. In this verification the real world 
vibration is replicated inside laboratory for the shaker test. However, since 
the test procedure should be performed with reasonable time, the vibration 
level will be accelerated to trade off the reduced test duration. [13]. On the 
other hand, this can also be done by removing the non-damaging cycles 
from the test profile. [14] 

Nowadays, a lot of standards are available for vibration durability testing. 
Among many standards, this thesis is intended to give short highlights 
about the technical concept of the two standards: nCode international and 
general standard for engine family components. In fact, nCode international 
is a supplier for a test methodologies that are developed based on an 
international standards. In this particular study, “Accelerated Vibration 
Testing Based on Fatigue Damage Spectrum,” that is a product of nCode 
international is discussed. The significance of studying these two standards 
is to give the reader a broad sight view about the current testing approach. 
Other than these, MIL-STD 810F is also referred in some section of this 
thesis.  

6.1 nCode International 

“Accelerated Vibration Testing Based on Fatigue Damage Spectrum” is 
derived from French military standard (GAM EG-13) and NATO (AECTP 
200). It provides a methodology for mission profiling and test synthesis for 
a laboratory test profile. Hence, the synthesized profile should yield a 
fatigue damage of the same potential as the real world vibration within a 
reduced test time [14]. The method drives the test PSD profile from the 
cumulative FDS of different events. And it validates the result by 
comparing with the SRS and ERS of different events. Before proceeding to 
a discussion about the mission profiling and test synthesis, a short summary 
on SRS, ERS and FDS is given as follows. 
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6.1.1 Shock Response Spectrum (SRS) 

SRS is the maximum responses of a system due to the input loading. The 
system, here, is theoretically assumed to be a serious of a SDOF system. In 
other words, SRS is a maximum response of a Single Degree of Freedom 
(SDOF) system over a sweep natural frequency.  

The dynamic behavior of a system depends on its damping coefficient and 
natural frequency. In this spectrum, the damping coefficient is commonly 
assumed to be constant. As shown in figure 6.1, for the frequencies that are 
below the natural frequency, a SDOF system behaves like quasi-static 
while the frequency response function is attenuated at higher frequencies. 
From this, the dynamic amplification (Q) can be calculated by dividing the 
maximum dynamic response by the static response of a system. This can 
also be calculated by using equation 6.1. For 5%, the amplification 
factor will be 10. 

1
2  (6.1) 

 

Figure 6.1. Transfers function for SDOF system. 

The following is the procedure that is commonly used to calculate the SRS 
[9]. 

1) Filter the input acceleration (displacement) by SDOF (with natural 
frequency ) transfer function. 

2) Take the maximum response of the system and the corresponding 
natural frequency, . And mark a point on SRS. Do this by 
sweeping the natural frequency until the maximum frequency 
region. 

fn Hz 
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3) Finally merge the points that have been marked on the SRS 
together. 

 
Figure 6.2. Methodology for extracting the SRS from time domain input 

signal. 

6.1.2 Maximum Response Spectrum (ERS) 

SRS derives its spectrum from a time domain acceleration or displacement 
response. However, a real world vibration is mostly described by PSD. 
Using the same analogy as in SRS, in 1953, Miles derives an equation to 
calculate RMS spectrum response from PSD of the random signal. He 
estimated the amplitude distribution of the response signal by a normal 
(Gaussian) distribution.  

, 2 · · ·  (6.2) 

,
,

2  
(6.3) 

However, in contrast to Mile’s estimation, in 1964, Bendat proposes the 
narrow band amplitude distribution as a Rayleigh distribution, but not a 
Gaussian distribution. [14] Then Lalanne modified the work of Mile’s by 
introducing the Rayleigh pdf to the already formulated equation. The 
response spectrum found from this equation is commonly known as 
Extreme Response Spectrum (ERS).[9] 

· · · ·  (6.4) 

2  
(6.5) 

h(t)

t * =
a

fn 

a

fn 

Input Output SRS 
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SRS and ERS are of the same thing. SRS are mostly used to determine the 
response of a system to shock; whereas the ERS is used to determine the 
expected response of a system for a long time [9]. 

6.1.3 Fatigue Damage Spectrum 

Fatigue damage spectrum is the damage content of the acceleration (or 
displacement) signal on a SDOF system. This can also be described as an 
extension of SRS to fatigue damage of the material [15]. The FDS of a 
system can be calculated from time or frequency domain of input 
acceleration. Like the SRS, the method assumes the system as a SDOF 
system. From response of a system the damage is calculated by using 
Palmgren-Miner’s rule and Wöhler curve. The common time domain 
procedure for extracting the FDS of a SDOF system is given below. [16] 

1) Find the response of a SDOF system for a particular natural 
frequency,  . And extract the histogram of the amplitude by using 
a cycle counting methods that have been discussed in section 6.1.1. 

2) Using a Palmgren-Miner’s rule and S-N curve, calculate the damage 
from the obtained histogram. Mark a point on FDS.  

3) Repeat step 1 and 2 by sweeping the natural frequency up to the 
maximum frequency range. 

 
Figure 6.3. Methodology for extracting the FDS from time domain input 

signal. 

On the other hand, on the basis of the initial work done by Bendat and Rice, 
Lalanne propose a method that calculates the FDS from input PSD [14]. 
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2 2

/

· 1 /2  (6.6) 

Where:  K: spring stiffness 

r: gamma function 

b and C: material parameters from S-N Curve 

6.1.4 Mission Profiling and Test Synthesis 

The aim of these two processes, mission profiling and test synthesis, is to 
extract a PSD profile for a laboratory test use. In the mission profiling, the 
anticipated real world vibration of different events is measured and the 
corresponding FDS, which shows the damaging potential of each event, is 
determined. These events can be packaging, transportation, operational or 
other events for an anticipated real world vibration. As explained earlier, 
the FDS can be extracted both from time history and PSD; whereas, SRS 
and ERS is a time domain and frequency domain representation of the 
maximum response of a system. The total FDS of different events is then 
calculated by summing all FDS together. On the other hand, the SRS and 
ERS of each event are measured and the envelope of the total is taken. See 
figure 6.4. From this, the total excitation signal of the mission is 
characterized by owing to its fatigue potential and the maximum occurrence 
amplitudes. 

 
Figure 6.4. Mission profiling and test synthesis. [14] 

Calculate SRS 

Calculate FDS 

Calculate FDS 

Calculate ERS 

Envelope of all 
SRS

Envelope of all 
ERS

Synthesize 
test PSD 

SRS 
Comparison 

ERS 
Comparison 

Mission 
events 



36 

 

As can be seen in figure 6.4, from the cumulative FDS, the final test profile 
is synthesized according to equation 6.7. Owing to the variation in the 
dynamic loading and components a safety factor (k) is introduced. 

2 2 · · ∑
1 /2

/

 
(6.7) 

The test ERS is then compared with ERS and SRS of the measurement. 
Theoretically, it should lie in between the ERS and SRS. The ERS of the 
synthesized test PSD should be greater than the measured ERS in order to 
include all the amplitudes. It should also not to be greater that the SRS of 
the measurement to avoid the risk of failure by overloading the structure. 
However, as the test ERS is very rare to come inside in between the 
measured ERS and SRS practically, GAMEG 13 compares the spectrums 
based on their mean value, which means; the mean value of ERS of the test 
PSD should be greater that the mean value of the measured ERS and lower 
that the mean value of measured SRS. 

6.2 Standards for Engine family components 

Most engineering standards, which are currently used to test the vibration 
durability of an engine family component, are more or less similar. Here, in 
general, the process of the collecting and analyzing the real world vibration 
for laboratory use is described as follows.  These standards characterize the 
excitation vibration loading, which is induced by the running engine, 
directly by measuring at the point of interest. Hence, the PSD profile for a 
laboratory shaker test is extracted in a way that it should have the same 
damaging potential as the real world vibration. 

To obtain the test PSD profile, first, the measured data has to be collected 
under two different conditions, engine speed sweep and engine constant 
speed. In the first case, the measurement takes place in a condition where 
the speed of the engine ramps up by some constant (in rpm/sec) from high 
idle to low idle state. Hence, a maximum vibration level of each frequency 
is collected and the total PSD profile will be formulated.  

On the other hand, for engine constant speed condition the acceleration data 
is collected at a constant engine speed for predefined time. Using the same 
procedures, the acceleration data will be measured for various engine 
speeds. Hence, the highest overall Grms value and the corresponding engine 
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speed will be determined. Then by dividing the PSD profile of the engine 
speed sweep by factor α, the level of the PSD profile will be reduced. 

 
(6.8) 

This is because; the total spectrums should have to have the same power as 
for a single speed. Finally the formulated PSD profile will further be 
reduced by the exaggeration factor (A) according to the below. 

 (6.9) 

Where, b is a material constant from S-N curve (Basquin constant)  
 
Therefore three samples of component will be tested against the developed 
test PSD profile for a predefined test time. Hence, to verify if the 
component can withstand the real world vibration for 15 years of its service 
time, all the three samples (one for each direction) should pass the test 
requirement. Otherwise the test component is said to be unfit.  



 

7 A New

An accelerate
component gi
the method w
The test start
proceed with
laboratory. As
obtained. Thi
method for co
gives emphas
the test by con

Figure 7.1. 
durability

Moreover, as
fatigue streng
vibration. On 
round. See fi
world vibratio

7.1 Basic

The sensitivit
its dynamic 
vibrate with 
vibration amp
which is mor
particular part
band that cor
spectrum. Th

w Vibra

ed vibration te
ives strong em

works with a li
ts by assessing
h an accelera
s an outcome, 
is chapter des
omponents. U
sis to a detail 
nducting a com

Today's Vibra
y testing metho

 can be seen 
gth of the test 

the other hand
igure 7.2. It i
on through the

c Assumpti

ty of a compo
behavior. At 
different mod

plifies the inpu
e likely to be 
t of a compon
rresponds to th
he basic assum

38 

tion Tes

esting method
mphasis to the
ittle knowledg
g a real world
ated vibration
the two most 

scribes about 
Unlike today’s 

investigation 
mprehensive in

 
ation 
od. 

in figure 7.1,
object throug

d, the newly d
investigates th
e fatigue streng

ion 

onent towards 
different res

des of vibrati
ut vibration loa

sensitive. In o
nent is more se
he resonance 

mption for this

ting Met

ds that are cur
e excitation sig
ge about the co
d vibration of 
n testing of 
conservative r
a new vibrati
testing metho
carried out on
nvestigation on

Figure 7.2
durability

 today’s appr
gh the PSD pr
developed meth
he damaging 
gth of the test o

the induced v
sonance frequ
ion. Conseque
ad at different 
other words, t

ensitive only to
frequency, bu
s method deri

thod 

rrently used to
gnal. In other 
omponent und
different even
a componen

results: pass / 
on durability 

od, the new ap
n test object. I
n the test obje

2. A new vibra
y testing metho

oach tries to 
rofile of a real
hod works oth
potential of th
object. 

vibration depe
uencies, comp
ently, each m
part of a comp

this is to mean
o a narrow fre
ut not on a co
ived from the

o test a 
words, 

der test. 
nts and 

nt in a 
fail are 
testing 

pproach 
It starts 
ct. 

 
tion 
od.

see the 
l world 
her way 
he real 

ends on 
ponents 

mode of 
ponent, 
n that a 
quency 

omplete 
e above 



39 

 

implication. The life of a particular part of a component depends on the 
level of the vibration load induced at a narrow frequency band, which 
corresponds to its resonance frequency. The effect of the other frequency 
band can be ignored. 

On the other hand, it is worth to predict (theoretically) the optimal test 
hours for fatigue testing. This is founded on a fact that most material 
exhibits a fatigue endurance limit at which finite and infinite life of a 
material meets up on the S-N curve, although there are some exceptions. As 
it has been discussed earlier, the test for the S-N curve will mostly be 
finished after 107 to 108 cycles. This is to mean that, if no failure is 
observed until the endurance limit (which is 107), the imposed loading is 
assumed to be in the infinite loading region, which creates no failure 
afterwards. Hence, to be able to find the failure modes of most materials, it 
is more intelligent to perform a test with a particular loading up to 107 
cycles. 

By using a narrow band solution concept, the maximum number of cycle at 
the endurance limit is calculated from expected peaks per second, E[P]. The 
expected peak per second, which is calculated from the moments, is 
multiplied by the test duration (T) to obtain the total number of peaks. 
Based on this theoretical formulation, hence, the test duration (T) that is 
required to create 107 cycles is calculated for this particular study. 
Accordingly, for a four narrow frequency bands that will be discussed in 
section 8.2.2, a 70 hours test can induce the desired number of cycles (107).  

7.2 Methodology 

The test procedure for the newly developed test criteria should be 
performed in a well-organized and structured manner. The procedures are 
illustrated in to three main steps. However, this may be bendable or include 
other steps, depending on the test object and extent of the work. However, 
in general, the test procedure is given as follows. 

Step 1. First of all, modal analysis of a component should be 
performed. As an outcome, the modal parameter of the 
component (the resonance frequency) will be extracted. See 
figure 7.3 (step I). This is advantageous in dividing the best 
possible test frequency ranges according to the resonance 
peaks. On the other hand, it is also good to have a measured 
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real world vibration profile before starting the test. This is 
helpful in limiting the maximum vibration level (in PSD) that 
the test should search until an observable failure exists.  

Step II. Conduct a test on a component at narrow frequency band. 
Start the test with an arbitrary PSD level for 70 hours of test. 
Depending on the result obtained, adjust (decrease/increase) 
the PSD level to get an appropriate vibration level that 
corresponds to a 70 hours test. See figure 7.3 (step II). Here, 
the vibration level of a 70 hour laboratory testing is 
accelerated to match up the vibration level of 15 years of 
service life. This is to mean that if the component fails before 
70 test hours (15 year of service life), the component is not 
enough to withstand the vibration at this test level; so that 
repeat the test by decreasing the vibration level. On the other 
hand, the component should also not properly work after 70 
hours (15 year of service life). From design point of view, the 
life after 70 hours of test is considered a loss. Hence, search 
for an appropriate PSD level that maintains the 70 hours test 
duration. 

Step III.  Reduce the obtained PSD levels by a scaling factor 
(commonly known as exaggeration factor), to have a PSD 
profile that corresponds to 15 years of real world vibration. 
The mathematical expression for the exaggeration factor 
depends on the type of the characteristics of the vibration. The 
exaggeration factor for a random vibration is given as follows.  

 (7.1) 

MIL-STD 810f standard recommends the value 4; 
whereas, Curtis A.J. has used 2.4 and 9. Here, b is 
the material constant, which is known as a Basquin constant. 
On the other hand AIR 7304 uses the exaggeration factor as 

 1.2 for random vibration, without specifying the n and b 
values [6].  
The developed PSD profiles will thus be combined and put 
together in one diagram. As a result, the durability of a 
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component to the excitation vibration within different 
frequency ranges can be determined. See figure 7.3 (step III). 
This will then be compared to the field measurement of 
different applications to see if the component is durable.  

 
Figure 7.3. Test procedure for the new vibration durability testing method. 

7.3 Advantages 

In comparison to the existing methods, the newly developed testing method 
has a number of advantageous. Some of these advantageous are given as 
follows. 
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- Here, this new approach provides comprehensive information about 
fatigue life of the component at different frequency regions. Hence, 
one can identify the frequency ranges at which a component is more 
likely to be sensitive when it is subjected to a dynamic loading. 
From design point of view, this will help the engineers to optimize 
the design of a mounting system that can attenuate the most severe 
frequency regions. 

- In today's approach, comparison of two different vibration profiles 
can be made provided that they belong to different categories (pass 
and fail). In other words, comparison is not possible for vibration 
profiles of the same category (pass/pass or fail/fail). In the new 
testing method, however, different vibration profiles can be directly 
compared with each other by referring to the characteristics of the 
component. This is helpful, for instance, to identify the best possible 
place to mount the component in the assembly.  

- The damage of a component is more likely to start from the part of a 
component that corresponds to the resonance peak. From a detail 
investigation at each narrow frequency band, each failure modes can 
be examined. So that a weak part of a component can be identified. 
This will be a good input when re-designing is required.  

7.4 Test Environment 

The test environment for the newly developed vibration testing approach 
can vary from one component to another or/and from one application to 
another. This depends mainly on the type of the component and the area of 
operation that a component most likely works. This method is an extension 
of the currently used test methods. Hence, any combined environmental test 
and other experimental set ups can be performed according to the 
previously used standard.  

7.5 Application and Limitation 

This testing method is designed to work for every application. However, 
since it is a newly emerging method, as of today, it is very difficult to have 
a common thought for all components. In principle components have a very 
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broad range of design complexity. For example, some component may be a 
non linear system that requires a close examination under non linear 
dynamics. In this study, a test is carried out only on a truck’s alternator, 
which is a linear system at least in the lower frequency ranges (this will be 
discussed later). Hence, an investigation towards a proper PSD level 
depends on a dynamic behavior of the test object.  

As mentioned earlier, the method characterizes the component based on a 
linear cumulative damage theory (Palmgren-Miners rule). However, due to 
the limitations discussed in section 3.3, the outcome from this analysis may 
tend to be conservative. Depending on the demanded accuracy, non linear 
cumulative damage theories could also be used.  

On the other hand, it is known that the dynamic behavior of the two 
samples of the same type could not be absolutely identical. A slight 
difference in part design or geometrical shape may result in change in 
dynamic behavior of a sample. This makes the analysis, which is carried 
out on components in judgment of their dynamic behavior, more tricky. 
Like any other dynamics (e.g. stress-life analysis), a result obtained from 
this test has a statistical variation. In fact, the variation depends on the type 
of a component. For some component this may be very small. However, 
this gap can be filled in by performing a lot of testing to make the variation 
very smooth. 
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8 Case Study on Truck Alternator 

In this chapter, using the newly developed testing approach, an alternator of 
a truck is tested under four different frequency regions. Consequently, a 
maximum vibration profile that an alternator withstands will be determined. 
This result will then be compared with a real world vibration for 
verification. Before describing the test procedures, the basic working 
principle of a car alternator is explained shortly in the following paragraph.  

Truck alternators are electromechanical components, which are used to 
recharge a battery and supply an electric energy to all truck's electrical and 
electromechanical equipment. It generates this power by converting the 
mechanical rotation of the engine crank shaft to the electrical energy 
through magnetic induction. A rotor of the alternator, which consists of the 
axle, copper coil winding around the axle, slip rings and two poles of press 
fitted iron core, is connected to the engine crank shaft vie belt. Through the 
slip rings, a small amount of current (relative to the output current) is feed 
to the copper windings to create a magnetic field around the rotor. During 
the engine operation, the belt will rotate the rotor inside the stator (a 
stationery three phase wire connections). In other words, the magnetic field 
is rotating inside the stator that creates an alternating current (AC) within 
the stator coils. The induced AC current is then converted to the direct 
current vie six diodes (two for each phase) and supplied to the battery and 
other electrical components. On the other hand, depending upon the 
demand, the regulator of the alternator will regulate the output voltage by 
controlling the input current to the rotor. 

For this particular study a Mitsubishi’s alternator is tested according to a 
new testing method, which has been discussed in chapter 7. This alternator 
is fitted to Scania’s DL & DP engine. The technical specification is given 
as follows.  

Part no.: 1884268/1794116 
Mitsubishi Electric Corporation. 
Output voltage: 24 V 
Output current: 100 A 
Mass: 7.2 Kg 
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8.1 Experimental Set-up: 

Prior to the analysis, an experimental set up is illustrated. The entire 
experiment work is carried out in two phases: modal analysis and vibration 
durability testing. Each phase has its own experimental set up. On the other 
hand, the fatigue testing of the alternator is also carried out in a separate 
experimental set up. Overview on each test set up is discussed in the 
following subsections. 

8.1.1 Experimental set up for modal analysis 

The modal testing of the alternator can be performed under two different 
conditions: free-free condition and operating condition. In the free-free 
condition, the test object is assumed to be a freely suspended structure. A 
modal analysis that has been performed under this condition gives good 
system behavior. On the other hand, in the later case, the alternator is fixed 
on the mounting system that bears a resemblance to the reality. However, 
one disadvantage with this method is that the excitation energy will be 
dissipated to the surrounding (fixture, bolts or else) that reduces the quality 
of the analysis. For this particular study, modal analysis of the alternator is 
performed while it is mounted on the slip table of the shaker. See figure 
8.1. Here, in order to be able to get access to the entire surface of the font 
housing, a pulley is dismounted from the alternator. 

 
Figure 8.1. Mounting system for modal analysis. 

Mounting system 

Accelerometer 
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On the other hand, the excitation source that can induce a vibration on the 
alternator can be: hammer or shaker excitation. A test that has been 
performed by using hammer excitation, unlike shaker test, is a very fast 
process as it does not need a complicated experimental set up. This is also a 
simple process as the excitation point can easily be changed. In contrast to 
this, it has also a number of drawbacks. One disadvantage of this method is 
that it is difficult to work with non-linear or/and over damped systems. And 
also exciting the structure needs skill as the flow of hit should be steady. 
Here, for fast procedures and also as the quality of the measurement is not 
that much critical, impact hammer is selected as an excitation source. 

8.1.2 Experimental set up for vibration durability testing 

In the durability testing, a close loop vibration test set up is used. The 
followings three groups of hardware are the basic hardware’s that are 
commonly used in most vibration durability testing. In this particular study, 
LDS vibration system (V8-640) has been used. Other than the mentioned 
hardware’s, this system includes some additional features. See figure 8.2. 

• Input hardware: this group of hardware consists of signal generator, 
amplifier and shaker. By the user initiation, DACTRON SHAKER 
CONTROL software directs the signal generator to produce a very 
low signal for the shaker excitation. DACTRON SHAKER 
CONTROL software offers different kinds of excitation signals. For 
example, random signal or periodic signal. Before feeding the 
generated signal directly to the shaker, it should be amplified by the 
signal amplifier. This signal will direct an electrodynamic shaker to 
induce a dynamic displacement on the slip table by moving back 
and forth. 

• Feedback: this group consists of an accelerometer, cables and other 
accessories that are required to transfer information from the 
accelerometer to the control unit. The accelerometer is fixed at the 
point of interest where the vibration level should be controlled. In 
this study, the accelerometer is attached to the mounting system of 
the alternator. This is because; the idea of the testing is to verify the 
durability of a component for a random vibration level at its 
boundary. The exterior of an alternator to relay with the external 
(engine) is through its mounting system.  
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• Control unit: the control unit is used to control the output vibration 
level by regulating the input to the signal generator. This means, the 
information, which is collected by the accelerometer, is sent to the 
control unit as a feedback in order to keep up the output vibration 
level according to the requirement. However, if there is any 
deviation, the control unit regulates the input signal from the signal 
generator.  

 
Figure 8.2. LDS vibration system layout (LDS Manual). 

As it has been mentioned above, most vibration durability testing of a 
component is based on the input excitation. Hence, the input vibration level 
at the point of interest should be controlled in order to get the required input 
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profile. For this test, the input vibration level is controlled by the 
accelerometer on the mounting system of the test items. This is based on 
the assumption that the test object is rigid as compared to the vibration 
exciter. However, this assumption is conservative for large equipment as 
the vibration exciter and test object is most likely to be considered as a 
single object [18]. In other words, the vibration level of the slip table at the 
fixture will not be equal whether the test object is attached or not. This is 
due to the fact that the test object will affect, regardless of the amount, the 
stiffness and mass of the total system. Other than this, there are also other 
ways of controlling the excitation: force control strategy, acceleration limit 
strategy, acceleration response control strategy and open loop waveform 
control strategy. [18] 

For a good replication of a real world environment, additional 
environmental stress (other than vibration) is included during the test. From 
practical point of view, alternators are usually operates in different 
environmental conditions: like high/low temperature and humidity. In fact 
this study is not intending to investigate and give a conclusion about 
environmental stresses other than vibration. However the expected 
environment that an alternator is possibly operates during its service life is 
simulated inside the temperature chamber. As can be seen in figure 8.4, a 
chamber is installed over a slip table of the shaker. The temperature inside 
the chamber, cycles from -250C to +850C, whereas the humidity alternates 
from +23 to +62.  

On the other hand, to make the test more feasible, the vibration test should 
also be performed on the rotating alternator. This is because of two reasons. 
First, the characteristic of most rotary machinery depends on their 
rotational speed. The resonance frequency of the rotating machinery is 
highly dependent on the rotational speed. Second, since electrical failure is 
tricky to detect visually, the alternator should be tested for its functionality 
along with the vibration test. The alternator should generate the output 
voltage, within the required range, throughout the test. Hence, to be able to 
get output, the alternator should rotate at its operating speed. Here, the 
speed of the alternator is more likely to vary between 1800 rpm and 8000 
rpm. However, for this particular study a 5000 rpm, which is a rotational 
speed at normal condition, has been taken. Therefore, to insure the 
rotational speed at 5000 rpm the alternator is coupled with an electric motor 
via belt. See figure 8.3. On the other hand, the external control unit is 
connected to the alternator output (B+), grounding (B-) and Exciter 



49 

 

(IG(15)). The main task of the control unit is to check if the output voltage 
is within the desired limit.  

Practically alternators are subjected for an engine induced vibration in three 
directions: x, y and z axis. Hence, the alternator should be tested in all axes 
of excitations to verify its durability completely. For this particular test, 
however, only the vibration that exists in the x-direction is studied. 

 
Figure 8.3. Alternator-electric motor coupling inside the temperature 

chamber. 

 
Figure 8.4. Experimental setup. 

8.1.3 Experimental set up for fatigue testing 

The fatigue test for an alternator is performed on MTS servo hydraulic 
uniaxial fatigue testing system. The aim of this machine is to induce a 
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cyclic tensile loading on the alternator assembly in the axial direction. The 
lower part of MTS machine is stationary; while the upper part of the 
machine generates a uniaxial loading by moving up and down.  

   
Figure 8.5. Alternator on the MTS machine. 

As can be seen in figure 8.5 the alternator is mounted on the custom made 
bracket vie four screws. This is to fix the test object in place during the test. 
The alternator axle is connected to upper grip of the MTS machine via a 
custom made handle; whereas its backside is attached to the lower grip vie 
bracket. 

8.2 Experimental Procedures 

In this section, the experimental work for the tests that are performed on an 
alternator is discussed. Based on the newly developed testing method, the 
test is carried out on a number of alternators. The procedure is according to 
the steps given in section 7.2. This includes the modal analysis and 
vibration durability testing. In addition to this, fatigue testing for S-N curve 
of the alternator is shortly summarized at the end.  

8.2.1 Test Procedure for Modal Analysis 

The most important factor that would affect the reliability of most 
experimental result is the pre-test procedure. This means that the 
trustworthiness of the output result depends on how much effort has been 
done during the pre-test procedure. Hence, before performing the modal 
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analysis, one should take time for the pre-test procedures. Accordingly, 
prior to frequency response function (FRF) measurement, the following pre 
test procedures is carried out on the alternator. [19] 

In fact, the overall test set up can be checked and verified by referring to 
the quality of the measured FRF. Owing to this, the overall test set up for 
the modal analysis of the alternator is verified according to the following. 

a) Driving point FRF: the driving point FRF should be checked if 
there is any irregularity over the frequency ranges. The 
imaginary part of the accelerance and receptance, or the real part 
of the mobility should go in only one direction. A poor driving 
point FRF can be resulted by an improper attachment of the 
accelerometer. Figure 8.6 shows the imaginary part of the 
measured driving point accelerance at point 1 (see figure 8.10). 

 
Figure 8.6. Imaginary part of the point accelerance, H11. 

b) Linearity: the non linearity of the system is checked by 
conducting with a different level of impact loading. For linear 
structure, the frequency response function is independent of the 
excitation load. Although checking the non linearity of a 
structure with the hammer test is difficult, a rough estimation is 
carried out on three FRFs. These FRFs are from three different 
excitation loads, i.e. small, medium and hard excitation. The 
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output acceleration is measured at point one by conducting the 
input excitation load at point one. See figure 8.10. Hence, as can 
be seen in figure 8.7, the alternator resembles to a linear system. 

 

Figure 8.7. Accelerance  under small, medium and hard excitation load. 

c) Reciprocity: According to Maxwell’s reciprocity theorem any 
FRF of the structure should be equal to the FRF that is obtained 
by interchanging the measurement and excitation points. In this 
case, the FRFs of the alternator at point one (figure 8.10) and 
rear housing have been measured and compared together. See 
figure 8.8. Therefore, the test can be said that it has a good 
reciprocity as the two plots are more or less similar. A poor 
quality of reciprocity can depicts an improper attachment of the 
accelerometer. 
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Figure 8.8. Hreal,1 and H1,real for reciprocity check. 

After finishing the pre-test procedures, a number of FRFs of the alternator 
at the front housing is measured. Frequency response function depicts the 
input-output relationship of a structure. It is commonly expressed as a 
response magnitude (in dB) and phase (in radian). Mathematically the FRF 
is formulated as a complex number. 

 (8.1) 

2 2  (8.2) 

arctan  
(8.3) 

As shown in figure 8.9 and 8.10, the time domain response (acceleration) of 
the alternator is measured at point one by roving the hammer excitation at 
35 different places. By the use of FFT, the measured time history of the 
input force and output acceleration is transformed into their corresponding 
frequency domain representation. The accelerance is calculated by dividing 

0 500 1000 1500
10-4

10-3

10-2

10-1

100

101

Frequency [Hz]

A
cc

el
er

an
ce

 m
/s

2 /N

 

 
Hrear1

H1rear



54 

 

the FFT of acceleration by FFT of the force. As an extension of this, the 
corresponding mobility (Velocity/Force) and receptance 
(Displacement/Force) is calculated by dividing the obtained accelerance by 
jω and -ω2 respectively. 

 
Figure 8.9. Alternator front 

housing. 

 

Figure 8.10. Excitation points.

From the measured FRFs, the modal parameters (which is resonance 
frequency (pole) and mode shapes) is extracted.  Two steps of approach 
have been followed to acquire the desired outputs. In the first part of the 
analysis, the poles is determined from the measured FRFs using a curve 
fitting and Mode Indicator function (MIF). MIF, which is illustrated in 
figure 8.11 as a blue line, is determined by the summing the absolute (or 
imaginary part) of all FRFs. [19] This plot is peak at the place where the 
global modes located. On the other hand, the poles of an alternator can also 
be located by using curve fitting. As shown in figure 8.11,  the green points 
show the true poles of an alternator that are stable. Whereas, the red points 
show the computational (extra) poles, which is not exactly a true poles. 
Thus, the alternator has six resonance peaks, in the frequency region from 
200 Hz to 650 Hz. 
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Figure 8.11. A stability diagram lying upon the Mode Indicator Function 

In the second step, owing to the poles extracted in step one, the mode shape 
of the alternator front housing at different modes of vibration is drawn. In 
figure 8.12, the mode shape of the front housing at the first modes of 
vibration (250 Hz) is shown. 

Figure 8.12. First mode of vibration of the front housing at the 250 
Hz. 

8.2.2 Test procedure for vibration durability testing 

For the new durability testing of the alternator, the entire test frequency 
region is divided into a narrow frequency bands. Hence, based on the modal 
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analysis carried out in section 8.2.1, the test frequency, which is from 20-
650 Hz, is divided in to four narrow frequency bands. These are: region 1 
(20-200 Hz), region 2 (200-290 Hz), region 3 (290-400 Hz) and region 4 
(400-650 Hz). The three narrow frequency bands (2, 3, and 4) encloses at 
least one resonance peak in their region, while the fourth one (region 1) 
does not include any resonance peak. See figure 8.13. The overlaid transfer 
function is from the measured output acceleration at point 17 (see figure 
8.10) and the input shaker’s excitation (in acceleration) at the mounting. 
The ideas of including region one to the test profile is to get the same kind 
of failure as in region two. This will help to show how to superimpose the 
narrow frequency bands that include the same kind of failure modes in two 
frequency regions. 

 
Figure 8.13. Test frequency bands overlaid with the transfer function 

As shown in figure 8.14, the test specification for each narrow frequency 
band (from f2 to f3) should be formulated according to the illustrated 
profile. In order to avoid sudden steps ups and downs, a +30 dB/oct slope is 
introduced before the lower frequency (f2) and after the higher frequency 
(f3). This mainly depends on the slip table of the shaker.  
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Figure 8.14. PSD profile for vibration durability testing. 

8.2.3 Test procedure for fatigue testing 

The purpose of this testing is to generate the S-N curve for the alternator. 
This is carried out under a sinusoidal loading in the axial direction. Using 
force controlled test set up, nine different tests is performed under zero 
stress ratios. This is to mean that the loading is fully tensile. The test 
frequency is taken as 10 Hz since it is away from the first resonance 
frequency of the alternator. On the other hand, the limit for the upward 
movement of the alternator is taken as 1.85 mm. This displacement is takes 
because cracks are most likely generated at this displacement. Then, the 
maximum cycle to failure is counted for each induced cyclic loading.  

The test for the fatigue curve is commonly started from the low cycle 
loading to the high cycle loading. However, starting the test without 
knowing the amount of loading to apply makes the test a little tricky. 
Hence, in order to estimate the low cycle loading, first the alternator is 
loaded with the static loading until the expected failure has been observed. 
For this case, the crack at the front housing is observed at a 30,000 N of the 
static loading. This loading is assumed to be a fracture limit of the 
alternator. According to the recommendation I got from UTMY 
department, the first cyclic loading is reasonable to take 60% of the static 
loading. Accordingly, the alternator is initially tested by 18,000 N cyclic 
loading. Then, the rest of the tests will be performed by reducing the loads 
until the maximum number of cycle reaches 106.  
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9 Result 

Vibration test results that are carried out at four different frequency regions 
are illustrated in table 9.1. An appropriate vibration level at each frequency 
region that shows the endurance limit of the alternator has been determined. 
In the first and second frequency regions, a mechanical failure has been 
observed above a vibration level of 1.6 g2/Hz (25 hrs) and 0.15 g2/Hz (70 
hrs) respectively. However, the appropriate vibration level at the first 
frequency region corresponds to 25 hrs of test. Hence, to be able to get the 
PSD level that corresponds to the 70 hours of test, some theoretical 
calculation has to be made. This PSD level can be estimated from the 
following theoretical equation: 

   
/

 
 

(9.1) 
   

Where: 
9.2166, Basquin constant for Aluminum Alloy 19 [22] 

: the appropriate PSD level for 70 hours of test, =70 hrs 
=1.6 g2/Hz: the appropriate PSD level for 25 hours of test, =25 

hrs 
   

1.6
25
70

/ .

 
 

(9.2) 
   

1.3 g /Hz  (9.3) 
   

On the other hand, the second and third regions have also been tested with a 
PSD level up to 0.4 g2/Hz and 0.8 g2/Hz respectively. In region three, an 
intermittent electrical failure has been observed. However, in region four, 
no severe damage has been observed, other than a little damage on the rear 
bearing. Therefore, the test should not go much higher than the field 
measurement, as the effect of this region to the total cumulative damage is 
insignificant. In this particular study, the alternator has been tested with a 
test PSD level up to 400% of the field measurement. In other words, this 
can be said that the damaging potential of the PSD level of the field 
measurement is less than one percent of the test PSD level. The theoretical 
formulation is discussed as follows. Consider the two PSD levels of the 
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field measurement and the laboratory test in this region. See figure 9.1. 
Owing to the exaggeration factor and linear cumulative damage theory, the 
damaging potential of the field vibration (Da) is expressed by that of the 
laboratory test (Db). The amount of the damage that the test vibration 
induces after 70 hours is given as: 

   
70

  
(9.4) 

   
Where, T2 shows the time to failure under the random vibration of  
0.8 / . Using the above relation and the exaggeration factor, the time 
to failure under the random vibration of 0.2 /  is obtained as: 

   
.

 
 

(9.5) 
   

70

0.25 . ·
  

(9.6) 
   

From this, the amount of damage that is imparted by  0.2 /  is 
estimated as a function of Db for the same test duration. Therefore, the ratio 
of the field vibration damage to that of the laboratory is found to be less 
than one percent. This shows that the potential of the field vibration to 
damage the alternator is very small.  

   

0.6% 1%  
(9.7) 

   

 
Figure 9.1. Test result for region 4. 
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Table 9.1. Test result summery at four different frequency regions. 

Region Frequency 
range [Hz]

PSd level 
[g2/Hz] 

Total 
time 
[hr]

Remark 

1 20-200 

0.2 70 Pass 
0.4 70 Pass 
0.8 70 Pass 

1.6 30 Mechanical 
failure 

2 200-290 
0.2 61 Mechanical 

failure 
0.15 70 Pass 

3 290-400 

0.2 70 Pass 

0.4 70 Pass 

0.8 6 Electrical 
failure 

4 400-650 

0.15 70 Pass 

0.2 70 Pass 

0.4 70 Pass 

0.8 70 Pass 

Full range 20-650 10% reduced 50 Mechanical 
failure 

Full range 20-650 20% reduced 70 Pass 

In order to conclude about the strength of the alternator, the test result has 
to be compared with the PSD profile of the field measurement as shown in 
figure 9.2. However, the test profile of each frequency regions could not be 
directly sum up together. This is because; each test is intended to find the 
minimum PSD level that imparts 100% damage on a component. Therefore, 
adding any other load will maximize the total energy of the PSD profile, 
which leads the component to fail earlier than expected. 
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Figure 9.2. Comparison of test result with the field measurement. 

Thus, regardless of its shortcomings, a Palmgren-Miners law is used to 
estimate the test PSD profile that corresponds to 70 hours test. Hence, in 
region one and region two, 100% of a mechanical failure has been 
perceived. On the other hand, the damage due to region three and region 
four is assumed to be 10 %. This assumption is made by the author 
based on the fact that every cyclic loading, regardless of its level, leads 
aluminum to failure. Therefore, the total cumulative damage will be the 
summation of the damage imparted by each frequency regions. 

 (9.8) 

100% 100% 10% 10% 220% (9.9) 

However, this value (220%) is too much that the component could not 
finish a 70 hours test. Therefore, in order to find a 100% total cumulative 
damage, the PSD levels has to be reduced according to Palmgren Miners 
law. For a 10%, 70%, 10% and 10% damages in region one, two, three and 
four respectively, the test PSD profile is drawn as in figure 9.3. 
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Figure 9.3. Reduced test PSD profile according to Palmgren-Miners rule. 

The theoretical analysis is given as follows. As described earlier, the total 
damage of the first region has been lowered to 10%. Therefore, owing to 
this, the amount of time to failure that corresponds to a 70 hours of test is 
calculated by using Palmgren-Miners rule. 

70
10% 

 (9.10) 

′ 700 hour  (9.11) 

Then, from the exaggeration factor, the PSD level, which matches up the 
10% damages, is calculated as: 

. 70
700

.

 
 

(9.12) 

0.8 /   (9.13) 

Using the same analogy for the rest of the frequency region, the total test 
PSD profile can be formulated. However, this theoretical calculation may 
not be practical because of two reasons. First, variation among different test 
objects should be considered. On the other hand, the cumulative damage 
theory (Palmgren-Miners law) by itself has shortcomings. See section 4.3. 
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Therefore, in order to make the above shortcomings insignificant, some 
assumption should have to be included. Consequently, the test PSD profile 
should reasonably be reduced. Hence, two final verification tests have been 
carried out by introducing a 10% and 20% reduction on the total PSD 
profile. The result has been illustrated in table 9.1. This reduction has been 
done according to the recommendation I got from my supervisors at BTH 
and Scania.  

 
Figure 9.4. Test PSD (with 20% reduction) overlaid the field measurement. 

Other than this, a fatigue test for S-N curve of an alternator has been 
conducted on nine different alternators. The test result is illustrated in 
figure 9.5 by the Wöhler curve. As shown in figure 9.6, the crack that has 
been seen is of two types (crack A and B). However, this failure is not as 
per the expectation. This is because; the failure mode that is observed from 
this test is not the same as the failure from the real world vibration. Here, 
the cracks are away from the centre of the axle as compared to vibration 
induced cracks. See figure 9.9 for comparison. 
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Figure 9.5. S-N curve for an alternator. Red point shows the endurance 
limit (Scania technical report 7007927). 

 
Figure 9.6. Alternator no 7 with two types of cracks displayed (Scania 

technical report 7007927). 

For this reason, the developed S-N curve could not be used for the analysis 
that conducts a different kind failure mode. Hence, for the vibration 
induced fatigue analysis a material based S-N curve has been used. From 
North American Die Casting Association, Alloy 19 has been selected since 
the material composition is similar with the alternator housing. [22] The 
Basquin constant is then calculated from the S-N curve of this alloy, 
i.e. 9.2166. See figure 9.7. 
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Figure 9.7. S-N curve for Alloy 19. [22] 

The failure that has been observed from the vibration testing includes a 
mechanical and electrical failure. The mechanical damage corresponds to 
the first modes of vibration as it has been seen in the lower frequencies 
regions (region one and two); while an intermittent electrical failure has 
been observed in the third frequency range. On the other hand, at the higher 
frequencies, no severe damage has been perceived. Elemental 
investigations have been carried out on a number of test objects. 
Consequently, the test results from each investigation is discussed and 
illustrated below. 

• Crack has been observed close to the centre of the front housing.  
Bolts were failed off. Some marks have been seen in the place 
where the lower bolts get in touch with the front housing. See figure 
9.8. This shows that bolts were subjected to a dynamic tensile stress. 
There are two possibilities that cause this damage. One possibility is 
that the front housing is stretching due to vibration and mass 
unbalance of the rotor, which will be discussed later. On the other 
hand, the bearing holder could also move axially. The crack mostly 
seen is a little offset to the right of the axle as shown in figure 9.9. 
This is caused by the modes of vibration. As shown in figure 8.12, 
in the first mode of vibration, the right side of the front housing is 
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on the surface of the steel ring. This tells that the rear bearing is 
moving axially inside the bearing housing. 

 
Figure 9.15. Encircling 

grooves on the rear bearing 
surface. 

 
Figure 9.16. Accumulated 

materials inside the rear bearing 
housing.

In addition to this, a microscopic picture on the surface of the 
bearing housing shows scratch in the axial direction. See figure 
9.17. This theory strengthens the conclusion that has been drawn 
earlier. The microscopic picture is taken from a technical report of 
UTMY department.  

 
Figure 9.17. An axial scratch on the internal surface of the rear 

bearing housing. (Scania ref. No. 7007153) 

• Two off-centre marks on the upper and lower part of the axle have 
been shown in figure 9.18 and 9.19. The same marks have also been 
seen at the internal circle of the front bearing. See figure 9.20 and 
9.21. They are located at the tip of the outer surface of the circle. As 
illustrated in figure 9.22, the two points (point A and B) where the 
axle gets in touch with the bearing will be subjected for maximum 
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Figure 9.25. Broken copper 

coil. 

 
Figure 9.26. Fracture surface 

of the broken coil. (Scania 
technical report 7008132) 

The conclusion for this arose from the fact that: (Scania technical 
report 7008132) 

• Striation mark on the surface of the fractured copper coil. 
See figure 9.27 and figure 9.28. 
 

 
Figure 9.27. Magnification 

of marked area in figure 
9.26. Arrow point on the 

point on the striation marks. 

 
Figure 9.28. Magnification of 
opposite part of figure 9.26. 
Arrow points on the striation 

marks. 

• No plastic deformation on the surface of the coil  
• No indication of damage that is caused by disassembling the 
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10 Conclusion and Discussion 

In this thesis work, a new vibration durability testing method, which aims 
for a design validation of a component, has been developed based on 
narrow frequency band. By using this method, a truck alternator has been 
tested and investigated at four different frequency regions. As an outcome 
an optimal test PSD profile has been formulated by superimposing the PSD 
level of each frequency regions. This has been done according to Palmgren 
Miners rule. On the other hand, a modal analysis and a fatigue test for an 
alternator have been carried out. The failure mode at each frequency 
regions has also been thoroughly investigated on a number of components. 
Finally, validation tests have been carried out to verify if the method is 
according to the expectation.  

Owing to the result obtained from the validation tests, the formulated test 
PSD profile for an alternator should have to be lowered by 20%. This is in 
order to get the optimal PSD profile that leads the component to fail after 
70 hours of test. However, for a test that is carried out under a 10% 
reduction, the alternator has failed 30% earlier than the expected. The 
deviation is mainly because of two reasons. First, the theoretical approach 
that has been used to calculate the total cumulative damage (Palmgren-
Miners rule) has a limitation. In contrast to Palmgren-Miners rule, a 
random vibration loading at each frequency region could not have a linear 
impact on the total damage. And also, the damage that is caused by one 
frequency region may depend on the other frequency regions. On the other 
hand, the design variation among the test object has also a great influence 
on the total result. Therefore, from experimental result obtained, the final 
test PSD profile of the alternator, which consists of four frequency regions, 
should include a 20% reduction. 

After obtaining the optimal PSD profile of the alternator, it has been 
compared against the field measurement. Accordingly, the alternator is 
more likely to be sensitive for the vibration loading in the first modes of 
vibration. In other words, the vibration level of the real world is very large 
in the first and second frequency region (from 20 to 290 Hz). From design 
point of view, the mounting system of the alternator should be designed in a 
way that it attenuates the vibration levels of the lower frequency range (20-
290 Hz). 
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Vibration induced fatigue failure of the alternator that has been examined 
throughout this study is a mechanical failure and an intermittent electric 
failure. Mechanical failure has been perceived in the frequency range from 
20 to 290 Hz, which is due to the first modes of vibration. The ultimate 
failure observed is a crack around the centre of the front housing. The cause 
for this is that the bearing is hammering the front housing from the inside. 
From the detail investigation that has been carried out, the bearing is 
moving (in axial and radial direction) inside the bearing housing.  This 
movement will let the bearing to hit the front housing. The axial movement 
has also been seen in the rear bearing. The main reason for the movement 
in the front and rear bearing is due to mass unbalance of the rotor. When 
the alternator is exposed for a vibration, the induced movement is 
magnified at the first modes of vibration. The higher mode shapes in the 
right side of the housing is offsetting the crack to the right. Hence, since the 
movement of the bearing is the main cause for the damage, gluing the 
bearing inside the bearing housing (regardless of other consequences) could 
be a solution. On the other hand, an intermittent electrical failure has been 
observed in the frequency range from 290 to 400 Hz. Copper winding has 
been broken inside its cover. From the microscopic picture taken on the 
surface of the broken copper wire, vibration induced fatigue marks has been 
noted. Therefore, fixing the copper winding inside its cover and making the 
copper wire stiffer and stronger is suggested as a design improvement. 

On the other hand, the result that is obtained for the S-N curve of the 
alternator shows the failure mode that is not expected in the field. As it has 
been discussed in the previous paragraph, the crack at the front housing is 
caused by the impact originated from the moving bearing. However, this 
bearing movement is created after the alternator has worked and exposed 
for a vibration for a long time. In this test, however, a sinusoidal loading is 
imparted axially on the non operating alternator for a short time. As this 
does not allow the bearing to move inside the housing, the stress 
distribution over the surface of the front housing will be changed. Hence, 
the failure mode that is observed from this test will not be the same as the 
vibration test.  

Finally, it can be said that the newly developed testing method is robust in 
validating the design of a component towards the induced real world 
vibration. This is because, the testing approach is mainly based the dynamic 
behavior of the test object itself rather than the excitation vibration load. 
However, as a future research, I would like to recommend a further study 
on the following subject matter. First, a study on how to optimize the 
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limitation of the method that is mainly due to the shortcomings of the 
Palmgren-Miners law. For example, this could be solved by using a non-
linear cumulative damage theories described by Marko and Starkey. [20] 
Second, further study on how to adopt a more advance empirical techniques 
rather than narrow band solution, like Dirlik’s empirical solution [21]. 
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