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Abstract 

Continued improvement of combustion engines to operate with lower fuel usage and lower 
harmful emissions leads to more and more complex engine designs. Computational fluid 
dynamics (CFD) is a method which helps predicting engine performance, reducing the reliance 
on engine tests. CFD can be used to optimise a geometry using a design of experiments (DOE). 
This study focuses on developing a simulation method to use for such large scale optimisation 
of air intake manifolds. 

The main focus in this study was the difference in flow quantities such as swirl number and 
pressure drop between the different cylinders for a given manifold. Four different simulation 
approaches were tested: one steady-state, two transient and one transient with a moving mesh. 
These simulation methods were tested on five  different geometries based on a six cylinder, 13L 
spark ignited (Otto) combustion engine and a six cylinder, 13L compression ignited (Diesel) 
combustion engine. The five geometries were compared using the different simulation 
methods, with the main goal of determining if the different simulation methods provide the 
same optimal geometry. The most complex simulation model, the transient simulation with 
moving mesh, was chosen as main reference case in absence of experimental results. 

Results of this mock design of experiments show that the different simulation approaches 
do not perform consistently enough to recommend using any of the tested methods in further 
optimisation studies. While the various methods showed significantly different results when 
comparing the differences in flow parameters between cylinders, using the steady-state or 
transient methods to predict the flow parameters in a single cylinder is a viable approach. 

Multiple possible causes for the inconsistent results are discussed, chief among which is the 
chosen grid generation approach and selected convergence criteria. A recommendation is 
made to improve the reference, moving mesh, case using scale resolving models. 
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Nomenclature 

Abbreviations and Acronyms 

Letter Description 

CFD Computational fluid dynamics 
DOE Design of experiments 

ICE Internal combustion engine 

TDC Top dead centre (piston location) 

BDC Bottom dead centre (piston location) 

IVO Intake valve opening 

IVC Intake valve closing 

RANS Reynolds-averaged Navier-Stokes 

CAD Crank angle degree 

 

Symbols 

Symbol Description Units 

A Area [m2] 
�̇� Mass flow rate [kg s-1] 

e Energy [J] 

Izz Moment of inertia [kg m2] 

Lz Angular momentum around z-axis [N m s] 

N Engine rotations per minute [rpm] 

q Heat flux [W m-2] 

R Specific gas constant [J kg-1 K-1] 

SN Swirl number [-] 

t Time [s] 

T Temperature [K] 

V Volume [m3] 

y+ Dimensionless wall distance [-] 

μ Viscosity [Pa s] 

ν Kinematic viscosity [m2 s-1] 

ρ Density [kg m-3] 

τ Shear stress [Pa] 

ω Angular velocity [rad s-1] 
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1. Introduction 

Internal combustion engines are developed and improved continuously at Scania to achieve 
high efficiency and low pollutant emissions. In this process, each component is engineered to 
maximise performance and reduce weight within design constraints. One of the components 
that is highly optimised is the air intake manifold of the internal combustion engine. The air 
intake manifold is responsible for distributing the incoming air flow over the different 
cylinders of the engine. To ensure that each cylinder performs well, it is important that the air 
flow into each cylinder is the same because this allows all cylinders to be optimised for that 
specific type of flow. This requirement of providing similar flow conditions to each cylinder is 
one of the constraints in designing an intake manifold.  

A Design of Experiments (DOE) is an important tool in the design process to automate the 
generation and testing of multiple geometries. The DOE process efficiency is mostly limited by 
the computational requirements of the individual simulation for each geometry. These 
simulations need to capture important flow characteristics while keeping computational costs 
to a minimum.  

Much of the previous work into intake manifold development utilises Computational Fluid 
Dynamics (CFD) simulations to model the flow. Early investigations include a transient 2D 
model developed by P. Li [1] as early as 1987. Later work utilises 1D models [2] to compare 
different manifold or 3D models [3]. The aforementioned studies all  focus on the intake 
manifold alone, including the intake ports for the attached cylinders. Since in-cylinder 
conditions are ultimately the most important factor in engine performance, models that 
include one or more cylinders were developed to capture in-cylinder flow conditions [4]. 

CFD models of in-cylinder conditions have progressed similarly over the past years, but 
until recently these models were limited to using a single computational grid. This limitation 
meant that only a single point in the engine cycle could be investigated, making it more difficult 
to predict real-world conditions. More recently moving grids have been introduced, making it 
possible to capture piston movement [5] or both piston and valve movement [6].  

Implementing a CFD model of an intake manifold in a DOE has already shown promising 
results [3, 7], but it is expected that modelling the intake manifold including the intake ports 
and cylinders will yield more reliable results as well as introducing the opportunity to select an 
optimal model in a DOE by considering in-cylinder parameters such as swirl or EGR level. 
Abdullah et al. [6] shows a moving grid model of an engine including both the intake and 
exhaust manifold with the goal of reducing dependency on experimental work in development. 

This project will investigate reducing the complexity of the simulation model for an intake 
manifold, which is designed to deliver similar flow conditions to all of the cylinders. The 
simulation models that can be used range from models including moving valves and pistons to 
steady state flow models. The aim is to study the effect of reducing the complexity of CFD 
simulations of intake manifolds to facilitate large scale Design of Experiments. Reducing the 
complexity reduces the computational cost which increases the number of designs that can be 
tested in the DOE. Multiple simulation approaches will be tested and compared using 
performance variables such as cylinder to cylinder variation in swirl, EGR level, volumetric 
efficiency (mass flow) and total flow losses in the manifold. Multiple geometries will be 
considered to verify that simulation strategies behave similarly in a DOE setting. 

1.1. Delimitations 

The simulation methods used in this study all use the same (un)steady Reynolds-averaged 
Navier-Stokes (RANS) approach with the k-ζ-f turbulence model. The flow conditions at the 
inlet of the intake manifold are assumed to be constant. Furthermore, only one engine 
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operating point will be investigated and only the intake stroke of the engine cycle will be 
considered. 

Some of the geometries studied in this study are confidential, which means they will not be 
included in this work. Since this study concerns model development, a non-confidential 
geometry will be used to illustrate simulation setup. 

The software used to execute the different simulations is AVL Fire version 2014.2 and the 
computational resources are provided by the engine development department at Scania CV AB. 
Lastly, the project has a time limit of 800 hours, corresponding to a 20-week period. 
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2. Theory 

This chapter provides details on the operation of an internal combustion engine (ICE), the 
impact of in-cylinder flow structures on engine performance and details the different 
simulation and meshing models used over the course of this project. 
 

2.1. Internal Combustion Engine 

The internal combustion engine creates work by converting the energy of expanding hot gases 
to mechanical movement by means of a piston. This basic principle is shared between different 
engine types such as an Otto engine or a Diesel engine. The cycle of the engines studied in this 
report consists of four different strokes: the intake stroke, compression stroke, combustion 
stroke and the exhaust stroke.  
 
The cycle starts with the intake stroke, where the piston moves downwards from its initial 
position at the top of the cylinder (Top Dead Center or TDC) drawing air into the cylinder 
through the intake valves. The intake stroke is completed when the valves close and the piston 
is at its bottommost position (Bottom Dead Center or BDC). In the following compression 
stroke, the piston moves back to TDC where fuel is added to the compressed air. While the 
piston is at TDC the mixture is ignited and the expanding gas pushes the piston down to BDC 
in the combustion stroke. Lastly, the piston moves back up to TDC while the exhaust valves are 
open to expel the exhaust gas from the cylinder after which the cycle starts anew. 
 
Within these four stroke engines, two types of combustion processes are used: compression 
ignited combustion (known as the Diesel cycle) and spark ignited combustion (known as the 
Otto cycle). 

2.1.1. Performance Parameters 

The performance of an engine is not defined by a single variable, instead a whole range of 
parameters such as torque, power, fuel consumption and harmful gas emissions are considered 
in determining an engines performance. Just as there are a lot of parameters to consider when 
determining the performance of an engine, there are plenty of variables which influence this 
performance. These variables include mechanical losses due to friction, the compression ratio, 
the amount of fuel in the air-fuel mixture and the quality of the air-fuel mixture.  
 
Because engines are generally designed around specific operating points, an important goal of 
engine design is to keep cycle-to-cycle variations to a minimum. This means that in-cylinder 
conditions such as swirl and other flow structures are similar over the course of multiple engine 
cycles.  

2.1.2. Swirl 

The flow structures in a cylinder can be classified into different categories: Swirl, the large-
scale rotational motion around the centre axis of a cylinder and tumble, rotational flow 
perpendicular to the vertical axis, are the two main types of which the effects on engine 
performance have been investigated. This report focuses on comparing swirl between different 
cylinders to determine intake manifold performance. 
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This rotational motion is created during the intake stroke and usually persists through all other 
strokes of the engine cycle because angular momentum is conserved during the vertical 
movement of the piston. This swirling motion improves the distribution of fuel through the 
mixture when it is injected at the end of the compression stroke. 
 
The design of the intake port of the cylinder has a significant effect on the nature of the 
rotational motion, with smaller contributions by the geometry of the piston top. As mentioned 
in the previous section, differences in swirl between cylinders can still arise due to different 
flow structures entering the intake ports from the intake manifold. 
 
The swirl number (SN) of a cylinder is generally described as the ratio of the angular 
velocity(ωz) around the cylinder centre axis to the engine velocity (ωengine) and is shown in 
equation (1). The swirl number was defined by G. Thien [8] in 1965.  

 𝑆𝑁 =
𝜔𝑧

𝜔𝑒𝑛𝑔𝑖𝑛𝑒
  (1) 

The way the swirl number is calculated in this study is based on previous work at Scania and is 
shown in the equations below. For a fluid element in a cylinder, the angular momentum around 
the z-axis was calculated using equation (2), where Lz is the angular momentum,  𝜌 is the fluid 
density and V is the fluid volume. The position and velocity of the element are described by (x, 
y) and (u, v) respectively. 

 𝐿𝑧 = ∫ (𝑥𝑣 − 𝑦𝑢)𝜌𝑑𝑉
𝑉

  (2) 

 
To obtain the swirl number, the angular momentum is normalised by the moment of inertia 
and the engine rotational speed using equation (3) to obtain the same relation as shown in 
equation (1). The moment of inertia Izz is obtained by equation (4), where m is the mass of the 
fluid in the cylinder and R is the radius of the cylinder. The N term in equation (3) is the engine 
rotational speed measured in rpm. 

 𝑆𝑁 =
𝐿𝑧/𝐼𝑧𝑧

2𝜋𝑁/60
 (3) 

 𝐼𝑧𝑧 =
1

2
𝑚𝑅2 (4) 

In the static grid simulations, an approximation of the swirl number was calculated using the 
available data. The first simplification is that the angular momentum is measured in a plane 
instead of in a volume, which leads to a modified version of equation (2), which is shown in 
equation (5). In this equation,   �̇� is the mass flow through the plane and A is the surface area 
of the plane. Using equation (3) will result in an approximated swirl number since only a single 
valve lift position is considered in the static grid simulations.  

 𝐿�̇� =  ∫ �̇�(𝑥𝑣 − 𝑦𝑢)𝑑𝐴
𝐴

 (5) 

A more in-depth derivation of the equations above can be found in [9] [10]. 
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2.1.3. Exhaust Gas Recirculation 

To reduce harmful nitrous oxide emissions in internal combustion engines, several 
techniques are employed in current internal combustion engines. One of these techniques is 
exhaust gas recirculation, which recirculates a portion of an engine’s exhaust gas back to the 
engine intake. The main effect of introducing exhaust gases is to lower in-cylinder 
temperatures and O2 concentration, which are key factors in the formation of NOx [11]. To 
improve the heat absorption capabilities of the recirculated flow, the exhaust gases are routed 
through a heat exchanger to lower the gas temperature. 

In typical spark-ignited engines, between 5% and 15% of exhaust gases are recirculated. This 
amount is limited since the recirculated gases have an adverse effect on combustion 
performance by (potentially) disrupting the continuous flame front. Compression based 
(Diesel) engines do not require a continuous flame front and can sustain up to 50% 
recirculation.  

2.2. Computational Fluid Dynamics 

The models used to obtain relevant results are discussed in this section. Firstly, the governing 
equations for the flow in the system are presented, after which the employed turbulence model 
and species transport model are introduced. Lastly, the different discretisation methods are 
described. 

2.2.1. Governing Equations 

The flow inside the intake manifold, ports and cylinders is governed by the compressible 
Navier-Stokes equations, which can be seen in equations below. 

 
𝜕𝜌

𝜕𝑡
+

𝜕

𝜕𝑥𝑗
(𝜌𝑢𝑗  ) = 0  (6) 

 
𝜕𝜌𝑢𝑖

𝜕𝑡
+

𝜕

𝜕𝑥𝑗
(𝜌𝑢𝑖𝑢𝑗) = −

𝜕𝑝

𝜕𝑥𝑖
+

𝜕

𝜕𝑥𝑗
𝜏𝑖𝑗   (7) 

 
𝜕𝜌𝑒0

𝜕𝑡
+

𝜕

𝜕𝑥𝑗
[𝜌𝑢𝑗𝑒0 + 𝑢𝑗𝑝 + 𝑞𝑗 − 𝑢𝑖  𝜏𝑖𝑗] = 0  (8) 

In these equations, ρ is the density, ui is the velocity in the i-direction, p is the static pressure, 
𝜏𝑖𝑗 is the viscous stress tensor, e0 is the total energy and qj is the heat flux. The total energy is 

defined in equation (9), where eI is the internal energy. Furthermore, the ideal gas law is used 
to relate pressure, density and temperature for a given fluid. This relation is shown in equation 
(10), where R is the specific gas constant and T is the temperature. 

 𝑒0 = 𝑒𝐼 +
1

2
𝑢2 (9) 

 𝑝 = 𝜌𝑅𝑇 (10) 
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The viscous stress tensor 𝜏𝑖𝑗 depends on the viscosity µ and the strain rate S following equation 

(11) and (12) for a Newtonian fluid. 

 𝜏𝑖𝑗 = 2𝜇 (𝑆𝑖𝑗 −
1

3
𝑆𝑘𝑘𝛿𝑖𝑗) (11) 

 𝑆𝑖𝑗 =
1

2
(

𝜕𝑢𝑖

𝜕𝑥𝑗
+

𝜕𝑢𝑗

𝜕𝑥𝑖
)  (12) 

 
Directly solving these equations is not currently possible because of computational limitations. 
To decrease computational cost, the velocity components in the Navier-Stokes equations can 
be decomposed into a mean and a fluctuating part. This process, called Reynolds 
decomposition, is the namesake of the resulting Reynolds Averaged Navier-Stokes (RANS) 
equations. The decomposition, shown in equation (13), leads to the closure problem, 
representing the effect of turbulence on the mean flow through the eddy viscosity. Additional 
equations are required to completely solve the system of equations. 

 𝑢 = 𝑢 + 𝑢′ (13) 

One of the most well-known models to deal with the closure problem is the k-ε model, 
developed by Launder and Spalding [12]. The model uses Boussinesq’s assumption for 
isentropic eddy viscosity, which relates the Reynolds stresses to the mean rate of deformation 
[12]. Since this model relies on the assumption that the turbulence is isotropic, this model is 
less accurate when used close to walls or in complex three-dimensional flow structures.   

The v2-f model was developed as a robust alternative to the k-ε model, utilising Durbin’s v2-
f elliptic relaxation concept [13]. This concept substitutes the turbulent kinetic energy equation 
with a velocity scale to model eddy viscosity and combines it with a relaxation function to 
approximate near-wall turbulence anisotropy. This model was in turn improved by the k-ζ -f 
model, which normalises the velocity scale from Durbin’s model with the turbulent kinetic 
energy from the k-ε model [14]. This improves the numerical stability while retaining the model 
performance close to walls and in complex flow structures.  

As mentioned in the previous paragraph, flow behaviour close to walls becomes more 
complex due to smaller flow scales and anisotropic turbulence. A common way to treat near-
wall flow is by applying so-called wall functions, which assume logarithmic behaviour between 
the viscous sublayer and the main flow. In AVL Fire, the recommended method of treating 
near-wall flow is the “Hybrid wall treatment” [15], where the model behaviour is determined 
by the y+-value, a dimensionless distance that describes the grid resolution with respect to the 
surrounding flow conditions using equation (14). 

 𝑦+ =
𝑢∗𝑦

𝜈
 (14) 

 
In this equation, u* is the friction velocity, y is the distance to the wall and ν is the kinematic 

viscosity. This value is used in turbulence models to determine if the boundary layer will be 
modelled using aforementioned wall functions or if it will be treated as a laminar flow. 
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3. Method 

The approach used in this project will be described in three sections, first the numerical model 
including the geometry, meshing parameters, boundary conditions and turbulence model will 
be discussed. This is followed by a set of three verification studies investigating the mesh 
domain and the mesh sensitivity. Lastly, the DOE approach used to compare the different 
methods is explained. 

3.1. Numerical Model 

3.1.1. Geometry and Mesh 

The intake manifold of a 13 litre, spark ignited “Otto” engine consists of two inlets (Fig. 1 and 
Fig. 2), one at the compressor and one coming from the Exhaust Gas Recirculation (EGR) 
system. The flow from the EGR inlet mixes with the main flow through the EGR mixer after 
which the flow is distributed over the six intake ports. Another important geometrical feature 
of the intake manifold is the throttle valve, which is located before the EGR mixer (Fig. 2). A 
hexahedral mesh was generated using a maximum cell size of 4 mm and is refined in the area 
of the EGR mixer and the throttle valve to accurately capture the more detailed features these 
parts. The mesh used two inflation layers with a y+ value of around 30, which is the common 
approach at Scania when executing a DOE for either an intake manifold or a cylinder geometry. 
This means that the near-wall flow will be approximated by the wall functions of the hybrid 
wall treatment. 

 

 
Fig. 1: Overview of the intake manifold geometry for an Otto engine with highlighted inlet (red) and 
EGR mixer (green). 
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Fig. 2: Close up of the intake manifold showing the throttle valve (pink) and EGR mixer (green). 

 
Since only the intake stroke was investigated in this study, the exhaust valves and ports have 
been removed from the cylinder geometry. Furthermore, the intake valves were fixed at a valve 
lift of 14 mm. The swirl value for the cylinder was calculated at a face which is located 8 cm 
from the intake valves and 5 cm from the outlet boundary (Fig. 3, (a)).  The location of this 
plane is arbitrary, however it is imperative that the plane is not too close to either the intake 
valve or the outlet boundary to ensure accurate results. The mesh around the intake valves and 
seats was refined since flow separation can occur in this area (Fig. 3, (b)).  

 
 

Fig. 3: (a): Location of swirl face (red) in cylinder. (b): Refinement around a valve fixed at 14mm valve 
lift. 

To imitate a DOE setup, multiple geometries have been investigated. A modified version of the 
Otto intake manifold (Fig. 1) including a bulge in the manifold between cylinder 3 and cylinder 
4 was created (Fig. 4, (a)). 
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A Diesel intake manifold (Fig. 4, (b)) and two variants of the Diesel manifold (Fig. 5) were 
investigated. Note that the goal was to determine if different simulation methods provide 
similar results in a DOE. 
 

 
Fig. 5: (a): Diesel intake manifold with middle inlet. (b): Modified Diesel intake manifold with a wall in 
the middle. 

3.1.2. Boundary Conditions 

The static grid used a total pressure inlet boundary condition for the inlet from the compressor 
using a pressure of 200 kPa. The inlet from the EGR system was set to a mass inflow of 9.6e-3 
kg s-1 based on available engine data. The inflow temperature was set to 20 degrees Celsius at 
the compressor inlet and 30 degrees at the EGR inlet. The rest of the manifold boundaries were 
set to be a no-slip wall with a constant temperature of 20 degrees Celsius. 

The ports connecting the cylinders to the manifold were also treated as no-slip walls, with a 
constant wall temperature of 90 degrees Celsius. This temperature was chosen because these 
pipes are in the water cooling jacket of the cylinders and thermal simulation results suggested 
that effects resulting from this heating may play a large role in causing the difference in flow 
conditions of each cylinder. 

Lastly, the outflow condition for each of the cylinders was set to either a varying velocity or 
a varying mass flow. The conditions were not constant (except for the steady-state case) and 
were calculated using the piston motion equations (Fig. 6, (a)). The velocity profiles were 
created for a crank angle range of 180 degrees and represent the piston moving from TDC to 
BDC. Since the intake valve opens slightly before TDC and closes after BDC, an extended 
velocity profile was created for a crank angle range of 220 degrees to investigate if this would 
lead to results more closely resembling the moving mesh results. The test shows that this 
extended velocity profile is more accurate at IVO, but is significantly less accurate close to IVC 
(Fig. 6, (b)). Note that the discontinuity in the moving mesh results exists because the cylinder 
is no longer present in the mesh since the valve is almost closed. The results also show that 
both static outflow conditions are lagging behind the moving mesh results close to IVO and 
IVC. This happens because the change in outflow at the boundary of the static grid has to 
propagate up to the ports where the flow rate is measured. 

Fig. 4: (a): Modified Otto intake manifold. (b): Diesel intake manifold without EGR 
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The steady-state cases used a constant mass outflow boundary condition set at 0.06 kg/s on a 
single cylinder. This value is roughly one third of the average mass flow during a transient case 
and was chosen because of stability concerns with higher outflow rates.  

3.1.3. Turbulence Model 

The CFD method used for the static and dynamic simulations is discussed in this section. The 
commercial software AVL Fire was used in this project to carry out the necessary simulations. 

Solver Settings 

All simulations were carried out using the k-ζ-f RANS turbulence model. This model is a 
modified version of the v2-f turbulence model, which itself is a modified version of the k-ε 
model. These models are discussed in more detail in Section 2.2.1. 

The solver used in AVL Fire is based on a pressure based solution of the governing 
equations. The discretisation of the equations is done using the SIMPLE (Semi-Implicit 
Method for Pressure Linked Equations) scheme. To resolve the near-wall flow, the hybrid wall 
treatment model was used. This model is able to resolve a wide range of near-wall grid 
resolutions. All transient simulations were carried out with steps of 1 crank angle degree (CAD) 
where the engine rotational speed is fixed at 1200 rpm. This corresponds to a time step of 55 
ms. 

Static 

In the static method (no moving mesh parts) the spatial discretisation of the momentum 
equation was implemented using a second order scheme called MINMOD Relaxed. The 
discretisation of the continuity equation was done using the central differencing scheme and 
the turbulence, energy and scalar equations were discretised using the first order upwind 
scheme. 

Convergence criteria were defined using the normalised residuals for the continuity and 
momentum equation, which were converged below 1e-2. This level of convergence is  common 
in DOE setup at Scania. Transient simulations were limited to a minimum of 3 and a maximum 
of 30 iterations per time step. 

Fig. 6: (a): Varying velocity flow boundary condition. (b): Comparison of mass flow through cylinder 
1 intake port with boundary conditions (blue) from figure (a) to an extended velocity profile including 
backflow (red) and moving mesh results (yellow). 
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To get a stable representation of the flow through the system, four engine cycles of 720 
degrees of crank angle rotation were simulated. The data collected in the last of these four 
cycles was used to compare the results between different simulation setups. 

Dynamic 

The dynamic simulation used an identical setup to the static method with regard to 
discretisation and convergence criteria. As described earlier, cylinders are added to the mesh 
when the intake valve opens (Fig. 7). At all points during the simulation, there were at most 
two different cylinders present in the geometry. The firing order of the cylinders was as follows: 
cylinder 6 – cylinder 2 – cylinder 4 – cylinder 1 – cylinder 5 – cylinder 3. Cylinder 1 
corresponds to the cylinder closest to the manifold inlet and cylinder 6 is positioned at the end 
of the manifold. 

 

 
Fig. 7: Dynamic mesh geometry for a crank angle of 1 degree, showing cylinder 6 just after IVO. 

3.2. Verification Studies 

A domain mesh sensitivity study has been carried out for the Otto intake manifold geometry 
and a mesh sensitivity study has been carried out for the static Otto intake manifold geometry. 
Note that no validation is possible at this time since in-engine measurements of, for example, 
swirl and pump work are not available. Since the dynamic mesh has the potential to be a very 
close representation of the conditions inside the engine, this model is assumed to be the best 
approximation of reality. 
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3.2.1. Domain Sensitivity 

To verify that the outflow boundary condition does 
not affect the swirl value which is calculated using a 
plane in the cylinder (Fig. 3, (a)) the domain was 
extended to position the outflow boundary further 
away from the swirl plane. The domain sensitivity was 
checked using the static grid in a transient simulation 
with a fixed valve lift of 14 mm. A volume outflow 
boundary condition was used and a thermal boundary 
condition was applied to the intake ports. The 
standard grid extends 5 cm from the swirl plane and 
the extended grid extends 10 cm from the swirl plane 
(Fig. 8). 

The results of the domain sensitivity study (Fig. 9) 
show that the size of the cylinder domain does have an 
effect on the results. However, a larger cylinder 
domain also increases the pressure drop and alters 
the temperature distribution. Since both the standard 
and the extended domain show similar trends, albeit 
with a noticeable difference in cylinder 5, the standard 
domain was considered sufficient.  

 
Fig. 9: Swirl distribution for a standard and extended cylinder domain for the Otto geometry in a 
transient simulation with volume outflow. 

 
 

Fig. 8: Domain sensitivity geometry 
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3.2.2. Mesh Sensitivity 

A mesh sensitivity study was carried out for the static and dynamic grid of the Otto intake 
manifold. The grids for the modified geometries are not studied, because the geometry of the 
intake ports and cylinders is the same for the modified geometries.  

Static 

A mesh sensitivity study for the static mesh of the Otto intake manifold was carried out using 
a transient simulation with a volume outflow condition and a fixed valve lift of 14 mm. No 
thermal boundary conditions were applied to the intake ports or the EGR inlet. The outflow 
boundary condition for each cylinder matches with its respective intake stroke (Fig. 6). 
Average swirl number and pump work for each cylinder was compared for the different grids 
as well as the difference between the maximum and minimum value. 

Four different grids of hexahedral-dominant cells were created using AVL Fame Hexa and 
compared using the metrics described earlier. Mesh size was regulated using the global cell 
size, with each mesh having the same refinement rules applied to it. An overview of the 
different meshes is provided, where each mesh uses a y+ value larger than 30 (Tab. 1). 

 
Tab. 1: Mesh details for the Otto intake manifold geometry. 

Mesh Cell size [mm] Number of elements 

1 7 2.37 million 

2 4  8.70 million 

3 2.8 15.12 million 

4 2 37.36 million 

 
  
The average swirl coefficient of all the cylinders as well as the range (maximum swirl minus 
minimum swirl) was compared (Tab. 2). As can be seen Mesh 2, 3 and 4 all show very similar 
results, but the range of swirl coefficients between different cylinders seems to increase. 
However, when swirl numbers for each cylinder are compared for each mesh the difference in 
swirl coefficient between meshes 2, 3 and 4 turns out to be 0.08.  

 
Tab. 2: Comparison of swirl numbers for the different meshes. 

Mesh Average SN Max – min SN 

1 1.742 0.183 

2 1.994 0.098 

3 1.937 0.149 

4 1.973 0.207 

 
Since the deviation from the mean is important in designing an intake manifold, a 

comparison of the difference in normalised swirl number was made (Fig. 10). The results show 
that mesh 2, 3 and 4 all show the same trend, but also that there is a noticeable difference 
between the different grids.  

Average pump work on the outlet of each cylinder in the static grid was compared (Tab. 3) 
and doesn’t show a significant difference between all the meshes. Based on the results  of this 
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study, mesh 2 was chosen for further calculations. Since the difference between the minimum 
and maximum  swirl coefficient was not covered  as accurately by this mesh, a refinement in 
the intake port and cylinder area has been added to improve the resolution (Fig. 10). 

 
Tab. 3: Comparison of pump work. 

Mesh Average work [J] Max – min work [J] 

1 383.7 3.935 

2 385.6 4.437 

3 384.9 4.927 

4 384.8 4.762 

 

 
Fig. 10: Difference in swirl number across cylinders, static grid. 

Dynamic  

Two different grids were used in a dynamic grid simulation of the normal Otto geometry to 
check if the maximum cell size that was deemed appropriate in the static case would also be 
sufficient in a dynamic environment. The grids had a maximum cell size of 4 mm and 3 mm 
respectively. 

The resulting swirl numbers were compared (Tab. 4), where only a minor difference 
between the two meshes can be seen. Since this work was focused on differences between 
cylinders, the normalised swirl number was calculated for each cylinder (Fig. 11). The results 
clearly show that while the results (Tab. 4) indicate that the average, the maximum and the 
minimum are captured correctly, there is still a notable difference between the two meshes in 
the other cylinders. However, since the goal in designing an intake manifold is to reduce 
deviation in flow parameters between cylinders, the main focus is on bringing the outliers 
closer to the average. This means that, in a DOE, the focus is on minimising the difference 
between the maximum and the minimum value. Considering that mesh 1 shows a nearly 
identical minimum and maximum, this mesh was deemed sufficient for this study. 

 



 

15 
 

Tab. 4: Comparison of swirl number for a dynamic geometry 

Mesh Avg. SN[-] Max – min SN 

1 1.387 0.265 

2 1.377 0.262 

 
 

 

 
Fig. 11: Difference in swirl number between cylinders. Blue is the coarse mesh and red is the refined 
mesh. 

3.3. Design of Experiments 

The main method to compare the different simulation methods was a comparison of the 
different geometries by means of a mock DOE. The goal of this was to ascertain if each 
simulation method predicts the same results when used in a DOE where the focus is on the 
differences in flow parameters between cylinders. 

The difference between cylinders of four parameters was used in this DOE, namely the 
difference in in-cylinder air mass,  pressure drop, normalised swirl number and pump work. 
The value of each of these parameters was obtained at IVC and the difference was obtained by 
subtracting the  lowest value from the highest value. The pressure drop was calculated by 
subtracting the average in-cylinder pressure from the compressor inlet pressure. The “best” 
geometry in the mock DOE is characterised by the lowest difference between cylinders for the 
four parameters.  

To be able to compare the results of the steady-state simulation method with the transient 
and moving mesh results, the results of six steady-state simulations were combined. Each of 
these six simulations uses a different cylinder for its outflow boundary condition. Steady-state 
simulations were only carried out for the two Otto geometries. To compare the four different 
simulation methods, the results for a pair of parameters (for example: difference in swirl and 
pressure drop) are grouped in a single figure with the results of the four methods presented in 
subfigures.   



 

16 
 

4. Results 

The results are presented in two parts, first the available simulation results obtained with the 
four different methods geometries are compared in a DOE setting with five different 
geometries. Next, more detailed results are presented, highlighting results that are unique to a 
specific method or geometry. 

In all the results presented for the mock DOE, the ‘best’ geometry has the least variation in 
flow parameters and is thus located in the bottom left of the figure. To start, a comparison 
between the difference in total mass entering the cylinders and the pressure drop at IVC was 
made (Fig. 12). 

 

 
Fig. 12: A comparison of the maximum difference between cylinders in mass and pressure drop. 

One of the first things to notice is the fact that the difference between cylinders in the steady-
state simulations is negligible, which makes it impossible to compare the two Otto geometries 
with the other results. Furthermore, the results from each of the transient and moving mesh 
methods are distinctly different, but when focusing on only Otto or only Diesel geometries, the 
same geometries perform best. Every method shows that the modified Otto geometry and the 
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Diesel geometry with middle inlet provide the lowest difference between cylinders. The Diesel 
geometry results show a peculiarity, where the results from the normal geometry and the 
geometry with the middle wall have switched positions in the dynamic method results. 

 

 
Fig. 13: A comparison of the maximum difference between cylinders in swirl number and the difference 
in in-cylinder air mass. 

A noticeable difference in swirl can be seen for the steady-state simulations (Fig. 13), showing 
similar results to the transient, static grid simulations. Compared to the static grid results, the 
moving mesh shows a significantly different result for the normal Diesel geometry. This 
aberrant result is also visible in the comparison of pressure drop difference and  normalised 
swirl number (Fig. 14). Again, the results from the normal Diesel and middle wall Diesel 
geometry are the opposite of the static grid results, as well as showing a significantly lower 
difference in normalised swirl number. 
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Fig. 14: A comparison between cylinders of the difference in swirl and the difference in pressure drop. 

Lastly, a comparison was made with the difference in total pump work in each cylinder (Fig. 
15). The effect of using a mass outflow boundary condition as opposed to using a volume 
outflow boundary condition is clearly visible.  
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Fig. 15: A comparison between cylinders of the difference in swirl and the difference in pump work. 

To get a better understanding of the differences between the models, some variables are 
compared for single geometries. First, the difference in (normalised) CO2 mass fraction is 
compared for the two Otto geometries (Fig. 16 and Fig. 17) as a measure of the EGR levels in 
each cylinder. Note that the absolute values for the in-cylinder CO2 mass fraction was 
comparable for all the transient simulations but was twice as high in the steady-state 
simulation.  The results also show that while the normal Otto geometry has a good agreement 
in CO2 distribution (excluding the steady-state results), the modified Otto geometry displays a 
discernible difference between the different methods. 
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Fig. 16: Comparison of normalised CO2 mass fraction for the normal Otto geometry 

  

 
Fig. 17: Comparison of normalised CO2 mass fraction for the modified Otto geometry. 

The next flow parameter to be investigated is the swirl number in the normal Otto and normal 
Diesel geometry. The biggest visible difference is that while the static grid predicts a lower 
(normalised) variation in swirl number for the Otto geometry, the opposite is true for the Diesel 
geometry. In addition to this, the normalised dynamic mesh swirl number is in the same range 
for both of these geometries. The absolute swirl number is significantly higher for the Otto 
geometry, particularly for the transient methods.  
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Fig. 18: Swirl comparison for the normal Otto geometry 

 
Fig. 19: Swirl comparison, normal Diesel geometry. 

Lastly, the total pump work for the intake stroke is compared for the Diesel geometry (Fig.  
20). The results show a good agreement between the transient volume method and the 
dynamic method, with the transient mass model providing consistently lower values than the 
dynamic method and the transient volume method showing consistently higher values. 
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Fig.  20: Pump work comparison for the normal Diesel geometry.  
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5. Discussion 

The discussion is divided into the same two parts as the results, first discussing the mock DOE 
and then focusing on the detailed results. 

The first issue to consider is the fact that the different simulation methods provide different 
‘optimal’ results in the mock DOE (Fig. 12 through Fig. 15). Focusing on the steady-state 
results, it is clear that this method is not viable to determine differences in flow variables 
between cylinders. The differences between the various geometries are simply not significant 
enough to arrive at a reliable victor in a DOE setting. The only variable that shows a noticeable 
difference is the normalised swirl number. A closer inspection of the distribution of the 
normalised swirl number (Fig. 18), makes it clear that the steady-state approach shows much 
smaller differences when comparing to the other simulation methods. The steady-state 
approach does show potential when investigating absolute flow quantities instead of relative 
differences between cylinders, as has been shown by Pai et al. [7] and Shojaeefard et al. [3]. 
This has not been verified in the present study due to the applied low mass outflow condition, 
which was necessary due to stability concerns when applying the average mass outflow over 
the total intake stroke.  

Other static grid methods, both transient with volume outflow and transient with mass 
outflow, are mostly in agreement with each other in the mock DOE, both showing the same 
‘best’ geometry when looking at the Otto and Diesel geometries separately. Compared to the 
dynamic method, both transient method perform well for the Otto geometries but show 
different results for the Diesel geometries. Most notably, the static grid methods show that the 
Diesel geometry with the middle wall performs better than the normal Diesel geometry (Fig. 
14), while the dynamic method predicts the opposite. Considering the difference in pump work 
for the transient methods (Fig. 15), the prescribed mass flow and temperature at the outlet 
boundary combined with using the ideal gas law to calculate flow properties always yield 
roughly the same absolute pressure and temperature. This means that the pump work 
prediction for the transient simulation with a mass outflow boundary is fixed and thus 
meaningless in this comparison. The difference in swirl number between cylinders, compared 
to the dynamic method, is also much larger in the static grid, transient methods of the Diesel 
manifold (Fig. 19), while the opposite is shown to be true for the Otto manifold (Fig. 18). Of 
the two considered transient methods, the volume outflow boundary condition when looking 
at pressure drop and pump work (Fig. 13 and Fig. 15), which makes it the best approximation 
of the dynamic results. 

EGR mass fractions for the different cylinders in the normal Otto manifold show a good 
agreement (Fig. 16) between the static grid methods and the moving grid methods. The results 
for the modified geometry (Fig. 17) show a larger difference, casting doubt over the accuracy 
of the static grid when comparing EGR distribution between cylinders. One thing to note is 
that the assumption of a constant EGR mass flow is incorrect, since the EGR flow follows the 
pulsatile behaviour caused by the engine cycle. 

Overall, there is no clear agreement between any of the methods when comparing to the 
dynamic method. Some perform better in certain area’s than others, but a good agreement in 
one geometry does not guarantee similar performance in the next geometry. This makes it 
unsuitable to recommend any of the tested methods for use in large scale optimisation studies 
when considering the results of this study. There are multiple areas which together could have 
contributed to the inconsistency of the tested methods. One concern is the quality of the mesh 
and the utilisation of inflation layer cells with a high y+ value. Areas with high velocities, such 
as the bend from the intake manifold to the intake port in the Otto geometry (Fig. 1), are 
among the first that can suffer from the low-resolution approach taken in this study. Using low 
y+ inflation layers may provide different results, but may also lead to problems with high 
aspect ratio mesh cells and increases the computational cost. Another indication of possible 
issues with the current grid is the fact that each simulated crank angle degree needed between 
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10 and 25 iterations to reach a converged solution with the convergence level of 1e-2 for the 
normalised residuals. Lowering the convergence criteria and decreasing the crank angle step 
used may be a way to improve the results at the cost of a higher computational time. Some 
differences between the static and dynamic grid are always to be expected, since only a single 
valve lift position can be considered at a time when creating a static grid. All of these changes 
require more computational time, creating a trade-off between simulation accuracy and 
computational time which has to be considered when setting up the DOE.  

The utilised turbulence model is also a possible cause of the differences between the 
methods and might invalidate the choice to compare the static grid methods with the dynamic 
grid. The inaccuracy of RANS models when modelling turbulence anisotropy could cause 
inaccurate swirl predictions. Scale resolving models such as LES could improve the accuracy 
of the model that is compared against and provide a proper validation substitute since no 
experimental data is available. 

As has been discussed in previous studies, using absolute flow quantities in the intake ports 
to improve intake manifold designs is a good approach [7, 3]. A comparison of the cylinder 
pump work (Fig.  20) shows that the transient method with volume outflow and the dynamic 
method show good agreement in terms of absolute flow quantities and also shows that there is 
very little difference between the cylinders. This means that based on the optimisation 
objective, the considered computational grid and setup can be unnecessarily complex.  
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6. Conclusion 

The main aim of this work was to develop a method for executing large scale intake manifold 
optimisation. Several methods and computational grids have been tested in a mock DOE to 
establish if one of the tested methods is both accurate enough and has a low enough 
computational cost to be viable in a DOE setting. The main variables that were compared were 
the differences in various flow parameters between the different cylinders of the intake 
manifold. Over the course of this study the dynamic grid has been assumed to be the most 
accurate depiction of real in-cylinder flow. 

The results of the mock DOE show that no method performs well enough to be used in 
further studies when comparing differences between cylinders. The static grids all showed 
significantly different results compared to the dynamic method and the dynamic method itself 
is not fit for use in a DOE due to its high computational cost. One of the possible causes for this 
is the applied meshing methodology with high y+ values and relatively large cell sizes. It is also 
possible to further improve the dynamic case which is used for comparison. The current 
methodology for the moving mesh also employs the previously mentioned mesh methodology 
and uses RANS modelling to resolve turbulence. Changing the mesh methodology and using a 
turbulence model which is better suited to predict anisotropic turbulence, such as a scale 
resolving model, is likely to lead to improved swirl prediction. 

While the different models did not provide similar results in terms of differences between 
cylinders, the absolute values of flow quantities did show good agreement. Of the tested 
methods, the transient simulation with a volume outflow boundary condition showed the 
closest resemblance to the dynamic grid transient simulation. Using this method in a DOE 
optimising for absolute values of flow quantities in the different cylinders is therefore possible.  

Compared to previous optimisation studies, adding the cylinder geometry to the mesh has 
allowed for flow parameters like swirl number to be considered, but further study is required 
to establish the reliability of the simulation model.  
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7. Outlook 

There are multiple avenues to explore based on the results provided in this study. The main 
concerns posed in this work are the accuracy of the computational grid and the employed 
turbulence model. Testing a low y+ grid may lead to more consistent results across the different 
simulation methods. The previously discussed convergence issues could also be remediated by 
applying this approach. Further lowering the convergence criteria will also improve the 
solution accuracy, however both of these changes must be treated with care as keeping the 
computational cost low is worth sacrificing some degree of accuracy for. In general, it is 
recommended to use the current approach when comparing the absolute in-cylinder flow 
quantities and to use the proposed improvements when considering the differences between 
cylinders. 

Using a scale resolving model instead of a RANS approach is recommended to improve the 
accuracy of the tested dynamic grid. This improved accuracy can help provide a reliable 
baseline against which other models can be tested. Validating this dynamic method using in-
engine measurements is recommended, but unfortunately experimental data of this kind is not 
available at this point in time. 

Expanding on the application of a dynamic grid for an intake manifold and cylinders 
assembly, combining this approach with a combustion model and adding exhaust ports to the 
mesh can give valuable insight into the effect of the in-cylinder flow prediction on the engine 
performance. Abdullah et al. [6] mention that a model like this including the combustion 
process has the potential to greatly reduce the reliance on experimental test rigs when 
designing a new engine. In the context of this work, it would also be useful to compare the 
results of a 3D dynamic grid with a 1D model to improve the accuracy of models such as the 
one used by Pai et al. [7]. 

This also leads to the last recommendation which concerns the employed boundary 
conditions in this study. Applying simulation results for the compressor and EGR assembly to 
the different inlet boundaries in the models used in this study are another way to improve the 
accuracy of the results. 
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8. Perspectives 

 
Over a century of development in the field of internal combustion engines has had a profound 
effect on daily life. Without these engines, the society and economy as they are today would 
not be possible. This massive technological advancement did not come without downsides, 
since harmful gases are produced in the operation of an internal combustion engine. The 
emission of CO2, NOx, CO and soot particles impacts the environment which can lead to 
health problems, especially in heavily urbanised areas. On a global scale, the emission of CO2 
is one of the main greenhouse gases that are the cause of climate  change. The main effects of 
this change in climate are a rise in the average global temperature and a rising sea level due 
to melting ice caps.  

Over the years, a significant amount of resources have been put into improving the internal 
combustion engine. Increasing the efficiency of an engine can reduce the fuel consumption, 
which makes it cheaper to operate and therefore easier to market to consumers. More recently, 
the emission of harmful gases has been regulated by law, making it impossible to sell engines 
that produce a high concentration of these gases in an effort to reduce the effect of internal 
combustion engines on the environment. In recent years CFD has been a major tool in reducing 
the need for prototype engines and provides the opportunity to test multiple designs before a 
prototype is made. Since combustion engines are complex machines with many different parts, 
optimisation using CFD is generally limited to single parts of the engine. Optimisation of the 
combustion process in the engine is usually done by investigating a single cylinder, thus 
assuming similar flow conditions in all cylinders. The method discussed in this study can aid 
in the process of developing a more efficient engine by improving the flow conditions inside 
the different cylinders. It also provides a start to create more complex CFD models of an engine, 
including multiple components. In the future, these complex CFD models can be used to 
further improve engine efficiency to minimise the environmental impact of engines even more.  
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